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Abstract



The development of four-stroke, spark-ignition engines that are designed to inject gasoline directly into the combustion chamber is an important worldwide initiative of the automotive industry. The thermodynamic potential of such engines for significantly enhanced fuel economy, transient response and cold-start hydrocarbon emission levels has led to a large number of research and development projects that have the goal of understanding, developing and optimizing gasoline direct-injection (GDI) combustion systems. The processes of fuel injection, spray atomization and vaporization, charge cooling, mixture preparation and the control of in-cylinder air motion are all being actively researched, and this work is reviewed in detail and analyzed. The new technologies such as high-pressure, common-rail, gasoline injection systems and swirl-atomizing gasoline fuel injectors are discussed in detail, as these technologies, along with computer control capabilities, have enabled the current new examination of an old objective; the direct-injection, stratified-charge (DISC), gasoline engine. The prior work on DISC engines that is relevant to current GDI engine development is also reviewed and discussed. The fuel economy and emission data for actual engine configurations are of significant importance to engine researchers and developers. These data have been obtained and assembled for all of the available GDI literature, and are reviewed and discussed in detail. The types of GDI engines are arranged in four classifications of decreasing complexity, and the advantages and disadvantages of each class are noted and explained. Emphasis is placed upon consensus trends and conclusions that are evident when taken as a whole. Thus the GDI researcher is informed regarding the degree to which engine volumetric efficiency and compression ratio can be increased under optimized conditions, and as to the extent to which unburned hydrocarbon (UBHC), NOx and particulate emissions can be minimized for specific combustion strategies. The critical area of GDI fuel injector deposits and the associated effect on spray geometry and engine performance degradation are reviewed, and important system guidelines for minimizing deposition rates and deposit effects are presented. The capabilities and limitations of emission control techniques and aftertreatment hardware are reviewed in depth, and areas of consensus on attaining European, Japanese and North American emission standards are compiled and discussed. All known research, prototype and production GDI engines worldwide are reviewed as to performance, emissions and fuel economy advantages, and for areas requiting further development. The engine schematics, control diagrams and specifications are compiled, and the emission control strategies are illustrated and discussed. The influence of lean-NOx catalysts on the development of late-injection, stratified-charge GDI engines is reviewed, and the relative merits of lean-burn, homogeneous, direct-injection engines as an option requiting less control complexity are analyzed. All current information in the literature is used as the basis for discussing the future development of automotive GDI engines. © 1999 Elsevier Science Ltd. All rights reserved. Keywords: Automotive; Four stroke; Gasoline; Direct injection; Spark ignition; Engine
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Nomenclature



ATDC BDC BMEP BSFC BSU BTDC CAFE CC CCD CFD CIDI CO COV CVCC CVT D32 DI DISC DISI DMI DOHC DV10 DV90 EFI EGT EGR EOI FID GDI HC IDI IMEP IPTV ISFC kPa LDA LDV LEV LIF MAP MBT MCP MPa MPI NO NOx OEM PDA PFI PIV PLIF PROCO SCRC



after top dead center bottom dead center brake mean effective pressure brake specific fuel consumption Bosch smoke unit before top dead center corporate average fuel economy close-coupled charge-coupled device computational fluid dynamics compression-ignition direct-injection carbon monoxide coefficient of variation compound vortex combustion chamber continuously variable transmission Sauter mean diameter of a fuel spray direct-injection direct-injection stratified-charge direct-injection spark-ignited direct mixture injection dual overhead cam spray droplet size for which 10% of the fuel volume is in smaller droplets spray droplet size for which 90% of the fuel volume is in smaller droplets electronic fuel injection exhaust gas temperature exhaust gas recirculation end of injection flame ionization detector gasoline direct injection hydrocarbon indirect injection indicated mean effective pressure incidents per thousand vehicles indicated specific fuel consumption kilopascal laser Doppler anemometry laser Doppler velocimetry low-emission-vehicle emission standard laser-induced fluorescence manifold absolute pressure maximum brake torque Mitsubishi combustion process megapascal multi-point port injection nitrous oxide nitric oxides original equipment manufacturer phase Doppler anemometry port fuel injected particle imaging velocimetry planar laser-induced fluorescence Ford programmed combustion control system stratified charge rotary combustion
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swirl control valve spark ignition spark-ignited direct-injection Sauter mean diameter of a fuel spray single overhead cam start of injection super ULEV Texaco controlled combustion system top dead center three-way catalyst unburned hydrocarbons ultra-low-emission-vehicle emission standard variable valve timing variable valve timing--intelligent (Toyota) wide open throttle.



Various acronyms f o r gasoline direct injection technology that are encountered in the worldwide literature



DGI DIG DI-G DISI GDI G-DI SIDI



direct gasoline injection direct injection gasoline direct injection gasoline direct-injection spark-ignited gasoline direct injection gasoline direct injection spark-ignited direct-injection



1. Introduction 1.1. Overview



With the increasing emphasis on achieving substantial improvements in automotive fuel economy, automotive engineers are striving to develop engines having enhanced brake-specific fuel consumption (BSFC), and which can also comply with future stringent emission requirements. The BSFC, and hence the fuel economy, of the compression-ignition, direct-injection (CIDI), diesel engine is superior to that of the port-fuel-injected (PFI) spark-ignition engine, mainly due to the use of a significantly higher compression ratio, coupled with unthrottled operation. The diesel engine, however, generally exhibits a higher noise level, a more limited speed range, diminished startability, and higher particulate and NOx emissions than the spark ignition (SI) engine. Over the past two decades, attempts have been made to develop an internal combustion engine for automotive applications that combines the best features of the SI and the diesel engines. The objective has been to combine the specific power of the gasoline engine with the efficiency of the diesel engine at part load. Such an engine would exhibit a BSFC approaching that of the diesel engine, while maintaining the operating characteristics and specific power output of the SI engine. Research has indicated that a promising candidate for achieving this goal is a direct-injection, four-stroke, sparkignition engine that does not throttle the inlet mixture to



control the load. In this engine, a fuel spray plume is injected directly into the cylinder, generating a fuel-air mixture with an ignitable composition at the spark gap at the time of ignition. This class of engine is designated as a direct-injection, stratified-charge (DISC) engine. This engine type generally exhibits an improved tolerance for fuels of lower octane number and driveability index, and a significant segment of the early work on prototype DISC engines focused on the inherent multi-fuel capability [1-3]. In a manner similar to that of the diesel, the power output of this engine is controlled by varying the amount of fuel that is injected into the cylinder. The induction air is not significantly throttled, thus minimizing the negative work of the pumping loop of the cycle. By using a spark plug to ignite the fuel as it mixes with air, the engine is provided with direct ignition, thus avoiding many of the requirements of autoignition quality that are inherent in fuels for the diesel engine. Furthermore, by means of the relative alignment of the spark plug and the fuel injector, overall ultra-lean-operation may be achieved, thus yielding an enhanced BSFC [48]. From a historical perspective, interest in these significant benefits has promoted a number of important investigations of the potential of DISC engines. Several detailed combustion strategies were proposed and implemented, including the Texaco Controlled Combustion System (TCCS) [9], MAN-FM of Maschinenfabrik Auguburg-Nurnberg [1012], and the Ford programmed combustion (PROCO) system [13,14]. These earlier systems were based upon
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engines having two valves per cylinder, with a bowl-inpiston combustion chamber. Late injection was achieved by utilizing a mechanical pump-line-nozzle fuel injection system from a diesel engine application. Unthrottled operation was obtained throughout most of the load range, with a BSFC that was competitive with an indirect-injection (IDI) diesel engine. A major drawback was that late injection timing was maintained even at full load due to the limitations of the mechanical fuel injection system. This provided smoke-limited combustion for air-fuel ratios richer than 20:1. The necessity of using diesel fuel injection equipment, coupled with the need for a turbocharger to provide adequate power output culminated in an engine that had cost and performance characteristics that were similar to those of a diesel engine, but which had poor part-load unburned hydrocarbon (UBHC) emissions. The combination of relatively poor air utilization and the use of fuel injection equipment that was limited in speed range meant that the engine specific power output was quite low. A discussion of the geometric configuration of these early systems is given in Section 6.1. Many of the basic limitations that were encountered in the earlier work on DISC engines can now be circumvented. This is particularly true for the significant control limitations that existed for the direct-injection (DI) injectors of 15 years ago. New technologies and computer-control strategies are currently being invoked by a number of automotive companies to reexamine the extent to which the potential benefits of the gasoline direct injection (GDI) engine can be realized in production engines [15-37,276-288,303,306, 318]. These engines and combustion strategies are discussed in detail in Sections 6.2-6.17. The information in this document will provide the reader with a comprehensive review of the mixture dynamics and combustion control strategies that may be utilized in fourstroke, spark-ignited, direct-injection, gasoline engines. The current state of knowledge, as exhibited in more than 370 key publications, many of which remain untranslated into English, is discussed in detail, and the critical research and development needs for the near future are identified. 1.2. Key potential benefits: GDI engine versus PFI engine



The major difference between the PFI engine and the GDI engine is in the mixture preparation strategies, which are illustrated schematically in Fig. 1. In the PFI engine, fuel is injected into the intake port of each cylinder, and there is an associated time lag between the injection event and the induction of the fuel and air into the cylinder. The vast majority of current automotive PFI engines utilize timed fuel injection onto the back of the intake valve when the intake valve is closed. During cranking and cold starting, a transient film, or puddle, of liquid fuel forms in the intake valve area of the port. This causes a fuel delivery delay and an associated inherent metering error due to partial vaporization, making it necessary to supply amounts of fuel that
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Injector



\



PFI



Injector
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Fig. 1. Comparison of the PFI [375] and GDI [42] mixture preparation systems. significantly exceed that required for the ideal stoichiometric ratio. This puddling and time lag may cause the engine to either misfire or experience a partial burn on the first 4 - 1 0 cycles, with an associated significant increase in the UBHC emissions. Alternatively, injecting fuel directly into the engine cylinder totally avoids the problems associated with fuel wall wetting in the port, while providing enhanced control of the metered fuel for each combustion event, as well as a reduction in the fuel transport time. The actual mass of fuel entering the cylinder on a given cycle can thus be more accurately controlled with direct injection than with PFI. The GDI engine offers the potential for leaner combustion, less cylinder-to-cylinder variation in the airfuel ratio and lower operating BSFC values. The UBHC emissions during a cold start are also potentially lower with direct injection, and the engine transient response can be enhanced. As a result of the higher operating fuel pressure of the GDI system, the fuel entering the cylinder is much better atomized than that of the PFI system, particularly under cold operating conditions, thus yielding much higher rates of fuel vaporization. The mean drop size is typically 16 microns SMD as compared to 120 microns SMD with the PFI system. It is important to note, however, that injection of fuel directly into the cylinder is not a guarantee that fuel film problems are not present. The wetting of piston crowns or other combustion chamber surfaces,
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Fig. 2. Comparison of the fuel quantity required to start GDI and PFI engines at different ambient temperatures [41]. whether intentional or unintentional, does introduce the important variable of transient wall film formation and evaporation. The GDI concept does indeed offer many opportunities for circumventing the basic limitations of the PFI engine, particularly those associated with port wall wetting. The fuel film in the intake port of a PFI engine acts as an integrating capacitor, and the engine actually operates on fuel inaccurately metered from the pool in the film, not from the current fuel being accurately metered by the injector [38]. During a cold start, the fuel from more than 10 cycles must be injected to achieve a steady, oscillatory film of liquid fuel in the intake port. This means that the cold PFI engine does not fire or start on the first few cycles, even though fuel is being repetitively injected into the film pool. Control algorithms must be used to provide significant over-fueling if acceptable PFI start times are to be achieved, even though the catalyst temperature is below the light-off threshold at this condition and UBHC emissions will be increased. Thus it is not unusual for PFI systems to generate 90% of the total UBHC emissions in the US FTP emission test within the first 90 s [39]. The direct injection of gasoline into the cylinder of a fourstroke, gasoline, spark-ignition engine eliminates the integrating fuel film in the intake port. It is well established that the direct injection of gasoline with little or no cold enrichment can provide starts on the second cranking cycle [40], and can exhibit significant reductions in UBHC spikes during load transients. An excellent example of the comparison of the fuel quantity required to start GDI and PFI engines is provided in Fig. 2 [41]. It is quite evident that the GDI engine requires much less fuel to start the engine, and that this difference in the minimum fuel requirement becomes larger as the ambient temperature decreases. Another limitation of the PFI engine is the requirement of throttling for basic load control. Even though throttling is a well-established and reliable mechanism of load control in the PFI engine, the thermodynamic loss associated with throttling is substantial. Any system that utilizes throttling



to adjust load levels will experience the thermodynamic loss that is associated with this pumping loop, and will exhibit thermal efficiency degradation at low levels of engine load. Current advanced PFI engines still utilize, and will continue to require, throttling for basic load control. They also have, and will continue to have, an operating film of liquid fuel in the intake port. These two basic PFI operating requirements represent major impediments to achieving significant breakthroughs in PFI fuel economy or emissions. Continuous incremental improvements in the older PFI technology will be made, but it is unlikely that the long-range fuel economy and emission objectives can be simultaneously achieved. The GDI engine, in theory, has neither of these two significant limitations, nor the performance boundaries that are associated with them. The theoretical advantages of the GDI engine over the contemporary PFI engine are summarized as follows, along with the enabling mechanism: • Improved fuel economy (up to 25% potential improvement, depending on test cycle resulting from: o less pumping loss (unthrottled, stratified mode); o less heat losses (unthrottled, stratified mode); o higher compression ratio (charge cooling with injection during induction); o lower octane requirement (charge cooling with injection during induction); o increased volumetric efficiency (charge cooling with injection during induction); o fuel cutoff during vehicle deceleration (no manifold film). • Improved transient response. o less acceleration-enrichment required (no manifold film). • More precise air-fuel ratio control. o more rapid starting; o less cold-start over-fueling required. • Extended EGR tolerance limit (to minimize the use of throttling). • Selective emissions advantages. o reduced cold-start UBHC emissions; o reduced C O 2 emissions. • Enhanced potential for system optimization. The significantly higher injection pressures used in common-rail GDI injection systems as compared to PFI fuel systems increase both the degree of fuel atomization and the fuel vaporization rate, and, as a result, it is possible to achieve stable combustion from the first or second injection cycle without supplying excess fuel. Therefore, GDI engines have the potential of achieving cold-start UBHC emissions that can approach the level observed for steady
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running conditions. Takagi [23] reported that the cold-start UBHC emissions obtained with the Nissan prototype GDI engine are approximately 30% lower than that of an optimized PFI engine under comparable conditions. Another potential advantage of the GDI engine is the option of using fuel cutoff on deceleration. If implemented successfully, fuel cutoff can provide additional incremental improvements in both fuel economy and engine-out UBHC emission levels. For the PFI engine, which operates from an established film of fuel in the intake port, the cutoff of fuel during vehicle deceleration is not a viable option, as it causes a reduction or elimination of the liquid fuel film in the port. This generates very lean mixtures in the combustion chamber for a few cycles following the restoration of the load, generally resulting in an engine misfire. It should be noted that design engineers, managers and researchers who must evaluate and prioritize the published information on the advantages of GDI engines over PFI engines should be aware of one area of data comparison and reporting that is disconcerting. In many papers the GDI performance is compared to PFI baselines that are not well defined, thus making it very difficult for the reader to make a direct engineering comparison between GDI and PFI performance. One extreme example is the comparison of GDI and PFI fuel economy data that was obtained using two different vehicles with two different inertial weights. An example of a more subtle difference is the evaluation of the BSFC reduction resulting from the complete elimination of throttling in a GDI engine, but not noting or subtracting the parasitic loss of a vacuum pump that would have to be added for braking and other functions. A number of published comparisons lie between these two extremes. The readers are cautioned to review all claims of comparative GDI/PFI data carefully as to the precise test conditions for each, and the degree to which the systems were tested under different conditions or constraints. PFI engines do have some limited advantages over GDI engines due to the fact that the intake system acts as a prevaporizing chamber. When fuel is injected directly into the engine cylinder, the time available for mixture preparation is reduced significantly. As a result, the atomization of the fuel spray must be fine enough to permit fuel evaporation in the limited time available between injection and ignition. Fuel droplets that are not evaporated are very likely to participate in diffusion burning, orto exit the engine as UBHC emissions. Also, directly injecting fuel into the engine cylinder can result in unintended fuel impingement on the piston or the cylinder wall. These factors, if present in the design, can contribute to levels of UBHC and/or particulate emissions, and to cylinder bore wear that can easily exceed that of an optimized PFI engine. Some other advantages of PFI engines such as lowpressure fuel system hardware, higher power density at part load and the feasibility of using three-way catalysis and higher exhaust temperatures for improved catalyst efficiency present an evolving challenge to the GDI engine. Although the GDI engine provides important potential
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advantages, it does have a number of inherent problems that are similar to those of the early DISC engines. The replacement of the PFI engine by the GDI engine as the primary production automotive powerplant is constrained by the following areas of concern: • difficulty in controlling the stratified charge combustion over the required operating range; • complexity of the control and injection technologies required for seamless load changes; • relatively high rate of formation of injector deposits and/ or ignition fouling; • relatively high light-load UBHC emissions; • relatively high high-load NO~ emissions; • high local NOx production under part-load, stratifiedcharge operation; • soot formation for high-load operation; • increased particulate emissions; • three-way catalysis cannot be utilized to full advantage; • increased fuel system component wear due to the combination of high-pressure and low fuel lubricity; • increased rates of cylinder bore wear; • increased electrical power and voltage requirements of the injectors and drivers; • elevated fuel system pressure and fuel pump parasitic loss. The above concerns must be addressed and alleviated in any specific design if the GDI engine is to supplant the current PFI engine. If future emission regulations such as the ultra-low-emission-vehicle (ULEV), the super ultralow-emission-vehicle (SULEV), and corporate average fuel economy (CAFE) requirements can be achieved using PFI engines without the requirement of complex new hardware, the market penetration rate for GDI engines will be reduced, as there will most assuredly be a GDI requirement for sophisticated fuel injection hardware, a high-pressure fuel pump and a more complex engine control system. An important constraint on GDI engine designs has been relatively high UBHC and NO, emissions, and the fact that three-way catalysts could not be effectively utilized. Operating the engine under overall lean conditions does reduce the engine-out NO~ emissions, but this generally cannot achieve the minimum 90% reduction level that can be attained using a three-way catalyst. Much work is underway worldwide to develop lean-NOx catalysts, but at this time the attainable conversion efficiency is still much less than that of three-way catalysts. The excessive UBHC emissions at light-load also represent a significant research problem to be solved. In spite of these concerns and difficulties, the GDI engine offers an expanded new horizon for future applications as compared to the well-developed PFI engine. In summary, the potential advantages of the GDI concept are too significant to receive other than priority status. The concept offers many opportunities for achieving significant improvements in engine fuel consumption, while simultaneously realizing large reductions in engine-out UBHC
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emissions. The current high-tech PFI engine, although highly evolved, has nearly reached the limit of the potential of a system that is based upon throttling and a port fuel film; however, the technical challenge of competing with, and displacing, a proven, evolved performer such as the PFI engine is not to be underestimated. Since the late 1970s, when a significant portion of the DISC engine work was conducted, the SI engine has continued to evolve monotonically as an ever-improving baseline. The fuel system has also evolved continuously from carburetor to throttle-body injection, then to simultaneous-fire PFI, and more recently to phased-sequential-fire PFI. The result is that today the sparkignited PFI engine remains the benchmark standard for automobile powerplants [38]. In order to displace this standard, the practical development targets for future GDI engines, as compared to current best-practice PFI engines, are as follows [42]: • • • •



15-20% reduction in BSFC over an integrated cycle; compliance with stringent future emissions regulations; specific power output that is comparable to PFI; driveability during cold starts, warm-up and load transients that is comparable to PFI.



In addition to the above, reliable and efficient hardware and control strategies for gasoline direct injection technology will have to be developed and verified under field conditions. For the same reasons that port fuel injection gradually replaced carburetor and throttle-body injection, a GDI combustion configuration that will be an enhancement of one of the concepts outlined in this paper will emerge as the predominate engine system, and will gradually displace the sequential PFI applications.



2. Direct-injection gasoline fuel system Unthrottled operation with the load controlled by the fuel quantity has been shown to be a very efficient operating mode for the internal combustion engine, as the volumetric efficiency is increased and the pumping loss is significantly reduced. This strategic approach is very successful in the diesel engine, as ignition occurs spontaneously at points within the combustion chamber where the mixture is well prepared for autoignition. The fixed location of the ignition source in the SI engine, however, makes it quite difficult to operate in the unthrottled mode for other than full load. This imposes a critical additional requirement on the mixture formation process of this type of engine in that the mixture cloud that results from fuel vaporization and mixing must be controlled both spatially and temporally in order to obtain stable combustion. Preparing a desired mixture inside the combustion chamber over the full range of engine operating conditions is quite difficult, as the fuel-air mixing process is influenced by many time-dependent variables. The development of a successful combustion system depends upon the optimized design of the fuel injection system and the proper



matching of the system components to control the in-cylinder flow field and burn rate. The fuel injection systems of early DISC engines were derived from the basic diesel injection system. For example, the Texaco TCCS engine [9] utilized a diesel-type injector that produced a spray with relatively poor atomization and fuel-air mixing quality, and with high penetration rates relative to sprays from current pressure-swirl atomizers. The Ford PROCO engine [14] used an outwardly opening pintle atomizer with vibration to enhance the fuel atomization; however, the poppet opening pressure was on the order of 2.0 MPa, which is quite low. (Note: all the pressures used in this document refer to gauge pressure.) Gasoline injection using single-hole or multi-hole narrow-angle sprays from diesel injection systems nearly always result in substantial UBHC emissions due to the compactness of the spray and the high penetration velocity. In order to avoid this problem, combustion systems using direct wall impingement and fuel film formation such as the MAN-FM [ 11 ] were developed. For early DISC engine experiments using multi-hole injectors, the singularity of the ignition source proved to be a definite problem, as compared to a diesel combustion system where multiple ignition sites occur simultaneously. Another severe problem for the dieselbased DISC injection system is the lack of variability of injection characteristics between part load and full load. For full-power DISC engine operation, injection of maximum fuel quantities early in the intake stroke resulted in significant wall impingement of the fuel, mainly due to the high penetration rate of the fuel sprays. 2.1. Fuel system requirements



In recent years, significant progress has been made in the development of advanced computer-controlled fuel injection systems, which has had much to do with the research and development activities related to GDI engines being expanded. In this section, the key components that are utilized in the fuel system and their important roles in the mixture preparation and combustion processes are described in detail. The fuel injection system in a GDI engine is a key component that must be carefully matched with the specific incylinder flow field to provide the desired mixture cloud over the entire operating range of the engine. A well-atomized fuel spray must be produced for all operating conditions. For the efficient combustion of a stratified mixture, a stable and compact spray geometry is necessary [20]. A GDI fuel system needs to provide for at least two, and possibly three or more distinct operating modes. For unthrottled, part-load operation, the injection system should provide the capability for rapid injection late in the compression stroke into an ambient pressure of up to 1.0 MPa, which requires a relatively high fuel injection pressure. The fuel injection pressure has been determined to be very important for obtaining both effective spray atomization and the required level of spray penetration. A higher fuel injection
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Fig. 3. Typical GDI engine system layout [95]. pressure reduces the mean diameter of the spray approximately as the inverse square root of the pressure differential (Pinj - Pcyl), whereas the use of a lower pressure generally reduces the pump parasitic load, system priming time and injector noise, which generally increases the operating life of the fuel pump system. The use of a very high fuel injection pressure, such as 20 MPa, will enhance the atomization but will most likely generate an overpenetrating spray, resulting in fuel wall wetting. The fuel pressures that have been selected for most of the current prototype and production GDI engines range from 4 to 13 MPa, which are quite low when compared with diesel injection system pressures of 50-160 MPa, but are relatively high in comparison with typical PFI injection pressures of 0.25-0.45 MPa. It should be noted that the level of noise emitted from GDI injectors and fuel pumps is of concern, and noise abatement research must continue. A constant fuel injection supply line pressure is utilized in a common-rail configuration for most of the current GDI applications; however, a strategy using a variable fuel injection pressure does offer an alternative method of obtaining the required flow range while reducing the lineardynamic-range requirements of the injector itself [64], and for meeting different fuel-spray requirements corresponding to a range of engine loads [44]. This is an important consideration that must be evaluated for each GDI application. Fuel injection systems for full-feature GDI engines must have the capability of providing both late injection for stratified-charge combustion at part load, as well as injection during the intake stroke for homogeneous-charge combustion at full load. At part load a well-atomized compact spray or mixture plume is desirable to achieve rapid mixture



formation and controlled stratification. At full load, a well-dispersed fuel spray or mixture plume is desirable to ensure a homogeneous charge for even the largest fuel quantities. This is generally achieved by early injection at low cylinder pressure, similar to the mode of open-valve fuel injection in the PFI engine. In total, these fuel system requirements are more comprehensive than those of either the diesel or the PFI injection systems. Based on recent experimental investigations, it has been concluded that common-rail injection systems with electromagnetically activated injectors can meet these exacting requirements [28,45-48]. The typical components of the common-rail fuel system of a GDI engine are illustrated in Fig. 3. In principle, this common-rail fuel system is comparable to those utilized in current PFI and advanced diesel engines, with the GDI application having an intermediate fuel pressure level. The capabilities of current control systems permit complex strategies for mixture formation and control. For example, in the Toyota GDI D-4 combustion system [43], a two-stage injection strategy is utilized to improve the transition between part-load and full-load operations. Similar two-stage injection strategies have also been proposed to avoid engine knock, thus increasing engine torque, by injecting the fuel partially during the intake stroke and partially during the compression stroke [ 17,48]. A late injection strategy during the expansion stroke has been employed in the Mitsubishi production GDI engine of the European market to increase the exhaust temperature for quicker catalyst light-off during the cold start [17,18,49]. It has been observed that for such a two-stage injection the split fraction is very critical.
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During the engine cold crank and start, the high-pressure fuel pump generally cannot deliver fuel at the full design pressure due to the short time available and the low engine cranking speed. To solve this priming-time problem, the Mitsubishi GDI engine uses an in-tank fuel feed pump that is similar to that used in PFI engines. A bypass valve is used to allow the fuel to bypass the high-pressure regulator for engine crank and start. As a result, the electric feed pump supplies the fuel directly to the fuel rail. As the engine speed and fuel line pressure increase, the bypass valve is closed and the high-pressure regulator begins to regulate the fuel pressure to 5.0 MPa. As a result, it is reported that this engine can be started within 1.5 s for both cold and hot restart conditions [50,51]. Shelby et al. [52] visualized the spray structure of two Zexel GDI injectors with cone angles of 20 ° and 60 ° when operating at a cranking fuel pressure of 0.3 MPa. It was found that both injectors are still able to develop the hollow cone structure under such a low fuel injection pressure, however the atomization is noticeably degraded. It was reported that the injection duration required for a stoichiometric mixture is approximately four times as long as when operating from the main fuel pump, as the injection duration required is proportional to the square root of the fuel injection pressure. Based upon a review of the literature, the key points of information related to GDI fuel systems are: •



• • • •



4.0-13.0 MPa have been utilized as fuel rail design pressures; a fuel rail pressure of from 5.0 to 7.5 MPa is most common in current GDI systems; 7.0-10.0 MPa is the most likely design rail pressure range for future systems; pump life, noise and system priming rate are important concerns, particularly at pressures above 8.5 MPa; variable injection pressure is a viable system strategy.



A wide range of gasoline, having variable alcohol content, sulfur content and driveability indices are available in the field. This quality range makes it a necessity that a robust fuel system be developed and proven for GDI production engines [296]. To avoid dilution of the engine oil, most GDI fuel pumps are lubricated with gasoline [373]. However, gasoline has a lower lubricity, viscosity, and a higher volatility than diesel fuel, generally resulting in higher friction and a greater potential for wear and leakage as compared to diesel fuel pumps. It should be noted, however, that hydrodynamic lubrication may be used at high fuel pressures to compensate for the low viscosity. 2.2. Fuel injector considerations



The fuel injector is considered element in the GDI fuel system, following attributes. Many of the of the GDI injector are equivalent injector, which are [38]:



to be the most critical and it should have the required characteristics to those of the port fuel



• accurate fuel metering (generally a __+2% band over the linear flow range); • desirable fuel mass distribution pattern for the application; • minimal spray skew for both sac and main sprays; • good spray axisymmetry over the operating range; • minimal drippage and zero fuel leakage, particularly for cold operation; • small sac volume; • good low-end linearity between the dynamic flow and the fuel pulse width; • small pulse-to-pulse variation in fuel quantity and spray characteristics; • minimal variation in the above parameters from unit to unit. In certain critical areas the specification tolerances of a GDI injector design are more stringent than that of the port-fuel injector, or there are requirements that are not present for PFI applications. These areas are: • significantly enhanced atomization level; a smaller value of spray mean drop size; • expanded dynamic range; • combustion sealing capability; • avoidance of needle bounce that creates unwanted secondary injections; • reduced bandwidth tolerance for static flow and flow linearity specifications; • more emphasis on spray penetration control; • more emphasis on the control of the sac volume spray; • enhanced resistance to deposit formation; • smaller flow variability under larger thermal gradients; • ability to operate at higher injector body and tip temperatures; • leakage resistance at elevated fuel and cylinder pressures; • zero leakage at cold temperature; • more emphasis on packaging constraints; • flexibility in producing off-axis sprays in various inclined axes to meet different combustion system requirements. The GDI injector should be designed to deliver a precisely metered fuel quantity with a symmetric and highly repeatable spray geometry, and must provide a highly atomized fuel spray having a Sauter mean diameter (SMD) of generally less than 25 txm, and with a droplet diameter corresponding to the cumulative 90% volume point (DV90) not exceeding 45 txm [53-55]. The SMD is sometimes denoted more formally in the spray literature as D32. The DV90 statistic is a quantitative statistical measure of the largest droplets in the total distribution of all droplet sizes. Smaller values than these are even more beneficial, provided sufficient spray penetration is maintained for good air utilization. The fuel pressure required is at least 4.0 MPa for a single-fluid injector, with 5.07.0 MPa being more desirable if the late-injection stratified mode is to be invoked. Even if successful levels of atomization could be achieved at fuel pressures lower than 4.0 MPa, significant metering errors could result from the variation of
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metering pressure differential (Pinj- Pcyl) with cylinder pressure, although this could be corrected by the engine control system (ECS) if cylinder pressures were monitored. The sac volume within the injector tip is basically the volume of fuel, resulting from the previous injection, which is not at the fuel line pressure; therefore it retards the acceleration of the injected fuel and generally degrades both the fuel atomization and the resulting combustion. There is a consensus that the sac spray influences the air entrainment and the resulting spray cone angle, particularly at elevated ambient densities. In general, the smaller the sac volume, the fewer large peripheral drops that will be generated when the injector opens. Needle bounce on closure is to be avoided, as a secondary injection generally results in uncontrolled atomization consisting of larger droplets of lower velocity or possible unatomized fuel ligaments. Needle bounce on closure also degrades the fuel metering accuracy and contributes to increases in the UBHC and particulate emissions. Needle bounce on opening is not nearly as important as that on closure, but should be controlled. The result of a needle bounce on opening is a small modulation in the injection rate. The ability to provide a high rate of injection, which is equivalent to delivering the required fuel with a short fuel pulse, is much more important for the GDI engine than for the PFI engine, particularly for light-load stratified-charge operation. Therefore, much more significance is attached to the low-pulse-width region of the GDI injector, effectively increasing the importance of the injector dynamic range requirement. Standard measures of injector capabilities are the dynamic (linear) range, the shortest operating pulse width on the linear flow curve and the lowest stable fuel pulse width. Fuel pulse widths that are shorter than the linear range limit can be used in the calibration by means of a lookup table of pulse width if the fuel mass delivery is stable at that operating point. The optimal design of the injector to resist coking is also one of the important requirements of the GDI injector, as is discussed in detail in the section on injector deposits. Sometimes overlooked are the voltage and power requirements of the injector solenoids and drivers. A number of current prototype GDI injectors have power requirements that would be considered unacceptable for a production application. It is also worth noting that it is advantageous to injector packaging to have the body as small as possible. This provides more flexibility in optimizing the injector location and in sizing and locating the engine ports and valves. In spite of decades of continuous development on diesel multi-hole injectors, it has been demonstrated that these nozzle-type injectors are generally poor choices for GDI applications. A multi-hole VCO nozzle used in a GDI engine application results in an unstable flame kernel when ignited by a single fixed spark plug. The rich mixture zones are close to the lean mixture zones; thus the flame front does not propagate uniformly through the combustion chamber. With the multi-hole nozzle, the orientation of the
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Fig. 4. Schematic of the inwardly opening, single-fluid, highpressure, swirl injector [272]. nozzle hole is an important factor in determining engine combustion performance. It has been found that the hole distribution that is effective in ensuring good spray dispersion and reliable flame propagation between the spray plumes generally provides good engine performance. The effect of the cone angle of individual spray plumes on GDI engine performance was studied by Fujieda et al. [56]. A multi-hole GDI injector similar to that used in diesel engines was designed and tested. It was found that with an increase in the spray cone angle the lean limit is extended, due to the improvement in air utilization. It was also determined that reducing the nozzle flow area and/or increasing the number of holes can achieve the same purpose. Currently, the most widely utilized GDI injector is the single-fluid, swirl-type unit that utilizes an inwardly opening needle, a single exit orifice and a fuel pressure in the range from 5.0 to 10 MPa. A schematic of this type of injector is illustrated in Fig. 4. This general configuration can be regarded conceptually as a multi-hole nozzle with an infinite number of holes, with a uniform distribution of the fuel around the cone circumference being obtained. As a consequence, wall impingement at full load can be minimized for an appropriate injector position and spray cone angle [57]. The needle-type, swirl-spray injector is designed to apply a strong rotational momentum to the fuel in the injector nozzle that adds vectorially to the axial momentum. In a number of nozzle designs, liquid flows through a series of tangential holes or slots into a swirl chamber. The liquid emerges from the single discharge orifice as an annular sheet that spreads radially outward to form an initially hollow-cone spray. The initial spray cone angle may range from a design minimum of 25 ° to almost 180 °, depending on the requirements of the application, with a delivered spray SMD ranging from 14 to 25 ~m. In the swirl-type injector, the pressure energy is effectively transformed into rotational momentum, which enhances atomization. Moreover, the spray mass distribution of a swirl-type injector is generally more axisymmetric than that obtained without swirl [58,59]. Fig. 5 shows a comparison of the spray characteristics of hole-type and swirl-type nozzles. The reported spray atomization characteristics were obtained by means of laser
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Fig. 5. Comparison of the spray characteristics of hole-type and swirl-type high-pressure injectors for an injection pressure of 20 MPa [60]. diffraction, and the spray penetration and spray volume represent the calculated results from empirical equations. The swirl nozzle generally produces a spray having a narrower distribution of drop sizes (DV90-DV10) than is obtained with the standard hole-type nozzle, with the best atomization occurring at high delivery pressures and wide spray angles. An additional advantage is that the injector designer can customize the spray penetration curve by altering the swirl ratio with only small changes in the atomization level, thus providing the necessary variability of spray configuration in order to meet different stratification requirements. However, increased surface roughness of the orifice wall in swirl injectors tends to exacerbate the formation of streams or fingers of fuel in the fuel sheet exiting the nozzle, resulting in the formation of pockets of locally rich air-fuel mixture. In order to minimize such mixture inhomogeneity, precise control of the swirl channel surface finish and nozzle tip quality is required [60]. The spray formation mechanism of the swirl-type injector and three typical designs of the swirler nozzle are illustrated in Fig. 6 [61]. The three types of swirler tips in Fig. 6(b) generate similar spray characteristics when the swirl Reynolds number is maintained. The tangential-slot-type swirler was selected for the Mitsubishi GDI engine. The effect of swirl Reynolds number on the spray cone angle and spray tip penetration of this injector for injection into an ambient pressure of 0.5 MPa is shown in



Fig. 7 [50,51]. The strong dependence of spray characteristics such as mean droplet size, spray cone angle, and penetration on the swirl intensity makes the customized tailoring of each individual spray parameter difficult. The pressure-swirl injector concept was successfully applied to meet the production requirements of their GDI engine by engineers at Mitsubishi. In their design, the fuel swirl is generated by a swirler tip located upstream of the injector hole. The effect of the fuel swirl level on the droplet size and spray structure was studied extensively by Kume et al. [20] and by Iwamoto et al. [50,51], and the results are summarized in Figs. 8 and 9. It was found that when the swirl level is increased, a comparatively lower fuel pressure suffices for achieving an acceptable level of atomization. Increasing the fuel swirl level also promotes air entrainment, with the toroidal vortex ring that is initially generated near the injector tip growing to a larger scale vortex during the latter portions of the injection event. Droplet velocity measurements using a phase Doppler analyzer (PDA) showed that the axial velocity component decreases with distance from the injector tip, whereas the swirl-component remains fairly constant. The decrease in the axial velocity is caused by drag on the fuel droplets that are moving relative to the ambient air. In contrast, the swirl component drag is not significant because the ambient air rotates with the fuel droplets. As illustrated in Fig. 10, for the case of reduced
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Fig. 6. Spray formation mechanism of the swirl-type injector and three typical designs of the swirler nozzle [6 l]. ambient pressure during early injection, the fuel spray has a wide, hollow-cone structure. In the case of higher ambient pressure, the higher drag force changes the spray into a narrower, solid-cone shape. Ader et al. [35] modeled and predicted the air velocity distribution inside a spray. It was found that the spray-induced airflow is much higher for the high-ambient-pressure condition, which was theorized to lead to a strong deflection of droplets to the center of the spray, thus causing the spray cone to collapse as depicted in Fig. 11. Most current GDI injectors are inwardly opening; however, work on developing an outwardly opening injector for automotive GDI applications was reported by engineers at Delphi [58,62,63]. A schematic of this single-fluid, outwardly, opening, swirl injector is shown in Fig. 12. It was claimed that an outwardly opening pintle design has some advantages that should be considered. For example, the outwardly opening pintle injector is able to avoid the initial sac spray generated by the sac volume of most inwardly opening GDI injectors. Moreover, the initial liquid sheet thickness is directly controlled by the pintle stroke rather than by the angular velocity of the swirling fuel in an inwardly opening nozzle. As a result, the outwardly opening injector has a design flexibility that allows the spray angle, penetration and droplet size to be controlled



with less coupling. Swirling flow may also be used in the outwardly opening pintle design for reducing the spray penetration, and for increasing the spray cone angle. In addition, the initial sheet thickness provided by the outwardly opening pintle was claimed to be smaller during the valve opening and closing events due to the reduced pressure drop at the swirler. As a result, it is claimed that the atomization level obtained during opening and closing is even better than is obtained during the main spray portion,
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Fig. 7. Effect of the swirl Reynolds number on the spray cone angle and the spray tip penetration of a high-pressure swirl injector for injection into an ambient pressure of 0.5 MPa [50,51].
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(c) Fig:. 8. Spray characteristics of the Mitsubishi GDI injector [20,50,51]: (a) injector design; (b) spray outlook; and (c) spray characteristics. which is the opposite of what is generally obtained using inwardly opening pintles. Since no nozzle holes are directly exposed to the combustion chamber environment, this outwardly opening design may prove to be more robust to combustion product deposition. More development and evaluation experience is required on this issue. According to Xu and Markle [58], the outwardly opening injector is able to produce a spray with an SMD of less than 15 p~m as measured by laser diffraction at 30 mm downstream from the nozzle, a DV90 of less than 40 ~m, and a maximum limiting penetration of 70 mm into one atmosphere. With regards to the relative advantages of inwardly opening versus outwardly opening needles, the inwardly opening needle generally provides better pulse-to-pulse repeatability of the spray cone geometry, especially when a flow guide bushing is present at the needle tip, and does provide enhanced design flexibility in achieving angled sprays. The outwardly opening geometry is, however, acknowledged to have enhanced leakage resistance [64,65] due to the fact that the combustion gas pressure assists in sealing the injector positively. A comparison of the aforementioned



three typical GDI injector designs for four key criteria is provided in Fig. 13. As may be noted, the inwardly opening design has some significant advantages and has consequently been widely utilized in GDI development. In some applications having significant packaging constraints, the GDI injector is required to deliver a spray that is angled, or offset, from that of the injector axis. Both the Toyota and Nissan production GDI engines use an offset-spray injector [21,66]. This requirement makes the GDI injector design much more complicated, as some of the techniques for producing a symmetric and wellatomized spray may no longer be as effective. For example, swirling flow, as an effective technique to enhance the atomization of a symmetric spray, may be significantly less effective in an injector design having an offset spray. As a result, a higher injection pressure may be required to achieve the same degree of spray atomization for an on-axis spray design. Also, achieving an offset-spray may not be possible with an outwardly opening pintle. Even with a symmetric fuel distribution, the conventional cone-shaped spray tends to coat the piston surface
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Fig. 9. Effect of the nozzle swirl on the spray characteristics of the Mitsubishi GDI injector [20,50,51]: (a) effect of the nozzle swirl intensity on droplet size; (b) spray-induced air motion at different nozzle swirl intensities; and (c) spray structure at different nozzle swirl intensities. nonuniformly when the injector is installed with the injector axis inclined to the piston surface, which is common in many combustion chamber applications. Consequently, the region of the piston closer to the injector tends to have a larger fraction of impinging fuel, as shown in Fig. 14(a). This may result in a thicker film of fuel being formed at that location, causing increased UBHCs and particulate emissions. To avoid this problem, engineers at Nissan [66,263] developed the CASTING NET injector that provides an angled spray with a uniform fuel distribution on the piston crown, as depicted in Fig. 14(b). As illustrated in Fig. 14(c), the offset angle of the spray axis from that of the injector axis,/3, which is denoted as the deflected angle, and the spray short-side and long-side lengths L2 and L1 are key parameters to be optimized. It was reported that both L1/L2 and the deflected angle/3 have marked impacts on engine combustion stability, torque and smoke emissions. The injection-timing window was claimed to be about 45 crank angle degrees wider with the CASTING NET injector than that with the conventional injector. With early injection timing, liquid film formation on the piston crown is avoided by weakening the vertical component of spray velocity with this injector. With late injection timing, improved mixture homogeneity is claimed due to strengthened horizontal



component of the spray. In both cases, smoke generation was found to be reduced to an acceptable level due to improved mixture formation. Some other injector concepts such as the two-step injection nozzle [65] for meeting different load requirements and the PZT nozzle [22] for flexible injection timing control and rapid opening and closing response have also been proposed
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Fig. 10. Effect of the ambient pressure on the spray characteristics of the Mitsubishi GDI injector [50,51 ].



452



F. Zhao et al. / Progress in Energy and Combustion Science 25 (1999) 437-562



Principle mechanisms



flow



"



Numerical analysis ~.-



~ ......................................................................



..,:~



Fig. 11. Mechanisms of air entrainment and spray contraction at elevated ambient pressure [95]. and investigated. A schematic representation of these two injector concepts is shown in Fig. 15. 2.3. Fuel spray characteristics



As is the case for diesel combustion, the fuel spray characteristics are of significant importance to direct-injection gasoline combustion systems. Parameters such as the spray cone angle, mean drop size, spray penetration, and fuel delivery rate are known to be critical, and the optimum matching of these parameters to the airflow field, piston bowl geometry and spark location usually constitute the essence of a GDI combustion system development project. In contrast, the primary fuel spray characteristics of a port fuel injector generally have much less influence on the subsequent combustion event, mainly due to the integrating fuel effects of the residence time on the closed valve, and due to the secondary atomization that occurs as the induction air flows through the valve opening. For direct injection in both GDI and diesel engines, however, the mixture preparation time is significantly less than is available for port fuel injection, and there is much more dependence on the primary spray characteristics to prepare and distribute the fuel to the optimum locations. It is well established that a port-injected gasoline engine can operate quite acceptably using a spray of 200 Ixm SMD, whereas a GDI engine will generally require atomization that is an order of magnitude finer. Most GDI applications will require a fuel spray having an SMD of less than 25 p~m, and may require as low as 15 txm, in order to achieve acceptable levels of UBHC emissions and coefficient of variation (COV) of indicated mean effective pressure (IMEP). The diesel engine, of course, generally requires a fuel spray having an SMD that is less than 10 Ixm, as the fuel is less volatile than gasoline. Even though a relatively complete correlation database has been established for diesel sprays [67,68], the bulk of these correlations unfortunately cannot be applied to predict the characteristics of DI gasoline sprays. This is the result of significant differences in fuel properties, injection pressure



levels, droplet velocities and size ranges, ambient pressure and temperature levels, and droplet drag regimes. It may thus be seen that the correlation and predictive characterization of the fuel sprays from GDI injectors represent a new and important research area. Until such time as a comprehensive and proven correlation database is available, the spray parameters for individual injector designs will have to be measured in order to provide data for CFD model initiation and design comparisons. 2.3.1. Atomization requirements



An important operating criterion of a well-designed GDI engine is that the fuel must be vaporized before the spark event occurs in order to limit UBHC emissions to an acceptable level. Moreover, the complete evaporation of the fuel can make the ignition process more robust. For a gasoline droplet with a diameter of 80 Ixm, vaporization under typical compression conditions takes tens of milliseconds, corresponding to more than a hundred crank angle degrees at an engine speed of 1500 rpm. By contrast, the vaporization of a 25 Ixm droplet requires only several milliseconds,
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Itt~~-OpeningCoil -Outward OpenPintle Fig. 12. Schematic of the outwardly opening, single-fluid, highpressure, swirl injector [63].
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Fig. 13. Concept evaluation of three typical GDI injector designs [95].



corresponding to tens of crank angle degrees. This is the essence of the degradation of GDI engine combustion characteristics for sprays in which the droplet mean diameter exceeds 25 p~m. The rapid vaporization of very small droplets helps to make the direct gasoline injection concept feasible [40,69]. Therefore, many techniques have been proposed for enhancing the spray atomization of GDI injectors. The most common technique for GDI combustion systems is to use an elevated fuel pressure in combination with a swirl nozzle [20,44,59,69]. The required fuel rail pressure level is generally on the order of 5.0 MPa, or in some cases up to 13 MPa [21 ], in order to atomize the fuel to the acceptable range of 15-25 p~m SMD or less. The pulsepressurized, air-assisted injector has also been applied to direct-injection gasoline engines [70-74] and certainly provides a spray with an SMD of less than 20 p~m; however, numerous considerations such as fuel retention in the mixing cavity (fuel hang-up), the requirement of a high-pressure, secondary air compressor and the additional complexity of two solenoids per cylinder have thus far limited its wide application to GDI combustion systems [57]. The required spray characteristics and the minimum thresholds change significantly with the GDI engine operating conditions. In the case of fuel injection during the induction event, a widely dispersed fuel spray is generally required in order to achieve good air utilization for the homogeneous mixture. The impingement of the fuel spray on the cylinder wall should be avoided. For injection that occurs during the compression stroke, a compact spray with a reduced penetration rate is preferred in order to achieve a stratified mixture distribution. At the same time, the spray should be very well atomized since the fuel must vaporize in a very short time [20], even though fuel impingement on the bowl surface of a hot piston may promote vaporization. It may be seen that a suitable control of spray cone angle and penetration over the engine-operating map is advantageous, but is very difficult to achieve in practice.



The in-cylinder droplet evaporation process was evaluated by Dodge [54,55] using a spray model, and it was recommended that a mean droplet size of 15 p~m SMD or smaller be utilized for GDI combustion systems. Based on calculation, a differential fuel pressure of at least 4.9 MPa is required for a pressure-swirl atomizer to achieve the required degree of fuel atomization. It was noted from the calculations that the additional time available with early injection does not significantly advance the crank angle positions at which complete droplet vaporization is achieved. This is because the high compression temperatures are very influential in vaporizing the droplets, and these temperatures occur near the end of the compression stroke. It was also noted that the atomization level that is utilized in some widely studied GDI engines may not be sufficient to avoid some excessive UBHC emissions due to reduced fuel evaporation rates that are associated with fuel impingement on solid surfaces. The SMD may not, in fact, be the single best indicator of the spray quality required for the GDI engine, as a very small percentage of large droplets is enough to degrade the engine UBHC emissions even though the SMD may be quite small. Each 50 p~m fuel droplet in a spray having a SMD of 25 ~m not only has eight times the fuel mass of the mean droplet, but will remain as liquid long after the 25 p~m drop has evaporated. In fact, when all of the 25 ~m droplets are evaporated, the original 50 p~m droplets will still have a diameter of 47 p~m. An injector that delivers a well-atomized spray, but which has a wide spread in the drop-size distribution may require an even smaller SMD than quoted above to operate satisfactorily in a GDI engine combustion system. This spread may be quantified by the parameter of DV90-DV 10. It is conjectured by the authors th~.t DV90 may be a parameter that is superior to SMD (D32) in correlating the UBHC emissions of different fuel sprays in GDI combustion systems. When examining the result in Fig. 5(c) which shows a comparison of the droplet
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(c) Fig. 14. Comparison of the spray structure between the conventional and CASTING NET injectors [66]: (a) spray structure from a conventional injector; (b) spray structure from a CASTING NET injector; and (c) key parameters controlling the spray structure of the CASTING NET injector.
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(b) Fig. 15. Schematic of other GDI injector concepts: (a) two-step nozzle [65]; and (b) PZT nozzle [22].



size distributions between swirl-type and hole-type highpressure fuel injectors [60], it is clear that even though the difference in the mean droplet size (SMD) between the sprays from these two injectors is only 4 txm, the holetype nozzle produces a wider droplet-size distribution having many larger droplets that are theorized to be responsible for the observed increase in the UBHC emissions. It should be noted that the use of finer atomization may or may not reduce the UBHC emissions, depending upon the incylinder turbulence level, due to small pockets of very lean fuel-air mixtures [75-77,348]. A strong turbulence level in the combustion chamber is required to enhance the fuel-air mixing process by eliminating small pockets of very lean mixture. An important point to consider is that the increased droplet drag that is associated with finer atomization reduces the spray penetration, which can degrade air utilization. Even though a design fuel rail pressure of 5.0 MPa seems
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Fig. 16. Schematic of the AlliedSignal high-pressure swirl injector [831. to be high enough for producing an acceptable GDI spray, Xu and Markle [58] recommended a higher fuel pressure for some of the reasons listed below. From their measurements, the SMD of the Delphi outwardly opening GDI injector is reduced from 15.4 to 13.6 txm as the fuel pressure is increased from 5.0 to 10 MPa. Such a small SMD reduction does not seem to be significant, but the total surface area for an injected quantity of 14 mg of fuel is increased 13%, which should lead to a direct improvement in the fuel vaporization rate. More importantly, an elevated high injection pressure may be required to reduce the key statistic for the maximum droplet size of the spray, namely the DV90. It was reported that the DV90 of the Delphi GDI injector spray at 30 mm downstream from the injector tip is reduced from 40 to 28 lxm when the fuel injection pressure is increased from 5.0 to 10 MPa. In addition to its effect on spray characteristics, an elevated fuel rail pressure may also reduce the injector flow rate sensitivity to injector stroke variations. 2.3.2. Single-fluid high-pressure swirl injector The development of the spray from a GDI injector may be divided into discrete stages. The first is the initial atomization process that occurs at or near the injector exit. This is mainly dependent on the injector design factors such as nozzle geometry, opening characteristics, and the fuel pressure [275,289]. The second stage of spray development is the atomization that occurs during the spray penetration process, which is dominated by the interaction of the fuel droplets with the surrounding airflow field. The spray cone angle is an important parameter that is nominally determined by the injector design; however, in the actual application the spray cone angle of a swirl injector also varies with the in-cylinder air density and, to a lesser degree, with the fuel injection pressure [78-81]. With the pressure-swirl
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(e) Fig. 17. Schematic and spray characteristics of a high-pressure, swirl injector [86]" (a) nozzle geometry; (b) schematic representation of a hollow-cone spray structure at three stages; and (c) schematic of the droplet size distribution inside a hollow-cone spray at 0.9 ms after the start of injection.
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Fig. 18. Nozzle configuration of the Zexel high-pressure swirl injector [88].
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injector, the spray cone angle generally decreases with an increase in ambient gas density until a minimum angle is reached. The ambient gas density also has a strong influence on the minimum atomization level produced by pressure-swirl atomizers. Fraidl et al. [82] reported measurements verifying that ambient pressure has a greater effect on the spray cone angle than does the fuel injection pressure. With nonswirl atomizers, however, an increase in ambient gas density generally yields a wider spray cone angle. This results from an increased aerodynamic drag on the droplets, which produces a greater deceleration in the axial direction than in the radial direction. Under conditions of higher incylinder air density, corresponding to late injection at part load, a more compact droplet plume is required for a higher degree of stratification. This would imply that the high-pressure swirl injector might be more applicable to GDI lateinjection applications. The spray structure of an AlliedSignal high-pressure swirl injector which utilizes a fuel injection pressure of 6.9 MPa was characterized by Evers [83]. This injector design is shown schematically in Fig. 16. Four regions denoted as leading-edge, cone, trailing-edge, and vortex-cloud, were identified for the hollow-cone spray that is produced. The leading-edge region was found to show the largest droplet size due to the low fuel velocity at the beginning of the fuel injection pulse. After the pintle is opened fully, the fuel attains a steady velocity and a conical region of small droplets is formed. The trailing-edge region is produced as the pintle closes, whereas the vortex-cloud region is formed by the circulating air that carries small droplets from the spray. As the injection pulse ends, the vortex-cloud region continues to grow. An increase in the ambient pressure results in an increase in the droplet size within the spray region, and an increase in the level of swirl of the fuel leaving the fuel injector yields an increase in the mean droplet size in the leading-edge and cone regions of the spray. The droplet size of the vortex-cloud region is not significantly influenced by the fuel swirl number. This was theorized to result from the fact that the size of the droplets entrained into the vortex cloud is determined by the ambient air properties. As the ambient air density is increased, the droplet size in the vortex cloud region also increases due to changes in the entrainment characteristics of the ambient air. The droplet size in the vortex cloud is not changed when the fuel injection pressure is increased, as the ambient air properties are not altered. The detailed structure of sprays from Siemens high-pressure fuel injectors was studied by Zhao et al. [84,85] using laser-light sheet photography and phase Doppler techniques. A toroidal vortex was observed late in the injection event at reduced injection pressures or short injection durations. The circumferential distribution of the spray was found to be fairly irregular. The spray tip penetration and the spray cone angle were found to decrease monotonically with an increase in the ambient pressure. The characteristics of hollow-cone sprays generated by a
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high-pressure swirl injector with an exit-angle of 70°C were predicted using the generalized tank-and-tube (GTT) code with an included spray model, and were validated using PDA measurements by Yamauchi and Wakisaka [86] and Yamauchi et al. [87]. The schematic representation of the injector nozzle geometry is illustrated in Fig. 17(a). The predictions were for a swirl angle of 40 ° and an initial droplet velocity of 60 m/s to simulate a spray injected at 7.0 MPa into air at 1 atm. The schematic representation of the hollow-cone spray structure derived from the calculation is shown in Fig. 17(b). The transient spray development was classified into three time regimes. During the first stage of spray formation, the droplets form a hollow cone. In the second stage, the spray structure changes as the laterinjected droplets move towards the previously injected droplets, which are slowed due to drag. A toroidal vortex is formed around the lower part of the cone and appears as two counter-rotating vortices in the vertical cross section. In the third and final stage, the spray structure attains a steadystate condition, and the entire spray grows and moves away from the injector tip. The interaction between the droplets and the gas flow were found to vary with the detailed spray structure, and was found to be more pronounced for smaller droplets. It is interesting to note that for the case corresponding to a monodisperse spray of 40 ~m droplets, the droplets do not form a torus. For the sprays with different droplet size distributions but the same fuel flow rates, the spray structures are considerably different. It was also found that the fuel swirl component plays an important role in the spray development. The spray shapes at the transition between cone growth and torus formation are quite different with and without fuel swirl. The spray cone-angle for the case with swirl was found to be significantly larger than that for the nonswirl case [330]. However, the spray-penetration characteristics for the swirl and nonswirl cases were found to be similar, which is somewhat surprising. As expected, the mean droplet size at the spray tip was found to increase with an increase in the ambient gas pressure due to the influence of the coalescence. As is schematically illustrated in Fig. 17(c), droplets in the mid-size range are found inside the coarse droplet region while droplets smaller than 10 ~m do not form a hollow cone and are observed to concentrate towards the injector axis. At 0.4 ms after the start of injection, all droplets near the injector tip were found to concentrate in a small region near the injector axis, verifying that the cone angle at the start of fuel injection is very small. At 0.6 ms after the initiation of injection, it was found that droplets near the injector tip are concentrated in an angular ring, indicating a wider cone angle. The instantaneous spray cone angle was found to increase from nearly zero to the steady value in proportion to the needle opening time. The measured droplet number density after the end of fuel injection confirmed that apparent vortex formation occurs only for droplets in the range of 10-25 ~m, not for other droplet diameter ranges. Moreover, the total number of droplets in the diameter range
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of 10-25 Ixm was found to be larger than those in the other ranges. It was predicted that the mean size of droplets forming the toroidal vortex is about 20 Ixm, and the droplets that move directly down the cone have a diameter of the order of 50 Ixm. The spray atomization process of a Zexel high-pressure swirl injector was analyzed by Naitoh and Takagi [88] using the synthesized-spheroid-particle (SSP) method developed at Nissan Motor Co. The configuration of this nozzle is shown in Fig. 18 where sections A - A and B - B are the cross sections of the needle guide and nozzle hole. It was found that both the initial spray cone angle and the spray penetration decrease with an increase in the ambient pressure. The mean droplet size in the spray cross section 50 mm from the injector tip also increases with the ambient pressure. The SMD of drops at a cross section 50 mm from the injector tip is larger than the total spray-averaged SMD during the injection event, indicating that the smallest droplets do not penetrate 50 mm. Shelby et al. [52] investigated the spray structure of three GDI injectors during early injection using the PLIF technique. Four distinct phases were identified during the spray development process, which were categorized as the delay phase, liquid jet phase, wide-spray-cone phase and fully developed phase. It was found that the delay phase, which is the period of time when the signal to inject is sent to the injector driver and fuel is first detected with the PLIF system varies significantly with injector design. It was also observed that once a conical spray structure has developed, entrainment of the ambient air causes a low-pressure zone to develop in the spray center, resulting in a cone contraction for the fully developed spray [360,366]. The structure of an evaporating hollow-cone spray from a high-pressure swirl-type injector was predicted by Han et al. [89,307,308] using the KIVA code for the conditions of 500 K initial air temperature, 4.76 MPa fuel injection pressure and 1 atm ambient pressure. The air temperature used is somewhat higher than occurs in the actual engine. It was predicted that the liquid phase maintains the hollow-cone spray structure although it is deformed due to the air entrainment. However, the recirculating airflow carries the vapor fuel to the center region of the spray and the vapor phase is distributed in a solid cone. Lippert et al. [90] modeled the effects of fuel components on the structure of a spray from a high-pressure swirl injector using the KIVA-II code. Nearly all of the CFD analyses of GDI spray mixing in the literature have used a single component fuel to predict the fuel-air mixing process. For a fuel with a multi-component blend, there will be regions of lighter components and other regions where the composition is dominated by heavier components. This implies that the local equivalence ratio is not only a function of the fuel vapor concentration, but also of the local composition. The prediction conditions are 0.5 MPa and 500 K, corresponding approximately to the condition in an engine when injection is initiated at 60 ° BTDC during the compression stroke. The volume of fuel injected is 19 mm 3, the



injection duration is 1.32 ms, and the initial injection delay is 0.2 ms. It was found that the initial vaporization of the multi-component spray is only slightly higher than for the single component case, and that the rate decreases more rapidly toward the end. This was due to the more volatile components vaporizing slightly more rapidly at first, while at later stages the heavier components take longer to vaporize. However, the two cases show almost identical predictions of the spray penetration in the axial and radial directions. As the tip penetration of the spray is dominated by the trajectories of the largest droplets, and as the diameters of the largest droplets are similar, the close agreement between the two cases is not unexpected. The predictions for a single component also show a predominantly hollow-cone liquid spray, with very few liquid droplets present near the spray centerline. This does not hold true for the multi-component case, in which many smaller droplets are predicted near the spray center. For a multi-component fuel, more rich-mixture areas are observed during the initial stages of spray development. A decrease in the area of maximum equivalence ratio is predicted for the multi-component case as compared with the single-component case. It was also found that the lighter components are present toward the tip and center of the spray, and that the overall composition exhibits an increase in molecular weight as the heavier (less volatile) species in the liquid phase are vaporized. In order to quantify certain spray characteristics that are not obtainable by other means, Hoffman et al. [91 ] measured the spray mass flux distributions using a timed-sampling spray patternator [312]. Stoddard solvent at 6.9 MPa was used instead of gasoline, with an injected quantity of 90 mm 3 in an injection duration of 5 ms. The experimental visualization of the spray structure of a swirl GDI injector shows that the core region of the spray is initially skewed from the injector axis. Near the end of the injection event, there is no longer an observable central core vortex. Furthermore, the penetration of the core spray region results in the formation of a toroidal vortex. Fig. 19(a) shows the average liquid volume per injection that passed through each of the 23 measurement points equally spaced on a line 30 mm from the nozzle exit. The measurement results are plotted for four different times after the initiation of the injection. It is evident that the distribution of the liquid mass within the spray is that of a hollow-cone, with over 99% of the liquid mass located in an angular ring with an inner radius of 5 mm and an outer radius exceeding 20 mm. The highest liquid flux was observed at a radius of about 15 mm. The substantial changes in the spray geometry with time can be easily observed from the figure. The thickness of the spray cone walls was found to increase with time, while the outer boundary of the spray, which would typically be used to identify the spray cone angle, does not change at all. Fig. 19(b) shows the estimates of the average liquid mass flux passing through various points below the injector. The designation of "infinite" after BOI indicates the measurement
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(b) Fig. 19. Liquid fuel distributions inside a hollow-cone spray [91 ]" (a) averaged liquid fuel volume per injection passing through each of the 23 sample points at a plane of 30 mm below the nozzle tip; and (b) averaged liquid mass flux contours for the moments of 3.3 and 4.21 ms after the start of injection. is for steady injection. The spray structure shown is similar to that visualized by the pulsed-laser-light-sheet method. Pontoppidan et al. [64] conducted a basic study of the effect of the nozzle-tip design on the resulting spray



characteristics. The three different nozzle configurations that were tested are shown in Fig. 20. Type I is a simple needle-type nozzle having a single cylindrical metering hole, which produces a single jet solid-cone spray. The
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Type II nozzle has a swirl channel upstream of the needle, which is designed to have a 45 ° main axis intersection between the flow vector and the nozzle axis, and generates a hollow-cone spray. Type III has a single cylindrical metering hole in which the fuel is injected into a sac volume having three nonmetering outlet holes. This produces three individual atomized streams, each forming a solid cone. Variation in the circular symmetry of the spray from the Type I nozzle was observed, and it was reported that the spray quality was directly related to the surface quality of the needle and its attachment to the needle. One, or occasionally two, secondary injections were observed following the programmed needle closure due to needle bounce. In this study, it was found to be difficult to completely avoid after-injection at a fuel injection pressure level of 8.0 MPa, but it was possible to reduce it through an appropriate matching of the active needle cross section and the needle spring characteristics. The conclusion is that the Type I nozzle requires a high degree of precision in surface finish and needle-axis alignment in comparison to the other two nozzle types in order to produce a symmetric spray. The Type I nozzle was also found to generate a spray with a larger penetration, which may increase the possibility of fuel impingement on the piston crown and cylinder wall. The high spray momentum produced by the Type I nozzle will make the spray less affected by the in-cylinder airflow field. Hence, it is generally more difficult to achieve a highly stratified mixture using this type of nozzle. It is suitable for pre-chamber designs or for the centrally mounted position in a GDI engine using the early injection mode. It was claimed by Pontoppidan et al. that a GDI combustion system using this type of nozzle is more injector-dependent. In comparison, the Type II nozzle has a reduced spray penetration and improved mixture dispersion characteristics, and is more sensitive to the in-cylinder airflow. The Type III nozzle produces a three-jet spray, which has a low spray-tip penetration. It was emphasized that such a low-momentum spray requires an optimum airflow field inside the cylinder to achieve adequate mixture preparation. As a result, the fuel-air mixing characteristics of this type of nozzle are more dependent upon the particular combustion-chamberdesign. Also, the inherent sac volume may generate an initial spray with larger droplets. The Type III nozzle should, however, be less sensitive to injector deposits, as the metering function is performed upstream of the outlet holes. This director-plate design has been utilized for more than a decade in PFI injectors to enhance the deposit resistance and also improve spray atomization. By means of a computational analysis of the flow field inside a high-pressure swirl injector, Ren and coworkers [92-94,293] conclude that increases in the swirl inlet port area and/or decreases in exit orifice diameter lead to an increase in swirl port discharge coefficient. The resultant spray cone angle widens with a decrease in swirl inlet port area and with an increase in orifice diameter. The discharge coefficient and the spray cone angle were found to be
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Fig. 20. Schematic of three test nozzles [64]: (a) Type I (pintletype); (b) Type II (swirl-type); and (c) Type III (hole-type). relatively insensitive to the injection pressure differential over the range of 3.5-10 MPa. The existence of an air core at the needle tip was also confirmed, which was considered to obstruct the central portion of the exit orifice. As the orifice diameter decreases, the size of the air core decreases significantly, which increases the discharge coefficient. Preussner et al. [95] conducted a detailed measurement of the spray characteristics of a GDI swirl injector using premium unleaded gasoline. Fig. 21 shows droplet measurement results using PDA technique under various ambient and fuel injection pressures. It was found that mean droplet size increases as the ambient pressure increases, but decreases as the spray cone angle and fuel injection pressure increase. Wider spray cone angle increases spray dispersion, which can reduce the probability of droplet coalescence and as a result, the mean diameter of the droplet is reduced. The spray penetrations as a function of fuel injection duration and injection pressure are shown in Fig. 22. The maximum penetrations of both the initial sac spray and the main spray increase linearly as the injection duration increases. For injection corresponding to the idle operation, the axial penetration of the initial sac spray is larger than that of the main spray, with both exhibiting less dependence on the injection pressure as compared to sprays at higher engine loads. The Toyota GDI combustion system uses a design fuel rail pressure that is higher than nearly all other production or prototype GDI engines. A fuel rail pressure of 5.0-7.0 MPa is quite common; however, the Toyota GDI fuel system uses a variable fuel pressure of up to 13 MPa [21]. The highpressure swirl injector that is used in this application is illustrated in Fig. 23(a), and the resulting spray and atomization characteristics are shown in Fig. 23(b). It is evident that the spray is well atomized, but it is not widely dispersed from the spray axis. As expected, the mean diameter of the
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(b) Fig. 21. Effects of ambient pressure, spray cone angle and fuel-rail pressure on droplet size measured at 30 mm downstream from the injector tip [95]: (a) temporal development of the droplet size over two ambient pressures; and (b) droplet size as a function of the fuel injection pressure for three spray cone angles. droplets decreases as the injection pressure is increased. The effect of increased fuel rail pressure on the resultant fuel economy is shown in Fig. 24. It was found that for engine speeds in the range from 1600 to 2400 rpm the fuel economy continually improves as the fuel injection pressure is increased, while at the lower engine speeds from 800 to 1200 rpm the best fuel economy is obtained at 8.0 MPa. This may be an injection rate effect rather than a mean-drop-size effect, as a lower fuel injection pressure yields comparatively longer fuel injection duration, thus providing more time for fuel evaporation and dispersion. At higher engine speeds, a higher fuel injection



pressure combined with a shorter fuel injection duration is reported to be effective in avoiding over-dispersion of the fuel, which degrades stratification [43]. It is claimed that for part-load operation at higher engine speeds the injection duration must be as short, and the fuel pressure as high, as the dynamic range of the injector and the fuel pump design will allow. It is well known that the entraining airflow interacts with the spray droplets and directly influences the spray cone development. Iwamoto et al. [50,51] conducted a detailed investigation of the interaction between a transient fuel spray and the ambient air by injecting the fuel into a
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(b) Fig. 22. Spray-tip penetration as a function of the injection duration and fuel-rail pressure [95]" (a) spray-tip penetrations of the initial and main sprays as a function of injection duration; and (b) effect of the fuel rail pressures on spray-tip penetration for different loads.



chamber filled with tracer particles of polymer microballoons. The airflow structure was mapped by the trajectories of the tracer particles, which are shown in Fig. 25. It was found that an intense, turbulent airflow field is generated at the center of the hollow cone due to the movement of the fuel spray. 2.3.3. Effect o f injector sac volume



The sac volume within the injector tip between the pintle sealing surface and the tip discharge orifice plays an important role in the transient spray formation process because it contributes to the formation of large droplets at the initiation of fuel injection and can influence the spray cone dynamics. The sac volume in any particular injector design is the



geometric space within the injector .tip that contains fuel which is not at the fuel line pressure. Fuel remaining from the previous injection resides in this space, and as it is downstream from the pintle sealing line, this stagnant fuel is not at the rail pressure. When the pintle is first lifted, this portion of liquid fuel does not have enough tangential velocity to form a hollow cone spray, and thus is generally injected directly along the injector axis as poorly atomized droplets having relatively high velocities. This is denoted as the sac spray, but descriptive terms such as sling spray, core spray and center spike may also be encountered in the literature. Thus, the sac and main sprays in most GDI injectors are actually two distinct sprays, each having its own drop size distribution. Therefore, a large sac volume can significantly
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Fig. 24. Effect of the fuel rail pressure on the fuel economy improvement of the Toyota GDI D-4 engine [21].
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Fig. 23. Schematic and spray characteristics of the Toyota GDI injector [21]" (a) nozzle geometry; and (b) spray atomization characteristics. degrade the mixture formation process and can contribute to an increase in UBHC emissions, especially for light-load, stratified-charge operation in which the sac volume may constitute a major fraction of the fuel required. Parrish and Farrell [96] characterized the spray structure of a high-pressure GDI injector for an ambient pressure of 1 atm using laser diffraction and backlighting techniques. In addition to particle size measurements, obscuration measurements were performed. These measurements determined the ratio of unscattered laser light intensity with and without a spray sample, with large values of obscuration indicating optically dense sprays. From the spray visualization, a clear leading mass, or slug, was observed along the center line of the spray. It is generally accepted that this initial slug is comprised of fuel that was in the sac volume. For the fuel pressure range of 3.45-6.21 MPa, the initial axial velocity of the leading mass near the injector tip was in the range of 68-86 m/s, which is higher than the velocity of 45-58 m/s for the main body of the spray. Both the leading-mass and main-spray velocities decrease rapidly with time. Fig. 26(a) shows the SMD measurements with • two measurement time scales. The shorter time scale is used to show the initial spray characteristics while the longer time scale is useful to indicate the entire development process of the transient spray. The droplet size measurements in Fig. 26(a) show that the SMD initially rises rapidly as the leading



mass of fuel first enters the measurement location of 38.75 mm from the injector tip along the center line of the spray. A peak SMD value is recorded for this initial sacvolume slug before the instantaneous mean droplet size decreases rapidly for the main spray body. This can also be observed from the obscuration characteristics as a function of time in Fig. 26(b). The result from the transient patternator measurements of the spray volume flux is shown in Fig. 26(c). It is clear that as the closing time is retarded, more fuel is collected. Part of the leading mass is captured in the 1.5 ms closing time curve. At a closing time of 2 ms, the outer regions of the spray begin to be collected, and for a 4 ms closing time the mass collected off-axis is larger than that collected on-axis. It was also found that short injection duration concentrates more fuel mass in the center than is achieved for longer durations. Wirth et al. [97] measured the droplet size distributions during the entire spray development process. Fig. 27 shows the typical droplet size distributions for a swirl-type GDI injector at ambient conditions, corresponding to a mediumload injection quantity. It was reported that, in the first phase of the injection process, a narrow cone jet associated with the sac volume penetrates with high velocity but poor atomization. The initial quantity of fuel is injected with very low swirl, resulting in larger droplets {35]. It was found that the acceleration of the swirl inside the injector swirl cavity leads to the transient evolution of the initially hollow spray cone. The sac volume quantity affects the spray plume geometry even in the later phases of the injection process when a stable cone is established at the injector nozzle. The intermediate phase of spray development clearly shows the turbulent spray cone breakup in a distance of approximately 25 mm from the nozzle exit. After the end of injection, a well-distributed plume with a low penetration is present with slightly increasing droplet sizes due to slightly degraded atomization at pintle closure and possible droplet coalescence within the spray plume. The initial fuel slug or sac spray associated with the sac volume of a high-pressure swirl injector was also observed
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Fig. 25. Schematic of the air entrainment into the spray at an ambient pressure of 0.1 MPa [50,51]. by Salters et al. [98] inside a firing engine having a fourvalve pentroof head and a centrally mounted injector. It was found that this slug, consisting of relatively larger droplets with high velocity, penetrates tens of millimeters prior to the formation of the main spray cone, and impacts directly on the piston crown for early injection. An important point is that observations for an injection timing of 80 ° ATDC on the intake stroke confirmed that there is no major impingement of the fuel spray upon the piston except for this initial slug of fuel from the sac volume. For earlier injection timings, however, a large portion of the main spray directly impacts the piston crown. It is well established that different GDI operating modes require different spray characteristics for optimum performance. For homogeneous operation, a spray with a wide cone angle is generally optimum; whereas a narrowercone spray may be effective in creating a highly stratified charge. However, these general guidelines may be less applicable for complex GDI combustion systems. The compromise between spray penetration and cone angle needs to be considered in optimizing air utilization. Engineers at Nissan [27,99,100] and at Hitachi [101] utilized the initial sac volume spray to meet these two conflicting cone angle requirements. The spray tends to collapse to a narrower cone when injected into elevated ambient air densities corresponding to late injection. It was noted that this tendency becomes more pronounced as the fuel quantity in the sac spray is increased, resulting in a further reduction in cone angle. Fig. 28(a) shows the difference of the collected mass for two sprays with different sac volumes. The initial center spray was defined on the basis of the amount of fuel collected within an angle of 20 ° from the spray center by a 37-ring patternator. The 5% COV limit map between ignition timing and injection end timing is illustrated in Fig. 28(b). It is claimed that increasing the quantity of fuel in the initial sac spray improves engine



combustion stability and that the region of stable combustion becomes wider. For those reasons, an injector with a relatively large cone angle (70 °) and an appropriate quantity of initial center spray was developed in order to accommodate the requirements of both homogeneous and stratified operations. However, the possible increase in overall mean droplet size and engine UBHC emissions with increasing sac volume must be carefully evaluated for a particular application before invoking this strategy. 2.3.4. Air-assisted injection



A significant number of references exist for the application of air-assisted injectors to gasoline direct-injection in two-stroke engines [102-120,317] and PFI engines [38,82,121-124,374]. Unfortunately, the number dealing with four-stroke DI gasoline engines is much more limited [71,72,125-129], although it is important to note that a large portion of the basic information is applicable to both types of engines. The majority of air-assisted GDI injectors utilize outwardly opening poppet valves, whereas the majority of single-fluid swirl injectors are inwardly opening. The airassisted injectors also use two solenoids per injector, although it should be noted that there is an increasing use of two solenoids on single-fluid swirl injectors to enhance opening and closing characteristics. A further point of information is that injector designs that rely on a poppet cracking pressure tend to exhibit some injection rate variations due to lift oscillations, and tend to exhibit poppet bounce on closure. Each injector design should be evaluated for these tendencies. Air-assisted fuel injection systems provide an interesting alternative for future GDI applications and this option is receiving increased attention among four-stroke GDI developers [72,73]. Air-assisted GDI injectors are being evaluated for several four-stroke GDI applications, and a schematic of the performance of an Orbital GDI injector is illustrated in Fig. 29. As shown, for injection



465



F. Zhao et al. /Progress in Energy and Combustion Science 25 (1999) 437-562 65 Medium L o a d . Center Location --II-- 500 pslg --@-- 700 pslg



i\~



60



~



55 A (/i ¢ 5O



Medium Load - Center Location -•500 psig



• ooo..o



,



38.76 mm Downstream !~



A



P



ii.il



0 ,m



E 45



45



I~



.. ill



-



Jill-



i_ i



35



i/



30 i



25



38.75 mm Downstream



'lii,



40



Iklii,~ . ill II i l l i l i e . _ --''&•&&•,;::



•



35



700 psig t 0 0 I~ig



50



II



~ 40



• •



0.6



" - . ' . ..... " " .....



-'.i.l.._l_



i



30 i



I



0.~



o.s



I'ClI~OIIIii~ I



~ l / ' l 100pliI~



Ill .....



0.~ 1.0 1.1 1.2 1.3 Measurement Time (msec)



lib



l



1.4



llS



25



1.6



I



1



I



I



Measurement



I



(ms



5



(a) too



_ Medium Load - Center L o c a t i o n



O0



-



90



-



., , .::,. L; .? .' .".,:~. •



500 peig



1:3 -



pill



-,:---700



'!"



, ,


,.< ,,,_~..~,



:z



80



',80



70



,o



Medium Load - Center L o c a t i o n



:, :I..~-',-'Y'~-~?-~t~ -"-



9O



.... :7:



,7.



,~



~



~



"L\~ .~,~



;,'- #/



60



• °oo.,o



, 3 8 . 7 5 mm ~ w n s t r ® a m



'4\:,... ~~ i"



L' :;7



50



- [] - 500 psig



~;~, ..



~ 4o



40 30



~ 3o



20



g. 2o



10 0 0.6



I



I



I



I



I



I



I



I



i



0.7



0.8



0.9



1.0



1.1



1.2



1.3



1.4



1.5



M e a s u r e m e n t Time (msec)



I



1.6



0



I



1



I



2 Measurement itrime (msec)4



1



I



5



(b) A 0.25 C O



=o ai ._, co E



Shutter closing time ( a f t e r S.O.I.) - a - - no s h u t t e r i n g 0.20 •-e --+ 5.0 m e e c • 4.0 m s e c • .- 3.0 m s e c /~ • 2 0 msec /.\ 0.15



E f



....O-- 1.0 m s e c



S h u t t e r / I n j e c t i o n i n t e r v a l : 90 m s e c P.W. - 4 . 0 0 m e a c L i n e p r e s s . = 700 psig D o w n s t r e a m dist. ,, 43 mm



~, /7""



e7 ''\



//



*./ "



0.10



0 0 "-- 0 . 0 5 i(P . C1



/~"



q• iW



Qi



i



\



i



~' ._. \, • / • -~.- Jk I .1 i--; d ~ \v'-.--i



I1 v,~, it~



•



= 0.00 u. =



-50



i



-40



=



i



=



-30



-20



•



I



,



-10



|



0



~



!



10



,



i



20



,



I



30



Transverse Sampling Point (mm)



,



|



40



-



50



(c) Fig. 26. Spray characteristics of a high-pressure swirl injector at an injection duration of 1.06 ms and an injection pressure of 4.83 MPa [96]: (a) SMD at different time scales; (b) obscuration characteristics of the spray at different time scales; and (c) transient characteristics of the spray volume flux.
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Fig. 28. Effect of the initial center spray on combustion stability [27]: (a) fuel mass distribution measured by a 37-ring parameter in sprays having different initial center sprays; and (b) effect of the initial center spray on the stability map. cone angle after collapse. The pressure atomizer was found to provide a constant fuel delivery rate over the main portion of the injection pulse, with the flow rate decaying only during the very last portion of the pulse due to the pintle closing.



2.3.5. Best practice performance of current GDI injectors The area of GDI injector design is currently one of rapid changes. These developments may be classified as those occurring in the basic atomization type, those occurring in injector packaging, and the most extensive area of change, which is continuous improvement in delivered injector



performance. The types of GDI injectors now being developed include the pulse-pressurized, air-assisted unit and the outwardly opening, high-pressure, single-fluid injector. These designs complement the more common highpressure, single-fluid, inwardly opening, swirl-channel injector. Pulse-pressurized air-assisted injectors utilize significantly reduced fuel pressure of less than one megapascal, but require two separate solenoids and a source of compressed air. The design generally employs an outwardly opening poppet. The outwardly opening designs, whether air-assisted or single-fluid, have no sac-volume spray in the classic sense, which tends to yield a slightly improved
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systems. Component packaging in GDI design is a primary constraint, and the movement from a 12 mm to a 10 mm to an 8 mm injector mounting diameter is being driven by the need to enhance packaging options. The availability of injectors that deliver fuel sprays that are directed 10 °, 20 ° or 30 ° from the injector mounting axis can offer significant flexibility in the original design configuration of a GDI combustion chamber. The high-pressure, single-fluid, swirl-channel injector using an inwardly opening pintle is by far the most common GDI injector type, and there are intense programs by injector manufacturers to continue to improve injector and spray performance. The non-spray performance parameters of the injector include the opening time, closing time, pintle bounce, durability, dynamic range, noise level, power consumption, leakage and operating pressure range. The spray performance parameters include the mean diameters of the delivered main spray and the sac spray, as well as the corresponding values for DV90. Other key spray parameters include the cone angles of the spray (both the initial angle and the final collapsed spray angle), the spray-deviation (skew) angles of the main and sac-volume sprays, the sac and main tip penetration rates and velocities, the drippage, after-injections or ligament formation upon injector closure and the fuel mass distribution within the spray. Additional measures of performance, both spray and nonspray, are related to injection-to-injection and unit-to-unit variability in all of the above parameters. With such rapid development occurring in GDI injector design and performance, it is obvious that a compilation of best performance values for each of the above parameters, which constitutes a table of best practice performance, is a living document. The injector performance envelope is continually being pushed as new and improved injectors are designed, built and tested. Table 1 contains a tabulation of current best practice for a number of key injector performance parameters. As injectors have a range of design fuel rail pressures, four categories are listed, with each category having current best-practice values for the performance metrics. All of the droplet size statistics presented in the table were obtained by a two-component, phase Doppler, real-time-system analyzer for a very wide range of injector hardwares. All injectors were measured for indolene fuel at 20°C using a standard test protocol.



AIR RAIL PRESSURE (kPa)



(c) Fig. 29. Schematic and spray characteristics of the air-assisted injector [72]: (a) schematic of the injector design; (b) injected air-to-fuel ratio as a function of the engine load; and (c) effect of the air rail pressure on droplet size. overall mean drop size. However, it is generally agreed that it is more difficult to develop a portfolio of off-axis, angled sprays with.this constraint. The off-axis spray is one of the developments that address the packaging of injection



2.3.6. Future requirements o f GDI fuel sprays Research by a number of workers in Japan, Europe and the United States indicates that a working design goal for current GDI fuel injection systems should be to achieve a symmetric fuel spray having a SMD of less than 20 ~m, with 90% of the injected fuel volume (DV90) in drops smaller than 40 I~m, while requiring fuel pressures that are on the order of 5.0-7.5 MPa. This fuel pressure range will generally provide a longer pump life than is obtained using 8.0-13 MPa, with less pump noise and a pressure rise to a greater percentage of
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(b) Fig. 30. Comparison of the spray characteristics of air-assisted and single-fluid swirl injectors [72]: (a) droplet size distribution; and (b) spray-tip penetration rate. the design rail pressure during crank and start. It may also permit a fuel system without an accumulator to be used. The spray cone angle should ideally become smaller as the required engine air utilization is reduced. This can be achieved mechanically or electrically, or may occur due to the inherent collapse of a swirling cone of droplets that are injected into elevated air densities. For the more stringent emissions and performance requirements of future ( 2 0 0 2 - 2 0 0 8 ) GDI vehicles, the fuel spray requirements of future GDI engines set threshold performance limits for the fuel injectors and for the fuel system as a whole. Some of the key requirements for the next generation of injectors (2002-2008) are as follows. • SMD" 16 Ixm or less (main spray);



• • • • •



• • • • • • • •



SMD: 21 I~m or less (sac spray); D V 9 0 : 3 0 I~m or less (main spray); D V 9 0 : 3 4 txm or less (sac spray); sac volume of less than 6% of idle fuel delivery; sufficient spray symmetry to permit injector rotation or rail mounting tolerance without combustion degradation; narrower spray footprint (cone collapse) for injection into higher ambient density; a design fuel pressure of 5 . 0 - 9 . 0 MPa; stable injection at 0.75 ms pulse width; 0.25 ms or less opening time; 0.40 ms or less closing time; no after injection; reduced power consumption; reduced noise level.
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Table 1 Best practice performance of current GDI injectors for key parameters (spray cone angle for single-fluid injectors: 55-75°; air and fuel pressures for air-assisted injectors: 0.5-1.0 MPa; amount of fuel per injection: 15 mg; indolene fuel at 20°C; injection into 1 atm) GDI injector class



Single-fluid



Fuel rail pressure (MPa) SMD main spray (tzm) a DV90 main spray (l~m)a SMD sac spray (i.zm)b DV90 sac spray (I.zm)b SMD closing spray (l~m)c DV90 closing spray (l~m)° After injections Main spray skew (o) Sac spray skew (o) Opening time (ms), 12 V design Opening time (ms), 24-70 V design Closing time (ms)



5.0 16.8 32.7 22.4 36.0 19.5 34.6 None 0.0 < 1.0 0.29 0.18 0.38



Air-assisted 7.5 15.6 29.5 20.4 31.2 17.8 30.5 None < 1.0 < 2.0 0.31 0.20 0.37



10.0 14.3 25.2 18.7 29.4 16.6 27.9 None < 1.5 < 2.5 0.33 0.22 0.36



Pulse-pressurized 17.1 31.3 19.6 33.4 17.5 32.8 One small < 1.0 < 1.0 0.26 0.41



Fuel-volume-flux weighted PDA across entire spray at 50 mm from injector tip. b PDA at 50 mm from injector tip on sac spray centerline over sac arrival time. c PDA at 20 mm from injector tip on injector axis for 3 ms following actual closure. a



3. Combustion chamber geometry and in-cylinder mixture dynamics



mixture plume. For SI engines it is known that the turbulence velocity fluctuations near top dead center (TDC) on compression can attain the same order of magnitude as the mean velocity, and that the turbulent diffusive transport and convective transport can be of equal influence in determining the initial state of the combustion process [97,131-133]. The integral scale of the mixture concentration fluctuation inside the combustion chamber can be as large as that of the velocity fluctuation [75]. This results in strong concentration fluctuations at a fixed position, such as the spark gap location, which can lead to difficulties in obtaining a stable flame kernel. There are four key controlling features of the in-cylinder flow field; the mean flow components, the stability of the mean flow, the temporal turbulence evolution during the



3.1. F l o w structure



The transient in-cylinder flow field that is present during the intake and compression strokes of a GDI engine is one of the key factors in determining the operational feasibility of the system. The magnitude of the mean components of motion, as well as their resultant variations throughout the cycle, are of importance that is comparable to that of the fuel injection system. On a microscopic scale, a high level of turbulence is essential for enhancing the f u e l - a i r mixing process; but additionally, a controlled mean or bulk flow is generally required for the stabilization of a stratified
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Fig. 31. Spray structure of an air-assisted injector [71 ]: (a) schematic of the air-assisted injector; and (b) schematic representation of the hollowcone spray structure.
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Fig. 32. Poppet lift and injection volume of a poppet-type, air-assisted injector [130]. compression stroke, and the mean velocity near the spark gap at the time of ignition. For homogeneous combustion in the SI engine, the combination of high turbulence intensity and low mean velocity at the spark gap is desirable. This is generally achieved for PFI engines, and also for GDI engines that operate exclusively in the early injection mode. Therefore, a flow structure that can transform the mean-flow kinetic energy into turbulence kinetic energy late in the compression stroke is considered desirable for the homogeneous combustion case. The GDI engine using late injection, however, operates best with a flow field having an elevated mean velocity and a



reduced turbulence level, which aids in obtaining a more stable stratification of the mixture. This indicates that the optimum flow field depends upon the injection strategy that is being used, which is a difficult compromise for full-feature GDI engines that operate with both strategies. For the GDI combustion system, control of the mixing rate by means of the bulk flow seems to have more potential than the scheduling of turbulence generation. This is not to imply that turbulence is not important to the combustion process. In fact, turbulence is known to be an important factor in entraining the EGR into the local combustion area [134].



70 60 50 4O



"O



- - o - - Pressure Atomizer Air Assist



20



,



10 0



o



1



2



3



4



"rimeAlterN ~ ~ o ~



5



6



U~



7 (msec)



8



9



Fig. 33. Comparison of the injection characteristics between the pressure atomizer and the air-assisted injector [130].
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Fig. 34. Classification of GDI combustion systems [376]: (a) spray-guided system; (b) wall-guided system; and (c) flow-guided system.



In general, a rotating flow structure exists within the cylinder and the combustion chamber, and this coherent structure has an instantaneous angle of inclination between the cylinder axis and the principal axis of rotation. The rotational component having an axis that is parallel to the axis of the cylinder is denoted as swirl, and the component having an axis that is perpendicular to the axis of the cylinder is denoted as tumble. The magnitudes of both the swirl and tumble components are very dependent on the particulars of the intake port design, intake valve geometry, bore/ stroke ratio, and the shape of the combustion chamber. Both swirl-dominated [43] and tumble-dominated [20] flow structures are used to achieve stratified combustion in GDI engines. For the tumble case, the fuel plume is deflected from a shaped cavity in the piston, and the vapor and liquid fuel are then transported to the spark plug. For the swirldominated flow field, the mixture cloud is concentrated at the periphery of the piston cavity [294]. Another air motion that must be evaluated in detail in GDI combustion system development is squish. This flow is generated in the radial direction inside the piston-to-head clearance when the piston is close to the compression TDC. Some of the features of swirl, tumble and squish and their roles in GDI combustion system are summarized as follows. • Swirl: o yields less viscous dissipation and is preserved longer into the compression stroke; o good for maintaining stratification; o intensified when combined with squish; o engine speed dependent, thus yields a limited operation zone for adequate fuel-air mixing. • Tumble: o transformed into turbulence near TDC by tumble



deformation and the associated velocity gradients; o only totally transformed into turbulence with a flat pancake chamber; o incomplete transformation into turbulence may lead to an elevated mean flow; o effective in creating high levels of near-wall flow velocities for promoting wall film evaporation; o effective in enhancing mixing by turbulence generation; o yields larger cycle-to-cycle variations than does swirl; o tends to decay into a large-scale secondary flow structure, making stratification more difficult. • Squish: o not pronounced until piston is near TDC; o only changes the bulk flow, intensifying the swirl or tumble; o increases tendency to autoignition due to extended crevice regions; o may require a reduction of compression ratio; o effect of reverse squish must be evaluated. Owing to the more favorable geometry, the swirl component of the in-cylinder motion generally experiences less viscous dissipation than the tumble component, therefore it is preserved longer into the compression stroke and is of greater utility for maintaining mixture stratification. The swirl flow is usually combined with a squish flow that imparts a radial component to the air motion as the piston approaches TDC on compression. A shaped cavity in the piston may also be utilized to obtain the required turbulence production late in the compression stroke. The combined effects of squish and swirl lead to intensified swirl and augmented turbulence intensity during the early portion of the combustion period. It should be noted that the concept of using swirl to promote the fuel-air mixing is considered to have a limited zone of
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operation. This is because the momentum of the swirling air increases in proportion to the engine speed, whereas the momentum of the fuel spray is independent of the engine speed. As a result, the engine speed range in which the adequate fuel-air mixing can be realized may be limited [51 ]. The tumble component of the flow field is transformed into turbulence near TDC by tumble deformation and the associated large velocity gradients, and can only be totally transformed if the combustion chamber geometry is sufficiently flat. Otherwise, an incomplete transformation of tumble kinetic energy will occur, which generally results in an elevated mean flow velocity at the spark gap. Also, tumble-dominated flow fields in GDI engines generally yield larger cycle-to-cycle variations in the mean flow than those obtained for swirl-dominated flows [135,304]. These variations influence both the centroid and the shape of the initial flame kernel following ignition, but do not produce significant changes in the combustion period or flame speed [23]. Further, the tumble component of the motion tends to decay into large-scale secondary flow structures due to the effect of the curved cylinder wall, which makes maintaining a stable mixture stratification more difficult. With respect to turbulence generation, the presence of a significant tumble component is effective in enhancing the turbulence intensity at the end of the compression stroke, which is essential to compensate for the reduced flame speed of a lean stratified mixture. The tumble motion that is present early in the compression stroke rapidly decays into multiple vortices that have a size on the order of the turbulence length scale. This rapid transformation of kinetic energy into turbulence is not generally observed for swirldominated flow fields. The swirl flow continues to rotate relative to a center point that generally precedes in a complex, precessing path around the vertical cylinder axis for the entire time period from the beginning of the compression stroke to the end of TDC. The cylindrical geometry of the chamber is obviously quite favorable for maintaining a swirling flow with little viscous dissipation [294]. It should be noted, however, that high-swirl-ratio flows may centrifuge the largest droplets from the fuel spray onto the cylinder wall, causing an increase in fuel wall wetting. Numerous varied approaches to GDI combustion systems have been proposed with a wide range of combinations of in-cylinder charge motion (swirl, tumble, squish), combustion chamber shape, piston geometry, and spark plug and injector locations. A number of these systems will be discussed in detail in Section 6. Each of the GDI combustion systems in the literature can be assigned to one of these major classifications: spray-guided, wall-guided and flowguided (or air-guided), on the basis of strategies for realizing stratified charge operation during part load. A schematic presentation of these concepts is shown in Fig. 34. This specific class assignment depends upon whether the spray dynamics, the spray impingement on a piston surface or the mixture flow field is primarily utilized to achieve
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Fig. 35. Mixture preparation strategies for GDI combustion systems [57]: (a) swirl-based systems with centrally mounted injector; (b) swirl-based systems with centrally mounted spark plug; (c) tumblebased systems; and (d) squish-based systems. stratification. It should be noted that regardless of the classification, the stratification is generally achieved by some combination of these three mechanisms, in which the relative contribution of each individual process varies. The majority of GDI combustion systems that have been developed and reported to date, including the classic DISC engine concepts, utilize in-cylinder air swirl as the primary in-cylinder air motion. The swirl-dominated, in-cylinder flow is generally combined with either a simple, open combustion chamber or a cylindrical or reentrant bowl in the piston. Some key examples of GDI combustion systems, as summarized by Fraidl et al. [57], are illustrated in Fig. 35(a). All of these systems use a swirling in-cylinder flow to stabilize the mixture stratification. Ignition stability is maintained in the majority of these systems by positioning the spark gap at the periphery of the fuel spray. This arrangement generally requires spark plugs with extended electrodes, which has led to some plug durability problems at higher engine loads. Some special designs using a central spark plug and a noncentral injector position are shown in Fig. 35(b). The concept of an off-axis piston bowl, fuel injection onto the bowl wall, and a central spark gap in the main cylinder is depicted in Fig. 35(b)-a. An adaptation of the flow-collision concept to the GDI engine is shown in Fig. 35(b)-b. This concept invokes the flow-to-flow collision at the center of the combustion chamber
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where the ignition occurs. An open chamber designed to generate a quasi-divided chamber near TDC is illustrated in Fig. 35(b)-c. This quasi-divided chamber limits and controls the air quantity that mixes with the late-injected fuel [131]. As a result of its inherent rotational acceleration during compression, the tumble motion can be effective in creating high levels of near-wall flow velocities even relatively late in the compression stroke. This can promote the evaporation of a wall film that is formed by an impinging fuel spray. The transport of fuel vapor to the point of ignition may also be enhanced by this flow structure. In recent years, the tumbledominated flow field is being intensively applied to GDI combustion systems. Engineers at Mitsubishi [20] and Ricardo [136,137] first proposed the reverse tumble concept in conjunction with a specially designed piston cavity which creates a stratified charge near the spark gap. The cavity is designed to control the spray impingement and flame propagation by enhancing the reverse tumble flow throughout the compression stroke, with the squish flow from the exhaust to the intake side of the chamber increasing the flame speed inside the piston cavity. Reverse tumble as the dominant incylinder air motion may be effective for designs in which the spark plug is centrally located and the injector is positioned below the intake valve. In such designs, the reverse tumble can be effective in moving the vapor and liquid fuel toward the spark gap after spray impingement on the walls of the piston cavity. The reverse tumble of the Mitsubishi GDI engine is achieved by a straight, vertical intake port. This design is also effective in providing additional space in the cylinder head to accommodate the injector. Three examples of GDI combustion systems using tumble, as summarized by Fraidl et al. [57], are shown in Fig. 35(c). A comparison of the engine performance of a GDI engine that operates using both the swift and reverse-tumble concepts show that these two types of flow fields provide similar lightload engine performance for the air-fuel ratio range of 35-40. However, for the high-load region in the air-fuel ratio range of 20-30, problems of combustion stability and smoke emissions are encountered for the swirl-dominated engines. Also, the required engine control system for this type of engine is more complex in order to accommodate engine load transients [ 138]. Based upon experience gained in developing lean-burn engines, Yamada [ 139] proposed a GDI engine concept using an "inclined swift". This in-cylinder flow contains both swift and tumble in a design that ostensibly combines the best features of these two flow structures. As reported by Furuno et al. [ 140], an inclined swirl at an angle of 45 ° significantly enhances the turbulence intensity and provides a reduction in the COV of IMEP. Yamashita et al. [ 141 ] investigated the effects of in-cylinder airflow pattern (tumble vs. swirl) on the Mazda prototype GDI combustion characteristics for stratified-charge operation. It was found that when the engine is operated at light load, the swirl flow exhibits an improved ISFC, whereas a tumble flow results in a marked combustion



instability that requires additional intake throttling. In-cylinder hydrocarbon (HC) measurements obtained near the spark plug by fast FID indicate that for the reference swirl case a stable combustible mixture is formed near the spark plug gap at the time of ignition, yielding low UBHC fluctuations. For tumble flow the air-fuel ratio was found to be about 24 and the associated in-cylinder UBHC fluctuation is much larger. It should be noted that this combustion system was most likely optimized for swirl flow. It was also found that an increase in the swirl ratio can further reduce the ISFC, which is attributed to improved fuel transport, more rapid evaporation of fuel in the film on the piston-bowl surface and the reduced fuel dispersion. Fraidl et al. [142,143] and Wirth et al. [144] reported that the stratified-operation requirements of GDI combustion systems can be achieved with either swirl or tumble air motion concepts. Usually the performance differences between swirl and tumble systems are smaller than is obtained between different methods of establishing the stratified charge, such as the spray-guided versus the wallguided techniques. With a flat combustion chamber, the intake-generated charge motion required, even beyond TDC, can be achieved quite effectively by a swirl port that introduces a swirling intake flow. With a pentroof-shaped combustion chamber, however, tumble flow is generally found to be more efficient. The tumble-flow concept is recommended for a four-valve engine having a valve angle that exceeds 40 °, whereas the swirl-flow concept is recommended for four- and three-valve engines having valve angles of less than 30 ° . With valve angles from 30 to 40 °, either charge-motion strategies can be applied effectively. Variable charge motion is recommended to achieve good performance at both part and full load. This requirement favors swirl-flow, as variable swirl by means of port throttling or deactivation can be achieved with less complexity than variable tumble. For a four-valve GDI system, the valve cross sections necessary for achieving competitive full load characteristics leave little design flexibility in the pentroof geometry. In general, tumble-based combustion systems require relatively deep piston bowls with medium or smaller valve angles. However, the use of deep bowls is found to degrade homogeneous combustion significantly. Comparatively, swirl flow can be preserved more efficiently due to reduced momentum dissipation through transformation into small-scale flow. Therefore, the use of swirl flow can provide good results even with relatively shallow piston bowls. In such a case, the combustion chamber height can be reduced to accommodate designs having a small valve angle. Some systems that employ squish as the dominant motion for charge stratification are illustrated in Fig. 35(d) [57]. The principle is to use the squish to generate turbulence in order to enhance the evaporation of fuel on the combustion chamber walls and improve mixture preparation. The squish area needs to be carefully determined for these systems in order to limit autoignition under full-load homogeneous
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operation. It is important to design a system that can minimize fuel encroachment into the squish area. Jackson et al. [145] calculated the nondimensional squish velocities for combustion chambers with two different clearance heights, basing the calculation solely on volume changes during compression. The combustion characteristics and engine performance with these two different clearance heights were also compared in an engine test by simply raising the cylinder head and liner relative to the crankcase, which had the effect of reducing the engine compression ratio from 12.7 to 10.4. It was concluded that the effect of the squish flow on the mixture preparation and combustion is quite limited. It was also found that NOx levels are similar, which suggests that there is little or no change in the airfuel ratio in the vicinity of the spark plug. The similarity in the response of UBHCs to combustion phasing further suggests little change in the transport time. It was also reported that the observed change in fuel consumption is less than would be expected for the decrease in the compression ratio. This was assumed to be due to the reduction in friction resulting from the lower cylinder pressures. Another important issue that should be noted in GDI combustion system design is that the spray-induced flow field can exert a significant influence on the in-cylinder airflow field [145,146,343,368,372]. The secondary flows induced by the spray itself may lead to spray contraction depending on the droplet size and the in-cylinder ambient conditions [290,295,373]. Han et al. [147] used the KIVA code to predict the effect of a spray-induced flow field on the flow structure inside the combustion chamber of a GDI engine having a center-mounted injector. For the early injection case, it was found that the momentum generated by the injected stream of liquid droplets is partially transferred to the surrounding gases, which increases the kinetic energy of the charge soon after the fuel is injected. This spray-induced flow enhances the in-cylinder air-fuel mixing; however, the increased kinetic energy rapidly decays as the piston moves up during the compression stroke, and the increase in the TDC kinetic energy over the noninjection case was found to be relatively insignificant. The spray-induced motion does affect the large-scale, in-cylinder flow structures. In particular, it increases the mean velocities of the gases in the spray region, and significantly suppresses the intake-generated bulk flow for all of the injection timings considered in the study. For injection later than 150 ° ATDC on intake, the turbulence intensity as enhanced by fuel injection is substantially higher than that of the noninjection case. About 10% extra turbulence intensity is generated by the typical GDI spray when the initiation of fuel injection occurs later than 150 ° ATDC on intake. It was concluded that for operation in the early injection, homogeneous mode, the later the start of the injection, the higher the turbulence intensity at TDC on compression. Lake et al. [ 148] predicted the variation of the turbulence intensity of a GDI engine for injection timings corresponding to both homogeneous and stratified operation, using the



1.8 ' Homogeneou



Or] v=



1.6



"~ ¢,..



1.4



,"



1.2



(..}



~"



1.0



.~



0.8



L_



-



"



Stratified



f f



0.6 180



225



270



315



Crankangle (deg)



Fig. 36. Effect of the spray-induced flow field on the variation of turbulence intensity for both homogeneous-and stratified-charge operations [ 148]. Ricardo VECTIS CFD code. These predictions are shown in Fig. 36. A marked difference in the turbulence level was found between the early injection and late injection strategies. Early injection contributes to the generation of turbulence with intensity twice that of late fuel injection, which exhibits the typical turbulence history of a typical four-valve PFI engine. The turbulence generated directly by the spray during the intake stroke was found to be sustained well into the compression stroke. The subsequent decay of the mean flow at a higher initial level of turbulence results in a correspondingly greater peak turbulence level near TDC on compression. It was also noticed that the peak of the turbulence intensity for the case of charge stratification with late injection is slightly higher than that obtained from the conventional PFI engine. This is considered to be directly attributable to the turbulence induced by the injection event. Stanglmaier et al. [149], Hall et al. [150] and Alger et al. [151] experimentally studied the spray-air and spraypiston interaction process during the early injection mode. It was found that there was a slight decrease in the tumble intensity caused by the injection event. However, this reduced tumble appears to persist longer into the compression stroke than was observed for the no-injection case. It was also observed that a decrease in the spray-piston impingement occurred with increasing engine speed. Moriyoshi et al. [132,152-154,333-336] proposed a swirl stratification concept for maintaining a rich mixture pocket near the spark plug gap. The concept is to create a high swirl during the latter stages of the intake stroke by an electronically controlled, swirl-control-valve (SCV). The swirl ratio in the top portion of the cylinder would be higher than that near the piston crown with this technique. This swirl difference is conjectured to result in a pressure difference along the cylinder axis that will yield a net flow from the piston crown to the spark plug, suppressing the mixture diffusion in the cylinder axial direction. Engineers at Nissan [88,100] observed this type of air motion in their GDI combustion system. This particular air motion was designated as the Liftup Swirl, and has been confirmed by both
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(b) Fig. 37. Computed spray-tip penetration characteristics [147]" (a) spray-tip axial penetration; and (b) spray-tip axial velocity.



CFD calculation and LIF measurement. Two types of swirl are identifiable in a bowl-in-piston chamber: one is the main-chamber swirl and the other is the bowl swirl. The two swirl ratios can be significantly different when one of the two intake valves is closed to induce swirl. In general, the pressure at the swirl center is lower than that at the periphery. As a result, a pressure gradient exists from the bowl to the spark plug and an upward flow is generated from the edge of the bowl to the center of the chamber. CFD calculations show that the presence of horizontal swirl in the compression stroke generates a strong vertical flow inside the piston bowl,



which enhances the transport of the mixture plume from inside the bowl to the spark plug. 3.2. F u e l - a i r mixing



The conditions inside the engine cylinder, such as the temperature, pressure and the airflow field exert a very substantial effect on the spray atomization and dispersion, the air entrainment in the spray plume, and upon the subsequent fuel-air mixing process. The complex and timedependent spray-airflow-interaction process will determine the rate of fuel-air mixing and the degree of mixture
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stratification. The mixture preparation process is strongly dependent on the spray geometry, the in-cylinder flow structure, and the fuel injection strategy [155]. Han et al. [156] examined the effect of the mean flow components of swirl and tumble on the in-cylinder fuel-air mixing process of a GDI engine using a modified version of the KIVA-3 code to simulate early fuel injection. The configuration analyzed was a center-mounted injector that injects fuel axially into the cylinder during the intake stroke. The injected hollowcone sprays were found to be significantly deflected by the intake flow, with the droplets tending to follow the airflow stream lines. The spray-tip penetration for the tumble-dominated flow field was found to be greater than that for either the swirl-dominated or the quiescent flow fields. Spray-wall impingement was found to occur by bottom dead center (BDC) on intake, after which some of the liquid fuel was predicted to remain as a wall film while other droplets were entrained by the airflow. A rich-vapor region was predicted to remain near the piston surface during the compression stroke in the relative quiescent, nontumble flow field. For both the tumble-flow and swirl-flow cases, the rich-vapor region was found to move with the main flow stream and disperse. However, some pockets of rich mixture do remain near the piston surface. According to Spiegel and Spicher [157] who evaluated the combustion characteristics of a GDI engine utilizing both hollow-cone sprays and sprays from multi-hole (diesel-type) injection nozzles, the hollowcone spray is easily deflected by a strong swirl and, as a result, it is difficult to maintain a stable stratified mixture. For the multi-hole nozzle, however, a strong swirl was found to be effective in achieving a stable stratified mixture-cloud. Conflicts related to the suitability of multi-hole nozzles for stratified-charge operation exist in the literature. Han et al. [147,158] extended an earlier investigation to a detailed prediction of the effect of the in-cylinder flow field on the spray dispersion process inside the combustion chamber of a GDI engine. It was found that the hollowcone spray structure that occurs for bench tests in a quiescent environment is also obtained in the engine when injection occurs during the intake stroke. However, the intakegenerated flow field does influence the trajectory of the injected spray, with the spray being deflected and the spraytip axial penetration being increased. Due to the combined effect of deflection and increased penetration, spray impingement on the cylinder liner occurs when fuel is injected between 90 and 120° ATDC on intake, even though the spray is injected axially. The computed spray-tip penetrations of the main spray in the cylinder axial direction versus the delay time after the start of injection are shown in Fig. 37(a). The spray-tip axial velocities for different injection timings are plotted in Fig. 37(b). These velocities were deduced from the spray-tip penetration data. The intake flow was found to have the largest influence on the spray for injection timings that are earlier than 90 ° ATDC in the intake stroke. The details of the spray-wall impingement depend not only on the injection timing, and upon the phasing between the spray and piston velocities,
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but also on the details of the instantaneous flow field. Fig. 38 shows the time histories of the liquid fuel fraction on various combustion chamber surfaces. As computed for this configuration, the amount of liquid fuel that impacts all wall surfaces is as high as 18% of the total fuel injected, leading to the formation of relatively rich vapor regions near the piston surface late in the compression stroke. The fraction of injected fuel vaporized is shown in Fig. 39 for an injection timing of 120° ATDC. It is predicted that almost 90% of the fuel will be vaporized at a crank angle of 330 ° ATDC on intake. Other prediction results show that the distributions of the mixture in the three different equivalence ratio ranges (~h > 1.5, 1.5 > > 0.5, ~ < 0.5) are not significantly different for an injection timing later than 90 ° ATDC on intake. This was considered to be due to the fact that the remaining liquid in these cases, which is about 3% of the total fuel injected, is located near the piston surface, and the rich mixture in this region is less affected by the in-cylinder flow field. Although variations in injection timing result in differing levels of charge stratification, the general trend with respect to the locations of rich and lean regions is not modified. It was concluded that the gross features of the charge distribution are primarily determined by the injection and flow-field orientations. For the early-injection cases considered, the mixture ratio was found to be generally leaner in the main-chamber region and richer in the squish region, with the air-fuel ratio ranging from 8 to 24. Yamauchi et al. [86] divided the mixture formation process of a centrally mounted injector into three stages. Stage I is called the free-spray stage during which fuel droplets form a hollow cone and generate a toroidal vortex. The tumble component of the in-cylinder flow was found to have a slight effect on both the spray trajectory and the fuel vapor distribution. The tumble flow considerably alters the effect of the fuel injection event on the gas motion. Stage II begins with spray impingement on the piston crown. During this stage the piston cavity shape controls the outline of the spatial distribution of air-fuel mixture. After the completion of spray impingement on the piston cavity, the diffusion and convection of the air-fuel mixture is denoted as stage III. In this stage, the number of fuel droplets significantly decreases due to evaporation resulting from a steep rise in the ambient gas temperature at the end of compression. The rich mixture region rapidly diminishes in extent and the airfuel distribution becomes more uniform. Throughout these three stages the interaction between the spray and the incylinder flow field is primarily determined by the relative amounts of momentum of the in-cylinder flow and the free and impinged sprays. The spray geometry can be significantly influenced by this interaction. Further, the impinged spray trajectory is greatly influenced by the angle of impingement and the cavity shape. The final distribution of fuel vapor concentration at the time of ignition is primarily determined by this interaction and the cavity shape. Hall et al. [150] reported that for a centrally mounted swirl GDI injector, the toroidal vortex formed near the head of the spray and its upward transport is inhibited on the intake
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Fig. 38. Computed histories of the liquid fuel fraction of the totally injected fuel on the cylinder wall, the piston crown and the sum of the two cases [ 147]. side of the cylinder. The greatest fuel droplet density is observed along the axis of the spray even though the spray is ostensibly a hollow cone. The recirculation of small droplets induced by the toroidal vortex may be largely responsible for this. The tumble momentum is reduced by the fuel entrained in the flow, while a downward airflow component is induced by the spray. This



momentum difference is detectable well into the compression stroke. Ohsuga et al. [ 159] studied the mixture formation process inside the combustion chamber using a centrally mounted fuel injector. Airflow fields of variable swirl and tumble components were created inside the intake port by an air jet passage and an external control valve. It was reported
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that a tumble flow field is likely to deflect the spray towards the cylinder wall for the centrally mounted injector position, and it was noted that a swirl flow concentrated the spray plume at the center of the cylinder and is effective in reducing cylinder wall wetting. The effects of the spray cone angle and spray-tip velocity on the lean limit were also investigated. It was found that the lean limit could be extended markedly when the spray-tip velocity is reduced and the spray cone angle becomes narrower. For a solidcone spray with a spray angle of 45 °, the test engine could be operated at an overall air-fuel ratio of 40. Optimizing the spray cone angle and tip penetration is one of the most important steps in minimizing fuel impingement for GDI systems other than wall-guided. With substantial fuel impingement on the combustion chamber surfaces, improved fuel atomization can only partially enhance the mixture preparation. Pool-burning of the wall film will occur, along with the associated negative effects of increased heat loss and UBHC emissions. Dodge [54,55] calculated the fuel wall impingement that is associated with droplet penetration in GDI engines by computing the drag coefficients of the droplets. This penetration distance for impact was 20 mm for late injection versus 80 mm for early injection. For the case of early injection of a spray having a SMD of 15 p~m, it was found that most of the droplets decelerate to a very low air velocity prior to reaching the piston crown. Similar results were also found for late injection, in spite of the significantly reduced penetration distance that is available before the spray impacts the piston. The rapid droplet deceleration is due mainly to the higher air densities that are encountered for the late injection condition, which results in increased droplet drag and enhanced vaporization rates. The worst case that was analyzed was for



a spray from a pressure-swirl atomizer with a cone angle of 52 °, which was found to maximize the penetration distance while preserving spray impact on the piston crown and cylinder wall. The general relationship between the initial spray-tip velocity and the spray SMD is shown in Fig. 40 for GDI injectors and fuel pressure levels tested by Fraidl et al. [57]. It is evident from the figure that there is a limitation on the spray-atomization benefit that can be obtained by increasing the spray tip velocity. Any further increase in the initial spray-tip velocity may aggravate the problem of excessive spray penetration, but may not significantly enhance atomization. Currently, most fuel systems for GDI engines utilize fuel pressures in the range of 5.0-7.5 MPa, although there are some systems that use fuel pressures of 10-13 MPa. The curve shows that optimum atomization is associated with initial spray-tip velocities that are in the range of 4 0 50 m/s, which is approximately twice the typical peak flow velocity of the in-cylinder flow field. Depending upon the orientation of the spray axis relative to the incylinder flow field, the momentum of the fuel spray can be a substantial addition to the momentum of the flow field. As the clearance height is generally quite small in GDI engines, the spray of swirl injectors could result in some degree of wall impingement even though the initial spray-tip velocity is significantly less than is obtained with a diesel system. Lake et al. [148] obtained numerical predictions of the details of fuel-air mixing inside the cylinder of a GDI engine with a side-mounted injector. For early injection, fuel was introduced into the cylinder between 170 and 190 ° ATDC on intake, whereas the corresponding values for late injection were 20-40 ° BTDC on compression. It
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Fig. 40. Effect of the spray-tip velocity on the mean droplet size for a wide range of injectors and fuel rail pressures [57]. was reported that for early injection the initial development of the spray is largely unaffected by the air motion due to the high spray momentum. Spray impingement on the cylinder wall was predicted to occur at 185 ° ATDC on intake, causing a rich mixture to remain near the piston crown throughout most of the compression stroke. At a crank angle of 25 ° BTDC on compression, the bulk tumble motion begins to decay rapidly and a fairly homogeneous stoichiometric mixture is produced. It was predicted that over 90% of the injected fuel is vaporized by 20 ° BTDC on compression. For the case of late injection, with the injection event initiated at 40 ° BTDC on compression, fuel impinges directly on the piston crown. It was found that only 50% of the injected fuel is vaporized by 20 ° BTDC on compression. This indicates that the particular geometric configuration that was analyzed would not be able to operate in the stratified-charge mode. Duclos et al. [ 160] studied the fuel-air mixing process of the Mitsubishi GDI engine using CFD. The computational results show that, for early injection operation, the homogeneity of the mixture is degraded by increasing the average equivalence ratio. For overall lean homogeneous operation the mixture is nearly homogeneous, while a rich region exists above the center of the piston for overall stoichiometric operation. The analysis for stratified operation shows that the fuel initially ignited by the spark plug comes directly from the injector and is not guided by the piston bowl. The main function of the bowl geometry would appear to be the confining of the fuel during the flame propagation process. It was noted that some improvements of the description of the interaction between hot surfaces and the spray (the wall-film sub-model) are required even for the early injection timing, as the fuel distribution in the cylinder directly affects flame propagation. Interactions between impinging liquid droplets and the piston are also an important consideration for stratified charge operation. The interaction of the fuel spray with the in-cylinder airflow was investigated by Kono et al. [ 161]. Fig. 41 (a)



shows the combustion chamber geometry that was used, and illustrates the locations of the injector nozzle and spark plug. A single-hole nozzle was used to inject fuel into the piston bowl of the engine. Three spark plug locations were selected, all having the same distance from the nozzle tip. As a result, three injection directions were used to direct the fuel towards the spark plug, including one with swirl, which is denoted as the forward direction, one radial, denoted as the central injection, and one against the swirl, denoted as the reverse direction. The measured engine performance and emissions obtained using these three different injection directions with different quantities of injected fuel are shown in Fig. 41(b). The KIVA calculations of the spray-dispersion characteristics inside the piston bowl indicate that significant bowl wall wetting occurs for injection in the forward direction. A rich fuel zone appears in the vicinity of the cavity wall and the spark gap. The fuel is dispersed by the swirl, and a lean mixture zone is formed downstream of the injector. As a result, the measured fuel consumption and UBHC emissions were found to be higher for the forward direction than for the other injection directions. Large fluctuations in IMEP were noted, indicating that ignition and combustion are not stable for this injection direction. For the case of reverse injection direction, the tip of the spray is rapidly decelerated, and the mixture cloud is formed in the vicinity of the spark gap. As a consequence, good fuel economy and stable combustion are obtained. For the central injection direction, the spray development and penetration are not significantly influenced by the swirl, and the tip of the spray penetrates across the cylinder bowl and impinges on the far wall. Therefore, a combustible mixture is not formed around the spark gap. Interestingly, the UBHC emissions for central injection were found to be equal to that for the reverse injection direction for all of the fuel amounts that were evaluated. This work demonstrates the important relationship between the airflow field and the spray orientation.
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(b) Fig. 4 I. Effect of fuel injection direction on engine performance and emissions [ 161 ]: (a) configuration of the cylinder head; and (b) measured engine performance and emissions (F: forward; R: reverse; C" central). The amount of fuel-wall impingement is known to vary significantly with the injection timing and engine speed, thus the injection timing must be optimized in order to avoid spray over-penetration and wall-wetting [20,40,161, 326]. There is a general consensus that the timing for early injection should be adjusted so that the spray-tip chases the receding piston without significantly impacting it. Fig. 42 shows an example comparison of the phasing of spray-tip penetration and the piston crown trajectory at 1000 rpm for various injection timings [20]. The injection timing is critical to avoiding spray impingement for both early and late injection. To enhance the fuel evaporation and the fuel-air mixing process, it is necessary to set a minimum time interval between the end of fuel injection and the occurrence of the spark in order to avoid an over-rich mixture near the spark plug. As a result, the injection timing should be advanced as the engine speed increases. According to Matsushita et al. [43], the fuel injection timing must occur between the intake TDC and 160 ° BTDC on compression in order to provide enough time for the fuel to completely vaporize. For the avoidance of spray



impingement, start-of-injection (SOI) timing is the most meaningful and for mixture preparation, end-of-injection (EOI) timing is the most applicable injection timing parameter. Both should be recorded during GDI engine development programs. Iiyama et al. [99,100] investigated the effect of injection Injection Start
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Fig. 42. Spray-tip penetration and piston trajectory for an engine speed of 1000 rpm [20].
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0 20 40 60 80 Ratio of Fuel Wall Impingement to Injected Fuel (~;) Fig. 43. Effect of the injection timing on fuel wall wetting of the Nissan GDI engine [100]. timing on fuel wall wetting of the Nissan GDI combustion system. Fig. 43 shows the calculation results for an engine speed of 1400 rpm. It was found that when injection occurs during the early intake stroke, namely 350 ° BTDC on compression, serious fuel wetting of the piston crown occurs, little or no fuel wetting of the cylinder head was obtained. With a later injection timing, the extent of fuel wall wetting decreases markedly. At an injection timing of 270 ° BTDC on compression, the wetting of the piston crown is diminished significantly, whereas the wetting of the cylinder wall is nearly doubled as compared with that obtained for an injection timing of 350 ° BTDC on compression. Fig. 44 shows the effect of fuel impingement and fuel film thickness on smoke emissions. The smoke emission level was obtained in engine tests conducted for a range of injection timings and injected fuel quantities. The amount of fuel wall wetting and wall film thickness were calculated by CFD code for each test. It is shown that the smoke is more dependent on the wall film thickness and less dependent on the total fuel amount on the piston surface. A thick wall film does not evaporate completely before ignition occurs and the remaining fuel film causes a diffusion flame that
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produces smoke. This indicates that even a small amount of fuel that impinges on the piston crown would produce a considerable amount of smoke if the wall film were thick. With a wall-guided concept, fuel impingement on a special piston cavity is utilized to create a stable stratified charge at light load. For all other GDI combustion system types, fuel wall wetting should be avoided to the greatest extent. The effects of the in-cylinder swirl ratio and nozzle type on the resulting penetrations of gasoline, direct-injection fuel sprays were reported by Harrington [163]. Six nozzle types of one-, two- and three-hole configurations were used to obtain spray penetration data for three swirl ratios and four in-cylinder pressure levels. It was found that the spraytip penetration and trajectory was strongly dependent on both swirl ratio and the nozzle geometry. Variations in the spray-tip velocity with distance and time for in-cylinder injection of gasoline were measured by Harrington [164]. It was found that time histories of spray penetration predicted from individual droplet drag correlations were not accurate, as the spray tip is not comprised of a single collection of droplets during the injection event and does not experience the same drag force history as any one individual
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droplet. A three-regime method of penetration and velocity correlation was found to be necessary for accurate predictions; an early time regime that is determined by the injector opening characteristics, a middle-time region that is controlled by spray-tip drag, and a late-time region that is dominated by the in-cylinder flow field. In achieving a stable stratified mixture, the important considerations are the combustion chamber geometry, the airflow field, and the shortening of the interval between injection and ignition. Tomoda et al. [60] investigated the possibility of creating a stable stratified charge using two high-flow-rate fuel injectors; a hole-type nozzle and a swirl nozzle, each with a piezoelectric actuator with the capability of rapidly opening and closing the needle valve at fuel pressure levels exceeding 15 MPa. The concept of this limiting case is to control the degree of fuel vaporization from the liquid film on the piston by means of the hole nozzle, and to control the fraction of fuel vaporization in the airflow field by means of the swirl nozzle. The injectors selected had the capability of injecting fuel at very high pressures (>20 MPa) in a short duration (>0.25 ms) to permit the flow rates to be set independently. It was found that the hole nozzle produces a spray with a narrow cone and a high penetration, thus it is suitable to achieving a stratified mixture around the spark plug at light load. As the fuel vaporization rate achieved using the hole nozzle depends chiefly upon heat transfer from the piston, the delivered droplet size distribution was found to be of less importance than that of the swirl nozzle. Visualization of the spray development shows that vaporization of the fuel spray from the swirl nozzle starts before any wall impingement occurs. For this nozzle it was found that the vaporization rate does not substantially depend on heat transfer from the heated wall. For the hole nozzle, the vaporization rate is suddenly enhanced as the fuel spray impacts the wall. Therefore, an effective utilization of the thermal energy of the piston is very important if a hole nozzle is to be used to achieve a stratified mixture. For the low-load, low-speed condition, the two nozzle types exhibit opposite trends of BSFC variation with the fuel injection pressure. For the hole nozzle the BSFC was found to increase with a decreased fuel pressure, whereas the swirl nozzle was found to yield an improvement in BSFC as the fuel pressure is reduced. This trend continued up to a limiting value of 8 MPa. For the mediumload, high-speed condition, both nozzles require a high fuel injection pressure to maintain low BSFC. It may be assumed that if the injection-to-ignition interval is decreased, the fuel pressure must be elevated in order to shorten the injection duration. In general, since the fuel spray of the hole nozzle has less entrainment and dispersion than that of the swirl nozzle, a suitable stratified mixture can be more readily achieved at light load. At higher loads, a suitable stratified mixture could be achieved most readily with a swirl nozzle, due to its higher rate of spray dispersion. A study on the effect of the mean swirl ratio on the BSFC
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indicates that, at light load, the BSFC is enhanced as the swirl ratio increases. Witaker et al. [165] studied the effect of fuel spray characteristics on engine emissions. It was reported that spray characteristics are of particular importance for homogeneous operation. A comparison of the effects of spray characteristics on engine UBHC emissions during early injection was made between a solid-cone spray (A) and a hollow-cone spray (B). The measured spray characteristics and the resultant UBHC emissions for these two injectors are tabulated in Fig. 45. It was found that the use of a hollow-cone spray yields a decrease in UBHC emissions as the injection timing is varied from 20 ° ATDC to 150 ° ATDC on intake. At a timing of 20 ° ATDC, the measured UBHC difference between the solid-cone and hollow-cone injectors is quite small, but becomes significant at later injection timings. For the solid-cone spray, the UBHC emissions increase linearly as the injection timing occurs later during the intake stroke. For the hollow-cone injector, however, the UBHC decreases as the injection timing is retarded within the experimental range. The results were derived from the same engine setup, with only the injector changed. The effect of fuel volatility on spray characteristics was investigated in detail by VanDerWege and coworkers [166168]. It was found that the cylinder head temperature significantly affects the resulting spray structure. The spray changed from hollow to solid cone when the head temperature was increased from 30 to 90°C. Three types of fuel were tested under different in-cylinder pressures. It was found that at high temperature and low pressure, an acetonedoped isooctane spray experienced flash boiling which caused the spray to change from the hollow-cone structure observed under cold conditions to a solid-cone distribution. The transition in apparent structure takes place around 70°C. As the ambient pressure increases, the transition into a solid cone is less pronounced; at 0.6 bar, an intermediate change was observed. This change was not observed at higher pressures, under which flash boiling was considered not likely to occur, or without the low-boiling-point acetone dopant. Experiments with indolene showed results similar to that of the acetone-doped isooctane. This indicates that the light components in the indolene vaporize in the hightemperature, low-pressure case. The observed solid-cone structure was explained by fast evaporation and flash boiling of the volatile species, followed by entrainment of the smaller droplets into the center of the jet, along with the induced airflow. It is interesting to notice the marked effect of head temperature on the spray characteristics. It is well known that an elevated head operating temperature tends to promote injector deposits. The amount of fuel delivered by the injector will, in general, also vary with the increased injector body temperature. Thus, the standard test specification for the thermal flow shift of an injector must also be considered. Koike et al. [169,324] reported that a high fuel injection pressure is effective in enhancing the fuel evaporation at low ambient temperature and pressure, and is also
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(b) Fig. 45. Effect of the spray characteristics on UBHC emissions for early injection [165]: (a) PDA velocity vector plots of two injectors; and (b) effect of spray characteristics on early-injection UBHC emissions.



effective in increasing the mixing rate at high ambient temperature and pressure. This effect can only be observed when the injection pressure is higher than 10 MPa. When the in-cylinder pressure is higher than the fuel saturation pressure and the in-cylinder temperature is high, which is the stratified charge case, no significant difference in the evaporation rate can be expected for fuels with different saturation vapor pressures. Unintended fuel impingement on the combustion chamber surfaces, either the cylinder wall or the piston crown or both, is often observed in current GDI engines. Nonoptimal fuel injection strategies may lead to fuel wetting of the cylinder wall, leading to the occurrence of gasoline being scraped off by the moving piston, and transported into the oil pan [170-172]. This can degrade the oil very quickly. Oil dilution resulting from the gasoline



impingement on the cylinder wall is one of the factors to be investigated during GDI development. The key factors that affect the amount of fuel impacting the cylinder wall are: • spray-tip penetration curves for sac and main sprays; • injector spray characteristics (cone angle, mean drop size, sac volume); • mounting location and orientation of spray axis; • combustion chamber geometry (piston bowl, dam or baffle); • in-cylinder charge motion, especially during injection; • engine operating conditions (in-cylinder air density and temperature); • fuel injection strategies (injection timing, injection pressure). Engineers at Toyota [170] investigated the extent of oil
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dilution in the GDI D-4 engine for a range of engine operating conditions. The experimental results from this study are summarized in Fig. 46. As shown in Fig. 46(a), a significant oil dilution was measured in the GDI D-4 engine at high load, but was not observed in a conventional PFI engine. For late injection corresponding to stratified charge operation, a similar degree of oil dilution was observed in both the PFI and GDI engines. For this operating point, fuel is trapped inside the piston bowl and fuel wetting of the cylinder wall is effectively avoided. For a similar reason, earlier injection timing seems to be effective in limiting the oil dilution, as shown in Fig. 46(c). It was also found that the oil temperature, coolant temperature and engine operating time are important parameters in minimizing the oil dilution. Closing the SCV valve was found to be another effective way of reducing the oil dilution, due to the fact that the particular air-fuel pattern introduced by the SCV affects the amount of liquid fuel that impinges on the cylinder wall. The use of a solid-cone spray was also reported to be useful in reducing the oil dilution. This was attributed to the low fuel mass fraction at the periphery of the spray as compared to that of a hollow-cone spray. In general, the Toyota GDI combustion system with a side-mounted injector and the spray penetration associated with a very high injection pressure (up to 13 MPa) was expected to experience more cylinder wall fuel wetting, especially for early injection. However, vehicle test results indicate that the overall level of oil dilution in the field is similar to that observed for PFI vehicles. This is quite different from what has been observed in the dynamometer tests. The rapid rise in the engine oil and the coolant temperatures in the vehicle were considered to be the reason. In summary, the preparation of the fuel-air mixture is one of the most important processes in ensuring a successful GDI combustion system. The spray-air-wall interaction and the spray-induced air motion all must be well examined in order to optimize the mixture formation process. Some of the guidelines for an optimal mixture preparation strategy are summarized as follows. • Spray characteristics: o appropriate cone angle to insure good air utilization for early injection; o appropriate fuel mass distribution within the cone to avoid fuel wetting of the cylinder wall and the piston crown outside of the bowl; o appropriate penetration characteristics to insure good air utilization for early injection while avoiding wall impingement; o small sac volume and no after-injection. • Optimized spray-axis angle to achieve a combustible mixture at the spark plug gap while avoiding wall impingement. • Injection timing for the early injection, homogeneous
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operating mode should be advanced to take full advantage of in-cylinder charge cooling. • Spray should "chase" the piston to minimize spray/ piston-crown impingement during early injection. • Injection timing for the stratified-charge operating mode: o timing as retarded as possible to minimize excessive fuel diffusion; o timing advanced enough to enable reliable ignition; o sufficient injection rate and low-pulse-width stability to reliably inject small fuel quantities. • Optimized combustion chamber geometry. • Optimized combination of the above parameters.



4. Combustion process and control strategies 4.1. Combustion chamber geometry



The location and orientation of the fuel injector relative to the ignition source are critical geometric parameters in the design and optimization of a GDI combustion system. During high-load operation, the selected injector spray axis orientation and cone angle must promote good fuelair mixing with the induction air in order to maximize the air utilization. For late injection, the spark plug and injector locations should ideally provide an ignitable mixture cloud at the spark gap at an ignition timing that will yield the maximum work from the cycle for a range of engine speeds. In general, no single set of positions is optimum for all speed-load combinations; thus the positioning of the injector and spark plug is nearly always a compromise. In extending the time-honored considerations for designing PFI engine combustion chambers to the design of GDI combustion chambers, a number of additional requirements must be satisfied. To minimize the flame travel distance, and to increase the knock-limited power for a specified octane requirement, a single spark plug is generally positioned in a near-central location. As with PFI systems, this location usually provides the lowest heat losses during combustion. As pointed out by Jackson et al. [173], spark plug eccentricity should be less than 12% of the bore diameter for achieving a low octane requirement. For a majority of the concepts, the only constant factor in the variety seems to be the central position of the spark plug in the cylinder head [174]. The use of two spark plugs may also be a possible choice for increasing the probability of effective ignition, however, two ignition sources contribute to already difficult packaging problems. The main reasons for a near-centrallymounted spark plug are to obtain a symmetric flame propagation, to maximize the burn rate and specific power, and to decrease the heat losses and autoignition tendency. Once a near-central location has been specified for the spark plug, numerous factors must be taken into account in positioning and orienting the fuel injector. The location selection process can be aided by laser diagnostics
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Fig. 46. Oil dilution results from the Toyota GDI D-4 engine [ 170]: (a) effect of engine load; (b) effect of fuel injection timing; (c) effect of oil temperature; (d) effect of coolant temperature; and (e) effect of engine operation time.
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Fig. 47. Configuration of the Ford prototype GDI engine head [69]. [175,176,300,302,315,320,322,325,329] and CFD analyses [177-180,297-299,301,347,349,357] that include spray and combustion models; however, laser-based optical diagnostics requires a large modification of the engine combustion chamber, and GDI spray models and wall-film submodels are considered to still be in the development stage. This means that, although CFD can be used to screen some possible locations, much of the verification work on injector spray-axis positioning will consist of prototype hardware evaluation on an engine dynamometer. The basic considerations are that the injector should be located in a position that can provide a stable stratified charge at light load, a homogeneous mixture with good air utilization at high load, and avoid the impingement of fuel on the cylinder wall and on the piston crown outside of the bowl. Other important factors include the injector tip temperature and the fouling tendencies of the spark plug and injector, the compromise between intake valve size and injector location, and the design constraints of injector access and service. The effective area available for the intake valves is noted because most proposed injector locations generally reduce the space available for the engine valves, forcing smaller valve flow areas to be used. There are seven important parameters that will influence the final selected location of the injector and spark plug. These are: • • • • • • •



head, port and valve packaging constraints; injector spray characteristics; structure and strength of the in-cylinder flow field; combustion chamber geometry; piston crown and bowl geometry; injector body and tip temperature limits; spark plug design and allowable extent of electrode extension.



In general, the GDI injector should not be located on the exhaust side of the chamber, as injector tip temperatures of more than 175°C may result, causing injector deposits and
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durability problems as discussed in more detail in the injector deposit section. In tests of the Isuzu GDI engine [ 181,182], the Ford GDI engine [40,69], and the Honda GDI engine [ 183], the fuel injector was positioned near the center of the chamber with the spark plug being located near the spray cone as shown in Fig. 47. This location is preferable in many chamber designs as it virtually assures the presence of a rich mixture near the spark gap at the time of ignition. In addition, the vertical, centrally mounted injector location has the advantages of distributing the atomized fuel symmetrically in the cylindrical geometry, thus promoting good air utilization. For late injection, however, the centrally mounted, vertical location directs the fuel spray at the piston and is likely to yield higher UBHC emissions than an optimally inclined orientation. Also, it should be noted that the combustion stability of a GDI engine that uses a centrally mounted, vertical injector for stratified-mode operation is known to be quite sensitive to variations in the fuel spray characteristics. For example, variations in spray symmetry, skew or cone angle due to production variations or injector deposits can result in excessive values of COV of IMEP. For significant distortions of the expected baseline spray geometry, misfires and partial burns can occur. Thus, for GDI engine designs that incorporate a centrally mounted, vertical fuel injector, maintaining the designed spray geometry and quality is critical. The requirement for very close spacing of the injector and spark plug in some designs results in an additional reduction of valve sizes. It also introduces considerations of ignition fouling from the impingement of the spray periphery on the electrodes. Additionally, the use of higher ignition energy to make these systems less susceptible to fouling places greater demands on the durability of the spark plug [331 ]. The rate of formation of injector deposits is always a concern, but placing the injector tip closer to the ignition source could increase this rate. The maximum intake valve size that can be utilized in conjunction with a head-mounted injector is shown in Fig. 48 [57]. Fig. 48(a) and (b) shows the possible layouts where the injector and spark plug are close to each other, which is often designated as the narrow-spacing design. Fig. 48(c) shows several possible locations for a widely-spaced spark plug and injector, which is designated as the wide-spacing design [184]. The significant design constraint is evident, and necessitates the use of auxiliary methods for improving the volumetric efficiency, such as optimizing the intake port design. According to Iwamoto et al. [50,51], the centrally mounted injector location also increases the possibility of smoke emissions. Some cases of spark-plug fouling have been noted for spark gaps positioned within the periphery of a fuel spray from a centrally mounted injector. For a combustion chamber layout with a centrally mounted injector and spark plug, Whitaker et al. [165] and Lake et al. [185] recommended that the injector be located on the exhaust side, with the spark plug on the intake side, which allows conventional tumble in the correct direction to carry the fuel cloud to the spark plug during the compression stroke. This is schematically shown in Fig. 49. In addition,
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Fig. 48. Valve size limitation for optional injector and spark plug locations [57]. this configuration avoids spark plug wetting during early injection by taking advantage of the intake charge motion. However, there was no mention as to how the higher thermal loading on the exhaust side could negatively affect the injector deposit buildup. Another configuration was investigated that had the injector and spark plug mounted longitudinally, namely in line with the crankshaft in order to avoid the adverse effect of air motion on transporting the fuel to the spark plug in a wall-guided system. An air-guided system was also discussed for this geometry, which was reported to require an injector location that was offset towards the exhaust side. A central piston bowl was used for optimizing



the wall-guided system, whereas a piston bowl offset toward the exhaust side was used for optimizing the air-guided system. It was reported that the central injector engine, in a wall-guided configuration, produces the highest UBHC emissions among all the concepts evaluated; and that the MBT combustion phasing is far more advanced. Lake et al. [185] reported that the central spark plug and injector configuration is not common, but that it does provide a long spray path before wall impingement. It was found to yield excellent homogeneous operation with good EGR tolerance at part load and good air utilization at full load. It was claimed that this configuration can be successfully packaged
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Fig. 49. Combustion chamber layout of the close-spaced fuel injector and spark plug with a conventional tumble flow for creating a stratified charge [ 185].
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Fig. 50. Schematic of a close-spaced, three-valve, GDI combustion chamber for a small-bore engine [186]. in a bore size as smaller as 82 mm. Compared to other GDI layouts, this configuration requires the fewest changes from a conventional PFI design. A swirl-flow configuration using a side-mounted injector was reported to provide the best unthrottled stratified results in the tests; however, it was noted that more development efforts to achieve satisfactory WOT operation were required. To relieve the packaging difficulty associated with applying GDI technology to small-bore engines, Leduc et al. [186] recommended that the narrow-spacing concept is more suitable. For GDI engines with a bore diameter of less than 75 mm, a three-valve per cylinder layout with the spark plug close to the injector and a piston cavity that confines the fuel spray to the vicinity of the spark gas was proposed. Fig. 50 shows a schematic of this proposed combustion chamber. To allow a large intake valve diameter, the intake valve stems are vertical. The exhaust valve is located in the pentroof of the combustion chamber. This single exhaust valve was also considered an advantage in providing a more rapid catalyst light-off than is achieved with a two-valve combustion chamber. An eccentric location of the spark plug was chosen for packaging considerations. It was reported that due to the smaller bore size, such a location did not result in a large degradation regarding heat loss and knock resistance. The confinement of the fuel spray in the vicinity of the spark plug was made possible by a welloptimized bowl in the piston. The inclination angle of the injector and the spray characteristics of cone angle and penetration were considered to be the key parameters that must be optimized to minimize any possible fuel impingement on the cylinder wall and piston crown.



Two important ways to achieve a stable stratified mixture are to decrease the time interval between injection and ignition and to decrease the distance between the injector tip and the spark gap [60]. However, decreasing the distance between the injector and the spark gap also decreases the time available for mixture preparation, which generally has a negative effect on UBHC emissions and soot formation. Improved fuel-air mixture formation can be obtained with the loss of some combustion stability by increasing the separation between the spark gap and the injector tip, or by increasing the time delay between the fuel injection and ignition. For open chamber designs in which the stratification is supported mainly by charge motion, a stable stratification can be obtained with directed spray impingement on the piston crown or bowl cavity, with subsequent transport of the fuel vapor towards the spark plug by the charge motion [15]. With the use of a specially contoured piston and an optimized balance of tumble and swirl, the transport of the fuel that impinges on the piston can be controlled to obtain stratified combustion. For the current, widely used, four-valve, PFI engine, the possible injector locations for increasing the separation between the spark gap and the injector tip are illustrated in Fig. 51. One is to locate the injector on the intake valve side of the combustion chamber, and the other is to locate the injector at the cylinder periphery between the intake and exhaust valves. Miok et al. [177] analyzed the mixture formation process that is associated with an injector located at the periphery of the cylinder between the intake and exhaust valves. For this study, the spray was directed towards the center of the combustion
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Fig. 51. Two possible locations for the side-mounted GDI injectors [187].



chamber at an angle of 70 ° down from the horizontal plane. It was found that this injector location and orientation produced a poor mixture distribution near the spark plug when used with a flat piston; however, this may be improved by modifying the piston crown geometry. Lake et al. [ 148] also verified that an optimized piston-bowl position is very important in directing the fuel spray towards the spark plug when using an injector mounted at the periphery of the cylinder. The concept of locating the fuel injector underneath the intake port and between the two intake valves, and in positioning the spark plug at the center of the cylinder, has been invoked by a number of groups [20,22-24,27,99,100]. This geometric configuration is considered to be a key element of a compact design for a multi-cylinder GDI engine, particularly for smaller bore diameters [144]. It provides an improved entrainment of the induction air into the fuel spray, as well as enhanced cooling of the injector tip [187]. Systems using spray impingement on solid surfaces to create a stratified mixture generally exhibit a reduced sensitivity to variations in spray characteristics. Hence, these systems tend to be more robust regarding the effects of spray degradation from deposits, pulse-to-pulse variability or part-to-part production variances in the spray envelope. However, Shimotani et al. [181 ] reported that locating an injector at the periphery of the cylinder on an Isuzu single-cylinder GDI engine produced higher UBHC emissions and fuel consumption than was obtained with the same injector located at the center of the combustion chamber. This was theorized to be due to fuel penetrating to the cylinder wall on the exhaust valve side [42], with an increased absorption of liquid fuel and desorption of fuel vapor by the lubricating oil film. The direct impingement of fuel on the cylinder wall or the piston crown forms a film



of liquid fuel on the solid surface, which can result in some pool-burning and an increase in UBHC emissions [ 162,188]. The use of a side-mounted injector could also result in an increased oil dilution, especially at high-load conditions [170]. An additional consideration in using a spray-impingement system is the necessary compromise that must be made in shaping the piston crown in order to obtain partload stratification. This compromise will most likely be somewhat detrimental to the air utilization at the highload conditions for which a homogeneous mixture is required. The piston curvature may even increase the heat losses from the combustion gases. Andriesse et al. [189,190] compared the homogeneous GDI performance of a side-mounted injector configuration and a centrally mounted injector configuration. It was found that charge homogeneity is the best for a centrally mounted injector, resulting in lower CO2 and smoke emissions, as well as a higher attainable engine torque. At the same mid-range engine speed, the side injector exhibits a 4.5% BMEP advantage while the central injector provides a 6% BMEP advantage over the PFI baseline. The side injector yields the highest volumetric efficiency, as this configuration permitted larger intake valve dimensions. Results for part-load show a slight advantage in UBHC emissions for the central injector configuration. The overall comparison of the two systems indicates that the performance differences between the two systems are incremental, and only a slight advantage exists for the central injector geometry. It was concluded that the choice of the configuration for production is therefore governed mainly by manufacturability considerations, rather than by the performance increment. It should be noted that the combustion system configurations that were used in this study may not have been optimized for either of the injector orientations. This should be considered in evaluating the conclusions. The alignment of the injector relative to the intake port is another design challenge for implementing a side-mounted injector. The use of an intake port configuration largely identical to a PFI port design leads to a very shallow injector elevation angle above the horizontal plane [142]. Such a configuration does provide an intake port with known, good flow characteristics, but the spray may impact the intake valves for early injection, possibly causing deposit formation. This can be partially overcome by using either an angled spray or a steeper injector inclination angle. With a steeper injector inclination angle, the interaction between the spray and the target piston cavity is less dependent on the engine crank angle. This leads to a wider speed range for stratified operation. Based on this fact, Mitsubishi [17] updated its GDI combustion system for the European market by installing the injector more vertically to extend the range of stratified operation to higher engine speeds, as shown in Fig. 52. It is claimed that this also improved the combustion stability under high EGR operation. As a result, a significant engine-out NOx reduction could be achieved. Engineers at Nissan [99,100,191,192] investigated the
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Fig. 54. Effect of the injector inclination angle on the Nissan GDI WOT performance at an engine speed of 4000 rpm [192]. Fig. 52. Comparison of spray targeting for two injector inclination angles in the Mistubishi GDI engine [17]. effect of injector inclination angle on fuel wall wetting, engine performance and exhaust emissions. Fig. 53 shows the fuel amounts, as computed by CFD, on various surfaces of the Nissan GDI combustion system for three injector inclination angles. The injection timing was fixed at 270 ° BTDC on compression for all three cases. It was found that by increasing the injector inclination angle, namely mounting the injector more vertically, the amount of fuel impinging on the cylinder wall decreases only slightly. The amount of fuel wetting the head surface is reduced significantly and the amount of fuel impinging on the piston crown exhibits a marked increase. With a more vertical injector mounting, the total amount of fuel wetting the solid surfaces decreases during early injection, implying that a more verti,cal injector mounting is advantageous. However, a more vertical spray axis degrades the Nissan engine performance at WOT, as shown in Fig. 54, due to poor mixture quality. 40
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Fig. 53. Effect of the injector inclination angle on the amounts of fuel impinging on the cylinder head, piston crown and cylinder wall for the Nissan GDI engine [100].



Fig. 55 shows the effect of injector inclination angle on measured engine fuel consumption, emissions and oil dilution for two operating conditions. It was found that increasing the injector inclination angle, or more correctly, the spray-axis inclination angle tends to degrade the fuel-air mixing process in this engine, which increases the smoke emissions and the engine BSFC. Mounting the injector more vertically was also found to increase the oil dilution. There is indeed a consensus in the literature that the spray-axis inclination angle is an important parameter in developing and optimizing a GDI combustion system. Some additional combinations of fuel injector and spark plug locations proposed by Fraidl et al. [57] are illustrated in Fig. 35. Some of these proposals have been evaluated and found to be lacking in one or more key areas. For example, predictions of the equivalence ratio at the spark gap showed that the mixture at the spark gap is too lean for a flat-top piston at the time of ignition with late injection timings [145,173]. This was for a four-valve configuration with a central spark plug and the injector positioned at the bore edge between the intake valves. Noda et al. [192] investigated the effect of fuel-air mixing on the Nissan GDI wide-open-throttle (WOT) performance. This GDI engine has a side-mounted injector between the intake valves and underneath the intake port. For early injection, homogeneous-charge operation, it was found that the piston bowl designed for promoting stratified charge operation has a negative impact on the mixture formation process when compared to a flat piston. The extended torque range that is obtained with the flat piston is shown in Fig. 56. Both LIF and CFD results indicate that the use of flat piston promotes a more uniform mixture. It is claimed that the improvement in power output for WOT operation is reduced markedly when a bowl is provided in the piston crown to accomplish the stratified charge combustion. Yamashita et al. [ 141 ] investigated the effect of pistonbowl shapes on the Mazda prototype GDI system for stratified-charge operation. The oval shape bowl diameter (large diameter), D, and bowl depth, H, were varied. Three different diameters of D = 40,50,60 mm and two bowl
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Fig. 55. Effect of the injector inclination angle on the Nissan GDI fuel consumption, emissions and oil dilution [191].



depths were investigated. It was found that the ISFC at light and medium load is higher with the smallest bowl diameter. The FID measurement of UBHC in the vicinity of the spark plug indicates that the mixture at the time of ignition is too rich at this operating condition. A bowl diameter exceeding 50 mm was recommended in order to achieve a wider operating range. With the same bowl diameter, a deeper bowl was found to produce an enhanced ISFC over a wider range of load. Karl et al. [193] investigated the effect of pistonbowl geometry on the engine-out emissions of the Mercedes-Benz prototype GDI combustion system, which has a close-spaced spark plug and fuel injector. As shown in Fig. 57, both the ISFC and the UBHC emissions are reduced by utilizing an open piston-bowl configuration (bowl-shape 2 in the figure), but this also results in an increase in the NOx emissions. The spark plug gap must always be positioned in a zone of ignitable and combustible mixture when the spark occurs, and this position is affected by the swirl and tumble ratios, spray cone angle, mean droplet size, and injection and spark timings. Guidelines have been reported on the recommended position of the spark gap for open chamber GDI systems by many researchers, such as by Fraidl et al. [57]
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and by Ando [16]. For example, for GDI systems that do not use wall impingement, the spark plug electrodes must generally project into the periphery of the spray cone in order to ignite the combustible mixture, and should also be positioned to shield the gap from being affected by the bulk flow. For low-load operation, it is suggested that the spark gap be near the injector tip; however, close proximity may result in the system being too sensitive to variations in the fuel injection system. Engineers at Mitsubishi [194] incorporated many improvements in the Mitsubishi GDI ignition system, including individual ignition coils for each cylinder, the use of a larger discharge current and a longer discharge time. A platinum electrode with a protrusion of 7 mm was used. Ashizawa et al. [191] investigated the effect of spark plug protrusion on the combustion stability of a Nissan GDI engine for two operating conditions. As shown in Fig. 58, a minimum of 4 mm protrusion is required to achieve a stable stratified charge combustion under tested conditions. In summary, the spark plug should be located near the center of the combustion chamber to obtain the best engine combustion characteristics. System configurations with close spacing of the injector and spark plug usually have the spark gap located in the periphery of the fuel spray cone. The transport of fuel to the spark plug is mainly achieved by the spray penetration. In-cylinder charge motions and the
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Fig. 58. Effect of the spark plug electrode protrusion on the combustion stability of the Nissan GDI engine [191].



associated turbulent fluctuations have only a minor influence on the mixture transport. In contrast, ignition occurs in a region with large gradients in the local mixture fraction and is therefore sensitive to cyclic fluctuations of the spray geometry. Any direct impingement of the spray on the spark plug can lead to plug wetting and cold start problems, and spark plug durability must be evaluated. A further disadvantage of narrow spacing is the associated restriction on valve sizes in multi-valve engines [ 184]. Configurations utilizing a wide spacing of the injector and spark plug have fewer inherent geometric and thermal restrictions for the cylinder head design. The increased time scale for mixture transport from the injector to the ignition location can enhance mixture preparation, but fluctuations in turbulence and related cyclic variability become more critical. Both the narrow-spacing and wide-spacing configurations can be combined with the charge motion concepts of swirl and tumble to achieve viable GDI combustion systems that can operate in the stratified mode. The guidelines for positioning and orienting the GDI fuel injector are listed as follows. • Centrally mounted GDI injector: o higher ignition stability over the engine operating map; o high degree of mixture stratification possible but in a narrow time window; o good at distributing fuel uniformly; o advantageous for homogeneous-charge operating mode; o mixture formation relatively independent of piston crown geometry; o more difficult installation and removal;
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o o o o o



reduced valve size; possible spark plug fouling; higher tip temperature and deposit tendency; sensitive to variations in fuel spray characteristics; higher probability of spray impingement on piston crown; o special spark plug with extended electrodes may be required. • Side-mounted GDI injector: o o o o o o o o o o o



larger valve size permitted; increased mixture preparation time available; facilitated injector installation and removal; less effect of variations in fuel spray characteristics; injector tip more readily cooled by intake air; lower tip temperature and deposit tendency; less fuel impingement on spark plug electrodes; standard spark plug possible; more constraints on fuel-rail positioning; low degree of stratification and large-scale fluctuations; higher probability of spray impingement on cylinder wall; o increased oil dilution probability.



• Locating the injector on the exhaust-side of the combustion chamber should be avoided. 4.2. In-cylinder charge cooling



For the ideal GDI engine, fuel is injected directly into the cylinder as a very well atomized spray that is vaporized completely by absorbing heat only from the in-cylinder air. This is also a very efficient mechanism for cooling the resident air charge inside the cylinder. The resulting decrease in the charge temperature due to the latent heat of vaporization of the fuel can yield an increased mass of air in the cylinder if injection occurs during the induction process, thus increasing the volumetric efficiency of the engine. The reduced charge temperature at the start of compression also translates into lower compression temperatures, thus enhancing the mechanical octane number of the combustion chamber. As a result of the thermodynamic effects of in-cylinder charge cooling, the ideal GDI engine exhibits the advantages of both higher torque and a higher knock-limited compression ratio as compared to the PFI engine. By way of contrast, fuel droplets of 120200 Ixm SMD are injected into the intake port in a typical PFI engine, and a liquid film is formed on the back of the intake valve and on the port wall. This liquid fuel vaporizes under the influence of concentration gradients, port vacuum, and by absorbing heat from the valve and wall surfaces. Therefore, it is difficult to achieve an efficient charge cooling effect in a PFI engine. The cooling of the in-cylinder induction air due to the direct injection of a vaporizing fuel spray during the induction event has been found to provide the following advantages:



• increased volumetric efficiency; • reduced compression temperature; • reduced autoignition tendency at the same compression ratio; • higher knock-limited compression ratio. The decreased charge temperature that is associated with fuel injection during the induction process was found to provide an increase of 2% in the trapped cylinder mass over the noninjection case; however, as would be expected, the gain in volumetric efficiency disappears when injection is retarded to the end of the intake stroke [ 147]. At the other extreme, if the injection timing is advanced to the early stages of the intake stroke, fuel impingement on the piston can occur. The increased wall-wetting reduces the effective charge cooling rate, resulting in a smaller temperature decrease and a smaller gain in the trapped mass. Therefore, for injection circumstances that result in significant wall wetting, the benefits of charge cooling will be diminished. The level of atomization does indeed influence the volumetric efficiency gain, as rapid vaporization of fuel droplets in the air stream during induction is the key factor. Droplet sizes must be sufficiently small such that most of the fuel vaporizes during the time available for the induction event. The cooling effect continues as fuel is vaporized, even into the early stages of combustion; however, the volumetric efficiency gain is directly related to the fraction of fuel that is vaporized by the time that induction is completed. The cooling of the intake charge also modifies and improves the engine heat transfer process, particularly for the early injection that is associated with high-load operation. The charge density is increased during the compression stroke, and the charge temperature is elevated to values higher than the wall temperature, with heat being transferred to the walls. It was reported by Han et al. [147] that a maximum reduction in heat losses can be obtained for a GDI injection timing of 120° after top dead center (ATDC) on intake. This heat transfer advantage diminishes rapidly as the injection timing is retarded towards the end of the intake stroke. Anderson et al. [40] estimated the magnitude of the charge cooling effect on volumetric efficiency for two extreme cases. One case is similar to that of the PFI engine where the fuel is vaporized only by heat transfer from the intake port and valve surfaces. The other case corresponds to the ideal GDI engine where the fuel is vaporized only by absorbing thermal energy from the air. For an assumed initial intake air temperature of 100°C and a fuel temperature of 50°C, it was found that for direct injection the volume of the mixture after vaporization is about 5% smaller than the volume of intake air. Under the same inlet conditions, however, if fuel is vaporized and heated to the intake air temperature by heat transfer from the wall only, the mixture volume will increase by 2% due to the volume of the fuel vapor. Thus, the total difference in the mixture volume of the two extreme cases can be as large as 7%. However, it should be noted that these extreme cases
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are not totally descriptive of real GDI and PFI processes, because some vaporization of fuel in air occurs in PFI engines, and some wall film vaporization of fuel occurs in actual GDI engines. Moreover, for the cold-start case, the fuel, air and engine cylinder wall have similar temperatures. As a result, the actual difference in the engine volumetric efficiency between the PFI and GDI engines can be significantly less than that computed from the ideal limiting cases, and is quite dependent on the specific engine design, fuel characteristics and operating conditions. At a constant pressure, the difference in the calculated charge temperature for the two extreme cases can be as large as 30°C, depending on the assumed intake air and fuel temperatures. The charge temperature for the case of injection during intake was found to decrease 15°C by the end of the induction process due to fuel evaporative cooling [40]. This translates into a significant decrease in the gas temperature at the end of the compression stroke. For example, the compression temperature is reduced by 116°C, from 539°C for the noninjection case to 423°C when the fuel is injected at 120 ° ATDC on intake [147]. Therefore, the GDI engine utilizing a midinduction injection of fuel will exhibit a lower knocking tendency. This has been verified experimentally, with the advantage being that the knock-limited spark timing may be substantially advanced. Alternatively, the knock-limited compression ratio can be increased by as much as 2 full ratios for 91 RON fuels, thus easily achieving a significant gain in thermal efficiency. Lake et al. [148] and Jackson et al. [145,173,195,196] reported the benefit of the charge cooling resulting from early fuel injection to be an octane number improvement of 4-6, allowing an increase of compression ratio of up to 1.5. Invoking the permitted increase in the compression ratio will directly enhance the power and torque characteristics of the GDI engine, and will result in an immediate and substantial improvement in engine BSFC. Jackson et al. [195] also emphasized that the elimination of fuel vapor in the intake port, which displaces air in the PFI case, is also a contributor to the volumetric efficiency improvement. Takagi [23] reported that with a stoichiometric air-fuel ratio, charge cooling has the effect of lowering the air temperature at the end of induction by approximately 20°C. As a result, even under wide open throttle (WOT) operation at low engine speed, the GDI test engine exhibited a 6% higher power output as compared to that of a PFI engine. This improvement is attributed in part to the higher intake manifold absolute pressure (MAP) resulting from the improved charging efficiency. Another contributing factor is the ignition timing advance made possible by the reduced knock tendency. The effect of injection timing on the GDI engine volumetric efficiency was compared with that obtained for the baseline PFI engine by Anderson et al. [40,69]. As shown in Fig. 59, the volumetric efficiency improvement was found to be about one-third of the theoretical maximum difference, or about 2.5%, and exhibited a strong dependence on the injection timing.
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TDC lintak,e) BDC ~? ! 1, 1 I ,.1 -360 -330 -300 -2 0 -240 -210 -180 -150 -120 SOl timing (CAD) Fig. 59. Increase in volumetric efficiency of the GDI engine over the PFI engine for the early injection mode [69]. In summary, when injection occurs at the beginning of the intake stroke, the piston is relatively close to the injector and is moving away from the injector at a low velocity. For this case, fuel impingement on the piston crown can occur, and the amount of energy supplied by the induction air to vaporize the fuel is reduced. As injection occurs later in the induction stroke, when the piston is more distant from the injector tip and is moving away with a much higher velocity, spray impingement is reduced or eliminated, resulting in an increase in the volumetric efficiency. If injection occurs too close to the time of intake valve closure, the fuel droplets will have insufficient time to vaporize before the intake valve closes. For this timing the charge-cooling effect is significantly reduced. Therefore, the benefit of in-cylinder charge cooling is only fully realizable within a relatively narrow window of injection timing corresponding approximately to mid-induction.



4.3. Engine operating modes and fuel injection strategies Over the past two decades, a number of concepts have been proposed to exploit the potential benefits of direct gasoline injection for passenger car applications, but until recently none have been incorporated into a production GDI engine. One important reason for this was the lack of controllability in the fuel injection system. Systems that were based upon diesel fuel systems and pressure-activated poppet nozzles experienced significant limitations in regards to performance and control. Although the engines used in the previous attempts were reasonably successful in producing improvements in BSFC, the mechanical pumps that were utilized had limited speed and timing ranges, and the specific power densities obtained with these engines were often much less than that of the diesel engine. The reexamination of the GDI engine over the last seven years has benefited from the application of electronic, common-rail,
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Fig. 60. Typical GDI engine operating map [185]. injection systems to four-stroke GDI engine requirements. It should be noted that this type of injection system, which has long been the production PFI hardware, is currently being applied to diesel engines, and was utilized on two-stroke DI gasoline engines. Such injection systems provide fully flexible timing over the entire speed and load range of current gasoline engines by allowing a strategy of optimum injection timing at all engine-operating points. According to Lake et al. [ 148], the GDI engine equipped with an electronic common-rail system has the ultimate potential of achieving a significantly improved BSFC while achieving a specific power output that is equivalent to that of a PFI engine. Many of the realized advantages of the GDI combustion system are attributed to the high flexibility of the modern electronic fuel injection system. It may be noted in the typical GDI engine operating map, as shown in Fig. 60, that in order to achieve good medium to full-load performance, even a stratified-charge GDI combustion system must be capable of operating well for early injection, homogeneous-charge conditions. Therefore, all GDI combustion systems, whether stratified or fully homogeneous, must provide good homogeneous combustion characteristics. In general, the GDI engine operation can be classified into four basic modes starting with the least complex: homogeneous stoichiometric operation for full load with maximum air utilization and optimized cold start; homogeneous lean operation for medium part load for optimized fuel economy and NO~ trade-off; stratified lean operation for idle and lowload operation to achieve maximum fuel economy; and load-transition operation. All modes have been reported and discussed in the literature. The objective of charge stratification in the GDI engine is to operate the engine unthrottled at part load at an overall air-fuel ratio that is leaner than is possible with the conventional lean-burn or homogeneous mixture. This is achieved



by creating and maintaining charge stratification in the cylinder, such that the air-fuel ratio at the spark gap is compatible with stable ignition and flame propagation, whereas areas further from the point of ignition are either very lean or devoid of fuel. In general, air-fuel mixture stratification is realized by injecting the fuel into the cylinder during the compression stroke; however, it may also be possible to achieve stratification with early injection. Some success towards this goal has been obtained with an air-assisted fuel system [197]. The use of charge stratification with an overall lean mixture can provide a significant improvement in engine BSFC [20]. This is obtained primarily by significantly reducing the pumping losses that are associated with throttling, but there are also additional benefits such as reduced heat loss, reduced chemical dissociation from lower cycle temperatures, and an increased specific heat ratio for the cycle. When the engine operates in the stratified-charge mode, the timing of the end of injection (EOI) is an important parameter, as the last liquid fuel enters the chamber at this time [198,355]. It should be noted that GDI injectors require from 0.35 to 0.70 ms to close, thus fuel will enter the chamber for that time interval after the logic command to close. A retarded EOI timing generally results in a more rapid start of combustion, while an advanced EOI tends to shorten the combustion duration. It was reported that the 50% heat release point occurs before TDC when the EOI timing is advanced from 57 ° BTDC on compression and occurs after TDC when the EOI timing is retarded [193]. The indicated specific fuel consumption (ISFC) was found to decrease as the EOI timing is retarded; however, the UBHC emissions increase due to degraded mixture quality and an extended combustion duration. There is a consensus in the literature on GDI that achieving stable, stratified-charge combustion while controlling the engine-out UBHC emissions to a very low level is a difficult task. The interrelationships of injector location, spray characteristics, combustion chamber geometry, EGR rate, injection timing, and spark timing are quite complex, and must be optimized for each system. The GDI engine operating range, in which charge stratification can be effectively utilized to obtain the available thermodynamic benefits, should be chosen to be wide enough to cover the most frequent engine operating conditions [193], otherwise mode transitions will be too frequent. In general, it is exceptionally difficult to achieve full air utilization with a late injection strategy due to incomplete mixing, which may lead to excessive smoke emissions. If the compression ratio is reduced to limit smoke, some of the fuel economy benefit at part load will not be realized. For most prototype GDI combustion systems, obtaining part-load, stratified operation with acceptable values of COV of IMEP has proven to be quite difficult. It should also be noted that no stratified-charge GDI engine has yet demonstrated a sufficiently low level of engine-out NOx for the attainment of ULEV emissions without a lean-NOx catalyst.
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Fig. 61. Comparison of fuel consumption and NO~ emissions under three GDI operating modes [142]. Fig. 61 shows a comparison of engine performance for three GDI operating modes [142]. It is clear that stratified charge operation is only advantageous for low engine loads, even for the optimized charge stratification concepts. If the engine BMEP exceeds 5 bar, an efficient combustion process can be alternatively achieved using the homogeneous lean operation. This has the benefit of comparatively low NOx emissions. Moreover, if the stratified charge mode is extended to high-load operation, smoke is likely to be produced due to over-rich regions near the spark gap, even though the amount of air is maximized by the fully opened throttle. As the load increases, the injection duration must also increase. This creates a fuel-air mixture cloud that increases in size with load but is constrained by the piston and chamber geometry. The mixture cloud can have locally rich stratification as a consequence of being geometrically constrained and by having a short available mixing time for fuel introduced near the end of injection. When the early part of the fuel cloud is ignited, combustion occurs rapidly because of the locally rich mixture, and may propagate rapidly through the latter portion of the injected fuel that is less than ideally mixed, leading to soot and UBHC emissions. Soot can also be generated by the increased impingement of the fuel spray on the piston crown as the injection duration is increased. The soot formation threshold is considered to be a primary limitation as the load is increased [199]. In this case, the smoke problem can be alleviated by operating the engine in the homogeneous-charge mode using early injection. The injection timing has been found to be an influential parameter in suppressing the formation of soot. A carefully designed transition between the lowload stratified and high-load homogeneous mixture formation is important for realizing particulate-free combustion
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[45]. It was reported by Kume et al. [20] that the stratifiedcharge mode using late injection can be extended to 50% of full load without an apparent increase in soot for the Mitsubishi GDI engine. It was theorized that sufficient excess air exists in the cylinder for the soot to oxidize rapidly. When the load exceeds 50%, however, soot particulates begin to be emitted. For the DI diesel engine the amount of fuel that can be injected into the engine cylinder must be restricted so as to limit the soot emissions to permissible levels, resulting in lower performance. In the GDI engine, however, this problem can be circumvented over the entire engine operating range without degrading the engine performance by adjusting the fuel injection timing [43]. Fraidl et al. [142] proposed another operating mode for warm-up, called stratified stoichiometric operation, in order to reduce the engine-out emissions by achieving a reduced catalyst light-off time. This operating mode offers an ultralow emission approach that complements the well-known lean-burn concepts. This is based on the fact that the use of a stoichiometric or near-stoichiometric stratified charge only retards the initial combustion phase marginally, while the main combustion will be noticeably retarded. Even with very lean overall air-fuel ratios, the nearly stoichiometric mixture in the initial combustion area, combined with high charge turbulence, results in a rapid initial combustion phase. Depending on the degree of charge stratification, combustion chamber geometry, EGR rate, charge motion, and fuel vaporization rate, the burn rate decreases more rapidly than is observed for homogeneous-charge operation. Thus, the use of relatively late combustion is possible even with constant ignition timing. As a result, UBHC and NOx emissions can be lowered and exhaust gas temperatures can be elevated. Such a stratification measure could be an alternative to conventional catalyst light-off strategies. It must be noted that the additional energy content of the exhaust gas is associated with an increase in fuel consumption; however, this is only effective until the catalyst threshold temperature is achieved, therefore it only marginally influences the overall fuel consumption. It has been demonstrated that the strategy of early injection in the GDI engine can meet the requirements for higher engine loads. When used in combination with a complementary in-cylinder charge motion, this strategy has the potential of providing full-load performance that is comparable to that of conventional PFI engines [69]. Early injection also makes it possible for the engine to operate at a slightly higher compression ratio, which can provide an additional incremental improvement in fuel economy. An early injection strategy with an essentially homogeneous charge can also achieve a number of benefits in the areas of cold-start and transient emissions. The stoichiometric GDI is able to offer high performance due to increased volumetric efficiency and low tailpipe emissions, mainly due to the permissible use of a three-way catalyst. The strategy also provides rapid engine starting, less cold enrichment, elevated exhaust
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temperature and a faster catalyst light-off [ 186]. The attainable advantages with the early-injection, stoichiometric GDI engine that will be discussed in detail in the following sections are:
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more rapid cold-start; less cold-start enrichment required; less acceleration-enrichment required; quicker catalyst light-off; reduced cold-start UBHCs; more precise air-fuel ratio control; improved transient response; reduced heat loss during compression stroke; improved combustion stability; better EGR tolerance; up to 5% improvement in volumetric efficiency; up to 2 ratios increase in autoignition-limited compression ratio; ability to invoke fuel cutoff on deceleration; 6% gain in integrated fuel economy; up to 10% increase in peak torque and power; possible enabler of some other technologies such as VVT and CVT; less control complexity as compared to the stratifiedcharge GDI engine; three-way catalysis can be fully utilized.



The GDI engine combustion characteristics for very early injection are basically the same as those of premixed PFI engines. Shimotani et al. [ 181 ] conducted an extensive study on the combustion characteristics of a GDI engine using early injection for a range of injection timings during the intake event. With a center-mounted injector the emissions and engine performance were found to be quite similar to that of a baseline PFI engine when the fuel is injected early in the intake stroke (0-60 ° ATDC on intake). This indicates that the use of an early injection timing achieves a homogeneous mixture because of the longer time available for mixture preparation. It was found that retarding the injection timing produces higher CO, because the mixture becomes less homogeneous and the combustion becomes less stable. The UBHC emissions were found to be minimized with injection at BDC on intake due to the decrease of the fuel impingement on the piston crown and other quenching areas. High-speed videos of combustion reveal that early fuel injection generates a blue flame that is similar to that observed in the PFI engine; however, a yellow flame that is indicative of stratified combustion is observed when the injection timing is retarded to the end of the intake stroke. For injection during induction, a later injection timing improves the start of the combustion and advances the 50% heat release point due to the presence of a rich mixture zone around the spark gap. However, changes in injection timing do not significantly change the combustion duration. For the late-injection, stratified-charge mode, an excessively rich mixture near the spark gap must be avoided in order to
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Fig. 62. Toyota GDI control map [43]. maintain a stable ignition and minimize smoke. Therefore, it is imperative that a mixture preparation strategy that will accommodate a wide range of engine operating conditions be developed for each specific GDI design [15]. A wide crank-angle window exists for the timing of early injection for homogeneous-charge combustion, but only a narrow operating window is available for the timing of late injection for stratified-charge combustion. At higher loads, the longer injection duration with the accompanying richer mixture results in a decreased sensitivity to injection timing [145,173]. The operating map of the Toyota GDI engine is shown in Fig. 62. Both the early injection mode for homogeneous-charge operation and the late injection mode for stratified-charge operation are widely utilized in current GDI combustion systems; however, misfire or partial burns may occur during the mode transition due to the overall lean mixture. For the mode transition, Matsushita et al. [43] proposed a two-stage, or split-injection strategy that injects portions of the fuel into the cylinder during both the intake and the compression strokes in order to form a weak stratification. As a result, excessively rich or lean mixtures can be avoided and stable combustion can be obtained from an overall lean mixture. It is reported that this two-stage injection facilitates a smooth transition from lean-stratified combustion to full-load, homogeneous combustion. The potential of this two-stage injection for enhancing the engine performance and exhaust emissions can be noted from the data in Fig. 63 [21]. Mode transition control is achieved in the Mitsubishi GDI engine by the accurate control of the air flow rate using a conventional throttle valve that is controlled by the accelerator pedal, and by a bypass solenoid value that is electronically actuated using pulse-width modulation [50,51 ]. Fig. 64 schematically illustrates both the air and air-fuel ratio control during the transition from the stoichiometric operation of early injection to the lean operation of late injection. In order to minimize the torque fluctuation during the transition, the switching should be conducted under the conditions for which the generated torques of both modes at the same
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engine airflow rate are identical. As is shown, early injection at an air-fuel ratio of 18, and late injection at an overall air-fuel ratio of 25, generate the same torque at the same airflow while maintaining the injected fuel quantity. The combustion mode is then switched to late injection within one cycle. In the first cycle of the late injection mode, the injected fuel quantity is adjusted to achieve an air-fuel ratio of 25, which is enleaned further to an air-fuel ratio of 35 on subsequent cycles by reducing the injected fuel quantity and increasing the airflow simultaneously. As a consequence, engine operation is managed to minimize the torque differential at any transient conditions. During the transition between modes, two air-fuel limits were observed in the Bosch GDI control strategy [200]. One applies to stratified operation with a low air-fuel ratio limit of approximately 22 to avoid soot formation. Another applies to homogeneous, lean operation due to combustion instabilities that are associated with air-fuel mixtures that are leaner than 19. A forbidden range of air-fuel ratios (19-22) was found during the transition. This was made possible by a fuel quantity increase that is invoked at the switch-over. The torque is reduced by retarding the spark timing to avoid a torque differential during switch-over. The sequence of the switch-over from homogeneous to stratified operation occurs in the reverse order of that from stratified to homogeneous operation. Miyamoto et al. [201] and Hattori et al. [202] conducted an extensive study of the potential of two-stage injection. In this injection strategy the main fraction of the fuel is injected into the combustion chamber during the intake stroke in order to form a homogeneous, premixed, lean mixture, then a rich mixture is created near the spark plug by subsequently injecting the remaining fraction of the fuel just prior to the spark in order to provide stable ignition and faster combustion. The lean limit is extended with this technique while the fuel consumption and UBHC emissions attain the same level as that of homogeneous combustion. Miyamoto et al. [201] evaluated the two-stage injection strategy using a single cylinder engine with a bore of 135 mm and a compression ratio of 9.6:1, which was equipped with a multi-hole nozzle. It was reported that stable combustion could be realized over a wide range of operation without detonation. Although the injection hardware utilized in this study is not representative of current production GDI systems, there are some interesting observations that should be considered. When compared to operation with stoichiometric, homogeneous combustion, significant improvements in fuel consumption and NOx emissions were achieved. Optimized combinations of spark timing, secondary fuel injection timing, fuel split (between the primary and secondary injections), and the number of nozzle holes were found to be essential for improved ignition and combustion with this strategy. It was noted that both the NOx and UBHC emissions can be reduced by retarding the ignition timing; however, the BSFC increased due to the reduced degree of constant volume combustion. Retarding the timing of the secondary fuel injection yields similar trends for NOx and BSFC; however, the
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Fig. 63. Effect of the two-stage injection on BSFC and smoke emissions of the Toyota GDI engine during the transition [21].
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Fig. 64. Air and fuel management during mode-transition operation of the Mitsubishi GDI engine [50,51].
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UBHC emissions increase monotonically due to the decrease in the available mixing time. As the split fraction is increased by increasing the fuel quantity in the secondary injection, both UBHC emissions and BSFC are improved, but NOx increases slightly. As the load is reduced the mixture formed by the first stage injection exhibits a high flame speed and shorter combustion duration, especially at higher levels of excess air. It was found that less volatile fuels and lower octane numbers could be used with this two-stage injection process, and efficient combustion without knock was verified even with a 50/50 blend of gasoline and diesel fuel. Hattori et al. [202] also reported experiments on GDI engines using a two-stage-injection technique. A watercooled, four-cylinder engine with a square-shape cavity in the piston, a bore of 102 mm, and a compression ratio of 12:1, was modified to accommodate a spark plug. A lean homogeneous mixture is formed at the end of the compression stroke as a consequence of the early primary injection. This avoids the formation of an ultra-lean mixture that could result in flame extinction, particularly at low engine speeds and light loads. The fuel from the later secondary injection creates a near-stoichiometric mixture near the spark gap, which improves the early development of the flame over a wide range of engine speeds and loads. The optimum fraction of fuel in the secondary injection has to be controlled carefully in order to enhance both the lean limit and the BSFC. This also requires a fuel injector that can accurately and reliably deliver very small quantities of fuel. If the fraction of fuel in the primary injection is too low, the main premixed homogeneous mixture becomes too lean, and the normal flame of the lean homogenous mixture is extinguished. It was found that a spark plug with an extended electrode provides a substantially extended lean limit for a wide range of secondary fuel injection timings. A similar strategy, designated as two-stage mixing, was invoked by engineers at Mitsubishi to suppress autoignition and improve the GDI engine low-end torque [16,19]. As was the case in the references just discussed, fuel is injected twice during the entire mixture preparation process, with the first injection performed during the early stage of the intake stroke, and the second injection occurring late in the compression stroke. It was reported that this strategy is effective when the majority of the fuel is supplied by the second injection, with the first injection utilized only to create a mixture with an air-fuel ratio of from 30:1 to 80:1. It was reported that significant knock suppression was achieved at low engine speeds. It is theorized that the premixed mixture created by the first injection is too lean to achieve autoignition of the end gas, and that the stratified mixture created by the second injection does not have sufficient reaction time to autoignite. It is also theorized that the second injection may contribute to soot formation when the mixture is rich. According to Ando [17], however, soot emission was not observed when this strategy was utilized except at vei'y low engine speeds, even when the mean airfuel ratio is 12. It was reported that soot generated during the
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Burn-up of Soot I in Lean Mixture I Fig. 65. Schematic of the soot formation and oxidation mechanisms in a stratified-charge mixture [ 17].



early stage of the combustion process was later oxidized completely, as depicted in Fig. 65. Further, it was claimed that the presence of soot was effective in extending the flame propagation limits to leaner mixtures. As a result, the low-end torque characteristics of the GDI engine were improved significantly, even when using a higher compression ratio of 12.5. Yang et al. [48] reported a similar strategy to increase full-load torque output. By splitting the total amount of fuel into two separate pulses, both charge cooling and knock suppression can be achieved. It was reported that the timing of the second injection is not necessarily restricted to the latter stages of the compression stroke, but can occur over a wide timing range during the compression stroke. It was pointed out that charge stratification, if formed, may result in soot formation in the over-rich mixture. The combustion stability was reported to be insensitive to the timing of the secondary injection pulse when two-thirds of the fuel is injected in the first fuel phase. The highest IMEP was achieved when the secondary injection occurs at 60 ° BTDC. By comparison, if half or more of the fuel is delivered by the secondary injection, the start of the secondary injection should be no later than 150 ° BTDC in order to avoid unstable combustion. In order to improve the combustion robustness, a ratio of 2:1 between the primary and secondary injected fuel quantities was reported to be an optimal choice. Engineers at Mitsubishi [17,50] also proposed another two-stage injection strategy, designated as two-stage combustion, in order to provide a quick warm-up to an under-floor, three-way catalyst, which is located downstream of a lean NOx catalyst. With this strategy, the engine is operated lean in the late injection mode under cold-start conditions. A supplementary amount of fuel is injected during the later stage of the expansion stroke, which reacts to increase the exhaust gas temperature.
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When the supplementary fuel is injected early in the expansion stroke, a luminous diffusion flame from liquid fuel droplets results. It was found that when the fuel is injected during the mid-portion of the expansion stroke, a slow precombustion reaction occurs and ignition is delayed. The later injection timing was selected, and the effect of this strategy on the exhaust gas temperature and the associated UBHC emissions is shown in Fig. 66. This two-stage combustion strategy is only applied for the first 20 s after the initiation of cranking, and this reduced the warm-up time to 100 s from the original 300 s. The expansion-stroke injection strategy did indeed yield a significant reduction in UBHC emissions. In summary, current GDI combustion systems may be categorized using the following four operating classes. The degree of complexity of the GDI engine operating system progressively increases with the least complex system being the early-injection, homogeneous, stoichiometric GDI engine. The major GDI operating classifications are



GDI operating class



Description of GDI operating system



Late injection: stratified, overall lean, no throttle, swirl/tumble control Late injection: stratified, overall lean, some throttling Early injection: homogeneous, lean Early injection: homogeneous, stoichiometric



The step from a homogeneous GDI system to a stratifiedcharge system offers a significant fuel economy potential, but there is a consensus that stratified-charge operation is not obtainable without a significant increase in system complexity. The benefit-cost ratio of early injection, homogeneous GDI (Class 3 or 4) could, in some applications, be better than for full-option GDI (Class 1 or 2) due to the more complex hardware and the associated development time required. The development of advanced GDI engines that meet future stringent emission requirements is likely to penetrate the market in two stages. First, prior to the emergence of a proven lean-NOx aftertreatment system, the homogeneousmode GDI (Classes 3 and 4) could be prevalent, with increased engine specific power at high load as a key design goal. These engines will be designed to achieve BSFC values that are slightly superior to current lean-burn engines. The exhaust emissions in the GDI class can be controlled by the combination of three-way catalyst and EGR. A marked reduction in UBHC emissions during the cold start, coupled with improved transient response, will be the major advantages over the conventional PFI engine. The availability of both an efficient and durable leanNOx-catalyst and sufficiently low levels of sulfur in the
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(b) Fig. 66. Effect of the two-stage combustion strategy on catalyst light-off and UBHC emissions [17].



gasoline supply will enable the second stage of GDI development, and engines incorporating ultra-lean stratified operation for load control will be developed and optimized [313,314]. These engines will most likely be designed to provide both the specific power of the homogeneous mode and a 20% increase in vehicle fuel economy [42]. 4.4. Combustion characteristics



The combustion characteristics of the GDI engine change significantly with the combustion control strategy that is used. Using flame luminosity analysis, Kume et al. [20] reported that combustion associated with early injection is characterized by flames that are typical of premixed lean or stoichiometric mixtures. The flame luminescence that is observed is attributed to OH and CH chemiluminescence, as well as to CO-O recombination emission. Luminescence at the longer wavelengths normally associated with soot radiation was not observed. For the case of late injection, it was found that the major component of the flame luminosity consists of continuous blackbody radiation emitted from soot particles formed inside the cylinder, which is typical of a stratified-charge combustion process. The soot radiation was found to decrease abruptly after sufficient air
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Fig. 67. Spectral characteristics of the flame radiation from the early and late stages of combustion [17].



has been entrained into the reaction zone. Fig. 67 shows the result of the spectral analysis of the flame radiation from both the early and late stages of combustion [17]. For heavy-load operation, soot may be generated for some injection timings as the result of the presence of a liquid film on the piston crown, which can occur for injection early in the intake stroke or for a fuel injector having a large spray droplet size. Another cause of soot generation is an insufficient time for fuel-air mixing, which can occur for highload injection late in the intake stroke. A number of design parameters such as the piston crown geometry, spray cone angle and penetration, injection timing, and the in-cylinder air motion must be optimized to minimize soot formation. When the air-fuel mixture is successfully stratified for an idle or low-load condition, the mixture surrounding the spark gap is designed to be slightly rich at the time of the spark. If this is achieved, the reaction rate will be high enough to sustain efficient and stable combustion [316,341 ]. For the PFI engine operating at the idle condition, the combustion rate is low, and the combustion stability is generally marginal, primarily because of a large amount of residual gas. For the case of the GDI engine at idle, the initial combustion rate was reported to be approximately the same as that for the full-load condition [203]. According to Jackson et al. [136,137], the GDI engine demonstrates a significant advantage in both the ignition delay and the burn duration as compared to a PFI engine of equivalent geometry. The initial flame kernel develops rapidly in the rich mixture region near the spark gap; however, the rate of flame propagation is reduced in the lean outer region of the stratified charge. The significantly reduced combustion rate near the end of the combustion process is one of the causes for the observed increase in UBHC emissions [193].



The overall high flame speed does allow the ignition timing to be retarded more for the GDI engine than for the conventional PFI engine, and the combustion rate and stability are enhanced rather than degraded [203]. The maximum brake torque (MBT) spark timing of stratified-charge GDI engines at part load is generally more advanced than that of the conventional PFI engine. Fraidl et al. [57] reported that the main part of the stratified GDI combustion occurs before TDC on compression for MBT timing, which is quite advanced. For the GDI engine operating in the homogeneous mode at full load, a heat release curve is obtained that is nearly identical to that from the PFI engine. A slightly reduced heat release rate may be observed from some GDI engines at full load, which is indicative of some charge inhomogeniety. In general, the throttling losses of the PFI spark-ignition engine are relatively small for high-load operation. For this mode, the engine efficiency is determined primarily by the compression ratio and the specific combustion characteristics; however, increases in the compression ratio and advances in the ignition timing for best efficiency are limited by mixture autoignition, which generally occurs in the end gas region. Improvements in combustion-chamber geometry, in piston and charge cooling, and in residual gas control to modify the flame propagation at high load have proven to be effective means for knock reduction in both PFI and GDI engines. Modifications of the charge motion in order to obtain symmetric flame propagation is an effective way to improve the inherent knock resistance of the chamber [204]. In general, the best compromise among UBHC, NOx, BSFC, and COV of IMEP can be obtained by a combustion process that offers a fast and stable initial phase, a moderate main combustion rate and a locally uniform and symmetric end of combustion to avoid flame quenching.



.... '



a < o



2



~



0



>



~



, oo



omus,,on)



4



!t



-2



e-t



"a -4 E



"-r" -6 O E



..........



.pl. (.clp.s?d.-yaly? !np.c!ign .) . . . . .



-8 TDC lintake) , , , , BDCL _L" -360 "330 "300 -270 "240 -210 "180 -150 "120 SOl timing (CAD) Fig. 68. Comparison of the knock-limited spark advance between GDI and PFI engines [40].



F. Zhao et al. / Progress in Energy and Combustion Science 25 (1999) 437-562



Anderson et al. [40] studied the effect of injection timing on the knock-limited spark advance in a GDI engine and compared the value to that obtained from a PFI engine. As shown in Fig. 68, the knock-limited spark advance continues to increase as the injection timing is retarded for the heavy-load condition. Retarding the injection timing not only reduces wall wetting by the fuel spray but also reduces charge heating by the walls. This results in a lower mixture temperature near TDC on compression and permits more advanced spark timing. However, retarding the injection timing does reduce the time available for mixing, which usually results in a higher cycle-to-cycle variation of IMEP. It is necessary to carefully phase the ignition timing with the injection timing in order to achieve accurate control of mixture stratification. By using a locally rich mixture near the spark plug, while maintaining a constant overall lean air-fuel ratio, Arcoumanis et al. [205,274] reduced the COV of IMEP by more than 60% in a modified PFI engine. It was reported that 40% of the observed improvement can be attributed to the presence of a rich mixture around the spark gap, with the remaining 60% attributed to the enhancement of mixing due to the injection event. Jackson et al. [145,173,195,196] reported that the combustion stability of a tumble-dominated, stratifiedcharge GDI engine can be improved significantly when the ignition is advanced even beyond the MBT timing. However, when ignition is advanced further, the combustion stability deteriorates very rapidly, which is attributed to insufficient time for evaporation and mixing. UBHC emissions were found to decrease with ignition advance while fuel economy initially improves before degrading. NOx emissions are increased due to the relatively high local gas temperature. It was observed that a reduction in tumble ratio has the beneficial effect of shifting the combustion phasing for minimum UBHC closer to that for the minimum BSFC. With ignition timing set for minimum UBHC emissions, a BSFC improvement of 11% is attained at the same UBHC level; whereas, with BSFC-optimized ignition timing, a reduction in UBHC emissions of 34% is obtained at the same BSFC. One explanation is that the lower tumble ratio modifies the air-fuel ratio history at the spark plug, thereby producing optimum conditions for combustion at a more retarded timing. The reduction in NOx at all combustion phasings also indicates that the lower tumble ratio has modified the local air-fuel ratio near the spark plug, resulting in a lower peak temperature during combustion. At high load, however, autoignition occurs when operating with a compression ratio higher than 12.0 for gasoline currently available in the field. It was noted that a complex optimization solution could be provided by using a variable compression ratio, with a higher compression ratio utilized at part load. The combustion characteristics associated with early fuel injection under cold start conditions were investigated in detail by Shimotani et al. [182]. A homogeneous stoichiometric mixture was used for all of the cold start tests. The
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measured in-cylinder pressures and mass burning rates for injection timings of 30 ° ATDC on intake, and 110 ° ATDC on intake at a coolant temperature of 20 ° are shown in Fig. 69(a). For the early injection timing of 30 ° ATDC on intake, the heat release rate during the later stage of combustion is quite low due to the slow evaporation of liquid fuel from the piston crown. As a result, the UBHC emissions and BSFC are degraded. The effect of injection timing on the early part of combustion and on the 10-90% burn duration at a coolant temperature of 20°C is shown in Fig. 69(b). Early injection timing delays the initial combustion and extends the main combustion period due to the lean mixture resulting from the slow vaporization of liquid film on piston crown. Visualization of the spray impingement on the piston shows that for an injection timing of 30 ° ATDC on intake the spray impingement velocity is higher, and the impingement footprint is smaller, than for later timings. Due to the brief time available before spray impingement, the contribution of the in-cylinder airflow field to spray evaporation is limited, resulting in a substantial liquid film being formed on the piston crown. For a later injection timing, with the piston moving away from the injector more rapidly, the impingement velocity of the spray is reduced and the impingement footprint is larger. As a consequence, the fuel film thickness is reduced and the evaporation of fuel droplets in the ambient airflow field is enhanced due to the increased time available prior to impingement. All of these factors contribute directly to a reduction in the amount of fuel on the piston crown. Visualization of the associated combustion indicated that for the case of early injection (30 ° ATDC on intake), the entire chamber is initially filled with a blue flame, after which a yellow flame is observed at the center of the chamber. This yellow flame persists until the beginning of the exhaust stroke, and is attributed to pool burning of the film of liquid fuel on the piston surface. The presence of a yellow flame is quite limited for an injection timing of 110 ° ATDC on intake, and it occurs at the periphery of the chamber rather than at the center. It was noted that the yellow flame observed at the periphery of the chamber results from a lower film evaporation rate due to reduced air velocities in this region. If high-velocity air can be directed to the area of spray impingement, the wall film evaporation and fuel transport to the ignition area can be enhanced. Fig. 69(c) shows a comparison of the time histories of the exhaust temperature for GDI and PFI engines during cold start using a coolant temperature of 20°C. The improved A/F control capability of the GDI system results in a more rapid increase in the GDI exhaust temperature than is obtained for the PFI engine. Matsushita et al. [43] and Harada et al. [21] investigated the combustion characteristics of the Toyota GDI engine for lean, stratified mixtures. Fig. 70 compares the combustion characteristics of the Toyota GDI and the baseline PFI engines. The GDI engine in this study operates at an overall air-fuel ratio of 27 and the PFI operates at 14.7. It was reported that the initial GDI burning rate at light load is
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(c) Fig. 69. Effect of injection timing on combustion characteristics [ 182]" (a) indicated pressure and mass fraction burned; (b) ignition delay angle and combustion duration; and (c) comparison of GDI and PFI exhaust gas temperature histories for a cold-start.
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Fig. 70. Comparison of the combustion characteristics of the Toyota GDI and the baseline PFI engines [21].



higher, even though the GDI engine is operated on a mixture that is overall twice as lean as that of the PFI engine. Both the in-cylinder pressure at the beginning of the compression stroke and peak compression pressure are higher as a result of the unthrottled, stratified operation. High-speed photographs of the combustion event indicate that a luminous yellow flame surrounded by a blue flame is formed initially. The blue flame predominates later in the combustion event, but the yellow flame is still visible. Kano et al. [206,261] and Kawamura et al. [321] measured the air-fuel ratio around the spark plug using a spark-plug-type, fast FID probe. Fig. 71 shows the measured time histories of the air-fuel ratio over five cycles. It is interesting to note that the magnitude of the peak air-fuel ratio is quite stable over the measured cycles. However, a large cycle-to-cycle variation of the crank angle position where the peak air-fuel ratio occurs was observed for operation in the stratified charge mode for the Toyota GDI D-4 engine. Visualization of the spray plume also confirmed cycle-to-cycle variations in position and geometry, which also contributes to combustion variation. Kuwahara et al. [207] conducted a detailed study on mixture preparation and flame propagation of the Mitsubishi GDI engine operating in the stratified-charge mode. It was reported that 40 ° BTDC on compression is the most retarded injection timing that can be achieved if the ignition timing is set at 15 ° BTDC on compression. The stratified charge in this engine is achieved by fuel reflection after impingement on the piston bowl surface. No significant difference in the combustion duration was



Fig. 71. Time histories of the air-fuel ratio near the spark plug gap of the Toyota GDI engine for an injection timing of 50° BTDC on compression [261]. observed between optimized injection timing and the earliest possible injection timing. But marked cycle-tocycle variation was observed for very advanced injection timing due to the over-mixing and dispersion of the fuel spray plume. The flame was found to propagate faster in a stratified charge than in a homogeneous charge. No significant difference in the flame propagation speed was observed among different injection timings. An airflow field that can help confine the fuel spray plume inside the piston cavity was found to be effective in achieving good charge stratification. The use of a luminous flame as an ignition source to burn the lean mixture at the periphery of the chamber was considered promising in the oxidation of UBHCs in the flame-quenching zone. Jackson et al. [145,173,195,196] investigated the effect of EGR on the combustion characteristics. It was claimed that the rapid flame development associated with stratified combustion, and the higher 02 and low CO2 levels in the exhaust gas are the reasons for the enhanced EGR tolerance of the GDI engine. It was reported that the cyclic variability of combustion becomes excessive at an EGR rate of 20% for the baseline PFI engine, whereas excellent stability is possible for stratified operation. The burn duration is significantly increased for the PFI engine as the EGR rate is increased. At an EGR rate of 40%, the GDI engine exhibits improvements of 3% in BSFC, 81% in NOx and 35% in UBHC emissions as compared to operation without EGR. The improvement in UBHC is theorized to be the result of a richer mixture core, resulting in less bulk quenching. The similar PFI combustion system in the comparative test configuration shows poor EGR tolerance, with an associated increase in fuel consumption. As expected, the GDI engine requires more EGR for the same NOx reduction when compared to the PFI configuration. Another favorable characteristic of the GDI engine is the improved tolerance to spark retard at higher EGR rates. This is principally due to a lengthening of the early part of combustion, namely the period from the time of ignition to the time at which 10% of the mass is burned, as the burn period from 10 to 90% burned was found to be relatively insensitive to EGR rate. The result for the GDI engine without any EGR shows an
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Fig. 72. Effect of the spray cone angle on WOT smoke emissions at an engine speed of 1600 rpm [210].



early combustion phasing with a higher peak cylinder pressure. The introduction of 40% EGR delays combustion, and improves the fuel economy while substantially reducing the peak cylinder pressure. The research GDI engine with a top-entry/bowl-in-piston configuration was run at MBT with 40% EGR, and it was found that the point of 50% mass burned always occurs at about 15 ° ATDC on compression rather than at the typical 7 ° ATDC on compression for the conventional open-chamber PFI engine. At this condition the burn rates are similar for both the PFI and the GDI engines, although the GDI engine exhibits a mass-burn profile having a rapid initial rate and a slower rate near the end of combustion that is typical of stratified-charge combustion. Ghandhi and Bracco [208] obtained measurements of the planar instantaneous fuel concentration near the spark gap just prior to ignition in a GDI engine operating at a light load, highly stratified condition. The distribution of the average equivalence ratio in a circle of 1.9 mm diameter centered on the spark plug showed that a large fraction of the cycles had an equivalence ratio below the lean limit, yet acceptable combustion was achieved in those cycles. In addition, a weak correlation was found between the local average equivalence ratio near the spark plug and the time required to achieve a 100 kPa pressure rise above the motoring pressure. The cause of this behavior is attributed to mixture motion during the spark discharge, which continually convects fresh mixture through the spark gap during breakdown. Plackmann et al. [209] and Ghandhi [305] studied the effect of mixture stratification on GDI combustion rates in a constant-volume bomb. It was found that the highest combustion rate for an overall lean mixture is obtained when all of the fuel is contained in a stoichiometric mixture around the spark plug. Also it was observed that the total energy release of a stratified mixture with a richer mixture near the spark plug is limited by the mixing of the rich products with the available oxidizer before the mixture cools below the temperature required for oxidation. This indicates that, for a stratified GDI engine, the ideal mixture distribution is a homogeneous, stoichiometric mixture near the spark plug, with enhanced mixing during the expansion
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Fig. 73. Effect of the spray cone angle on engine performance and exhaust emissions [ 193].



stroke being important to promote the oxidation of any rich combustion product. Many investigations have verified that the spray cone angle is an important spray parameter that affects GDI combustion and emissions. Iriya et al. [210] observed a strong correlation of smoke emissions with the fuel film on the piston crown that is directly related to the spray cone angle in the Nissan GDI engine, and reported that larger spray cone angles can reduce the smoke emission significantly using the same fuel injection timing, as shown in Fig. 72. When the spray cone angle exceeds 70 °, the effect becomes less significant. Karl et al. [193] conducted parametric tests of the effect of spray cone angle on the emissions of the Mercedes-Benz GDI engine. The experimental results, as shown in Fig. 73, indicate that the optimum spray cone for this system configuration is 90 ° for minimum ISFC, 105 ° for minimum UBHC emissions, and 75 ° for minimum NOx emissions. This illustrates the inherent difficulty of spray-cone optimizations. Fig. 74 shows the effect of spray cone angle on the engine combustion stability, smoke emissions and engine torque for a GDI combustion system with a side-mounted injector. An optimal spray cone angle exists for a stable combustion process that produces the highest engine torque with minimum smoke emissions [ 101,211,342,350]. Finally, it should be noted that the GDI engine has an enhanced knock resistance when compared to the conventional PFI engine, with in-cylinder charge cooling being one of the main contributors. Retarding the fuel injection timing can further improve the engine knock resistance due to a slight stratification of the charge. However, such timings may not be desirable, as charge cooling that occurs after intake valve closure does not improve the volumetric efficiency, and charge stratification reduces the air utilization. The GDI engine
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does not exhibit the transient knock that is frequently observed in the PFI engine during the first several cycles following the start of vehicle acceleration. Fig. 75 shows a comparison of the measured knock intensity during the acceleration of GDI and PFI engines [50,51]. Transient knock is generally caused by the selective transport of a lower boiling-point gasoline component that has a lower octane number. In the case of GDI engines, all of the gasoline components are transported into the cylinder and, as a result, transient knock is suppressed. This could permit the ignition timing to be advanced up to 10 s at the start of acceleration. 4.5. Injector deposit issues



Deposit formation is a significant concern with nearly all injector designs for GDI application, and should be accorded sufficient time and resources in any GDI development program. To neglect this important issue is to lengthen development time and decrease the required service interval in the field. The operating environment of the fuel injector is harsher for in-cylinder injection than for port injection, and the formation of deposits on the injector tip can be much more rapid than are experienced with PFI systems. Although the operating environment of diesel injectors is even more extreme, deposits tend to form much more gradually in the holes of diesel injection nozzles than on GDI injector tips. One important factor is the fuel, but another major influence is the 50-140 MPa injection pressure level. The corresponding pressure of 4-13 MPa in the GDI fuel system is not sufficient to mechanically affect the continued deposition of carbonaceous material on the injector tip. Thus, the design of the injector tip for inherent resistance to deposit formation is particularly critical for GDI applications. There are two general types of deposits; these include deposits generated from the soot and lubricating oil during the normal engine operation and those generated from the olefin or aromatic ingredient of gasoline during cycles of run and hot-soak. The effects of injector deposits are manifested in two distinct areas. The first is a degradation in the spray quality delivered by the injector, and the second is a reduction in the static flow capacity of the injector, with less fuel mass per injection being delivered at the same fuel pulse width. In the case of direct cylinder injection, the temperatures and pressures encountered within the injector tip may be suitable for polymerization reactions to occur within gasoline. This leads to the formation of a waxy residue in the passages within the injector, which can change the flow calibration. If either the spray or the injector flow characteristics are altered, then the stratification process that has been carefully developed will be affected. It may be expected that any deviation from the optimized operating condition will have a negative impact on emissions compliance and driveability [173]. For most GDI injectors, the early stages of deposit formation do not result in significant flow reduction,
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but can result in substantial changes in spray skew, cone angle and spray symmetry, and in some changes in dropletsize distribution. The spray geometry, particularly the symmetry, is generally perturbed long before the cumulative deposit blockage reduces the flow by even 8% from the clean condition. As the operation of the GDI engine is much more sensitive to spray parameter variations than the PFI engine, the GDI engine, in general, exhibits a much greater sensitivity to low levels of deposits. For GDI engine designs that have a critical positioning of the spark gap relative to the spray periphery for light-load, stratifiedcharge operation, shifts in the spray geometry may be expected to result in a significant degradation of combustion in areas of the operating map. Combustion systems using controlled vaporization from fuel-impact surfaces, such as that in the Mitsubishi GDI engine, would be expected to exhibit less sensitivity to changes in spray characteristics, and thus be less sensitive to injector deposit formation. It should be emphasized that flow reductions due to deposits do not necessarily occur uniformly along a bank of cylinders, thus one effect of deposits is to cause cylinder-to-cylinder variations in the air-fuel ratio. All cylinders on the bank will receive the same fuel pulse width command in most control systems, but those injectors with more deposits will inject less fuel. In comparison with the fuel spray from a clean injector, the spray from the injector with significant external deposits can exhibit a distorted, nonsymmetric spray envelope. The phase-Doppler data for this distorted spray shows that the distribution of droplet sizes (the droplet-size distribution curve) is affected very little, whereas the droplet velocity distribution is significantly changed. For one GDI injector with deposits the flow rate was found to be reduced 8% from that of the clean injector. However, the atomization level of the injector was not significantly degraded by deposit formation. The velocity distribution and spray shape were both significantly affected, with the spray cross-section changed from near circular to an elongated ellipse. The observed deposits on the critical tip surfaces of GDI injectors generally fall into two categories. One is the thin, brittle-coating type that contains sulfur compounds, and the other is the softer carbonaceous type. The latter forms more rapidly, and is more easily removed with common solvents and cleaners. Deposits can form internally, externally, or in both locations, with internal deposits at or near the lapped seat of the needle or pintle being the most undesirable. The external deposits may form on the downstream face of an isolating director plate, or on the downstream face of the pintle. Internal deposits near the minimum metering area of the fuel flow path or in the swirl-channel exit area cause fuel flow rate reductions, whereas external deposits generally result in only a degradation in the spray geometry. The rate at which deposits form on the tip surfaces of a GDI injector depends upon both the inherent resistance of the injector design to deposit formation and the specific operating configuration in the combustion chamber. As with a port
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Fig. 74. Effect of the spray cone angle on combustion stability, engine performance and exhaust emissions [101].
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Fig. 75. Knock tendency of the Mitsubishi GDI engine during acceleration [50,51].
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fuel injector, the inherent resistance of a GDI injector to deposit formation would ideally be determined by a standardized bench test using either an oven test or a dynamometer test in conjunction with a standard fuel, test configuration and test conditions. The lower the level of deposits that are formed in such a standard test, the higher the inherent resistance of the particular injector design. Examples of design parameters that would affect the inherent deposit resistance of an injector include a director plate for isolating the needle seat from direct contact with combustion gases, a more heat-conductive path from the tip to the injector threads or mounting boss, an increased fuel volume extending closer to the needle seat and special plating for the tip surfaces. Tip coatings were found to be quite effective in injector coking reduction, but this alone may not be sufficient to prevent the problem. Unfortunately, no proven, standardized test for deposit resistance has yet been adopted for GDI injectors, which is a situation that will have to be quickly resolved if rapid progress in direct-injection gasoline engines is to continue. The standard deposit tests for pintle-type and directorplate-type port fuel injectors are discussed by Caracciolo and Stebar [212] and by Harrington et al. [213]. These tests were developed over a number of years, and were proven to correlate with field data from PFI engines; however, it is considered unlikely that the standard PFI tests can be effectively utilized for GDI injectors. It is well established that the hot soak time and tip temperature history are of critical importance for PFI deposit formation, and that deposit formation rates are very low for continuous operation. The initial indications for GDI applications, however, are that deposits do form under continuous operation, thus indicating that the formation mechanisms may differ from that of the PFI injector. The tip temperature is generally considered to be an important parameter for both the PFI and GDI injector, but the contribution of the temperature window and its cycle history is not known for
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Fig. 76. Time history of the injector-tip temperature for the Mitsubishi GDI injector [50]. GDI applications. The role of the hot soak interval is not known in the current GDI literature, making this an important research topic. Dynamometer tests with on-off cycles can certainly be used to generate deposits, but extensive testing will be required to prove that a particular test correlates with GDI fleet data. Without an accepted industry test, the inherent resistance of a particular GDI design can only be evaluated by an ad hoc test within each company. Knowledge of the inherent resistance of a GDI injector is necessary, but not sufficient, for interpreting the observed rate of deposit formation in a particular application. The inherent resistance or robustness of a specific injector design to deposit formation may be either enhanced or degraded by the configuration of the injector in the combustion chamber, and by the specific fuel that is being used. The tip temperature will be affected by the protrusion of the tip into the cylinder, the conductive path from the injector mounting boss to the coolant passage, and by the in-cylinder air velocity history at the tip location. It is recommended that the tip temperature be considered as an important variable, and that it be measured and logged during any development program. Micrographs from a scanning electron microscope should also be obtained for the orifice area of the injector tip during engine down periods. The centrally mounted location for the injector is known to be subject to a higher thermal loading than is experienced
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Fig. 77. Photograph of the appearance of a GDI injector with deposits after 30 h of engine operation [214]. at a location under the intake port. GDI combustion systems such as those of Mercedes-Benz, Isuzu and Ford that use a centrally mounted injector would be expected to yield 1015°C higher injector tip temperatures than would be obtained with the Mitsubishi, Nissan, or Toyota system, in which the injector is located far from the exhaust valves and derive additional tip cooling from the intake air. Jackson et al. [ 195] reported that the upper limit for tip temperature of current GDI injectors is in the range of 150-200°C. Twodimensional finite element analysis (FEA) and analytical calculations showed that the higher flame heat fluxes occur at the center of the combustion chamber. For a central injector the best location for minimum tip temperature is to be as close as possible to the intake valve seats. Fig. 76 shows the injector surface temperature as measured in the Mitsubishi GDI engine during the continuous high-speed full-load operation and a subsequent hot soak period [50]. It was reported that the injector tip temperature of the Mitsubishi GDI engine is not significantly different from that of the PFI injector. It was also claimed that no deposit problems were encountered with the tip temperature history shown in Fig. 76 during the durability test because the soot, lubricating oil or the deposit are washed away by the highpressure gasoline jet. Some deposit formation has been noted for combustion systems that use a centrally mounted injector, where full-load tip temperatures of more than 150°C may be achieved. Engineers at Toyota [41] reported that the early injector deposit problem of the Toyota D-4 engine was alleviated by maintaining the injector tip temperature always below 150°C, and using a special organic material coating on the injector tip. Kinoshita et al. [214] investigated the injector deposit formation mechanism using a Toyota D-4 engine. The injector deposit was classified into: soot deposited on the nozzle and needle surface; and fuel polymerized by thermal decomposition to form a gum-type deposit inside the nozzle. The outward appearance of an injector that contains significant deposits is shown in Fig. 77. An engine dynamometer test showed that the deposit effects were first evident after 2 h and that the flow rate continued to decrease during the first 8 h, after which no significant further decrease in the flow rate was observed. Fig. 78 shows a comparison of the nozzle



(b)



(c) Fig. 78. Photographs of a GDI injector nozzle for different dynamometer test hours [214]: (a) new injector; (b) 4 h of dynamometer testing; and (c) 8 h of dynamometer testing. hole appearance before and after the test. It was found that deposits were initially formed at the nozzle exit and progressed into the internal surfaces of the nozzle. The internal injector deposit occurred at the position where fuel resides after the end of each injection. Both the nozzle temperature and fuel distillation characteristics were found to significantly dominate the deposit buildup. Fig. 79 shows the effect of nozzle tip temperature on the injector flow rate reduction for a range of fuel types. As shown in Fig. 79(a), except for fuel E, all the other blended fuels have the same 790, which is the distillation temperature at which 90% of the fuel is vaporized. When comparing the blended fuels A and D in Fig. 79(b), it is evident that the flow rate is diminished significantly as the nozzle temperature exceeds 790. Even though the blended fuels A and E were tested at the same injector tip temperature, the flow rate reduction with fuel E is much less than that of fuel A, due to its high 790
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Fig. 79. Effects of the nozzle-tip temperature and fuel 790 point on injector deposit formation [214]: (a) engine operating conditions; (b) engine dynamometer testing conditions; and (c) effect of the nozzle-tip temperature on injector flow rate reduction.



point. A schematic explaining the mechanism of the injector deposit formation is illustrated in Fig. 80. When the injector tip is subjected to elevated temperatures, thermal decomposition of the fuel may occur inside the nozzle, where deposit precursors are formed. When the nozzle tip temperature is lower than 790, most of the fuel will stay as liquid even though some of the fuel may evaporate before the next injection event occurs. The continued presence of liquid fuel insures that the deposit precursors will be easily washed away during the next injection event. However, when the nozzle tip temperature exceeds the 790 of the tested fuel, most of the fuel will vaporize after the end of fuel injection. As a consequence, the deposit precursors are distributed on, and may attach to, the nozzle surface. This makes it more difficult to wash away all the deposit precursors during the next injection event. Eventually deposits may accumulate inside the nozzle. The theory suggests that it is important to retain some of the liquid fuel inside the nozzle between the injection events in order to prevent deposit buildup. Based upon this investigation, it was found that maintaining the
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injector tip temperature below the 790 point of the fuel being utilized is a critical factor in minimizing the formation and accumulation of deposits. Mao [215] studied the carbon formation process inside a tube in order to understand the deposit formation process inside a gas turbine fuel injector. Some of the findings are also useful for understanding the deposit formation process in a GDI injector. It was found that the wall temperature appears to be the most significant parameter in determining the carbon deposit rate, with the fuel flow rate ranked second, and the fuel inlet temperature ranked third in importance. It was noted that the variation of deposit rate depends on whether the test apparatus provides a constant heat flux or a constant wall temperature in the test tube. It was found that the deposition rate remained approximately constant for wall temperatures below certain threshold values. As the wall temperature exceeded this value, the deposit rate increased sharply with increasing wall temperature. This suggests that the controlling mechanism for deposit formation changed, depending on the wall temperature. This agrees well with the investigation of injector deposit formation using the Toyota GDI engine [214]. It was also found that the deposit rate exhibits a maximum as a function of fuel flow velocity. The fuel inlet temperature was found to be not as significant as the wall temperature, but it had a noticeable effect on deposit rates when wall temperatures were high. Experimental results indicated that, initially, the deposit rate decreased with increasing fuel temperature. After reaching a minimum value, the rate of deposition begins to increase with a further increase in fuel temperature. It is important to note that the interior wall material, the surface finish and surface coating all exhibit a significant influence on deposit formation. A fine micro-finish of the surface was found to significantly reduce the deposit rate, which, however, requires complex and time-consuming manufacturing operations. Surface coating was found to be able to delay the onset of deposition. But once a deposit layer is formed, the coated and uncoated surfaces exhibit very little difference in carbon deposition. It was also reported that the fuel sulfur content plays an important role during the initial process of deposit formation. The concentration of sulfur was relatively small in the case of heavy deposits when compared with those cases with moderate or small carbon deposits. It was speculated that the interfacial tension between the fuel deposit and the solid surface might be a key factor. Much remains to be learned with regard to the surface chemistry of GDI deposit precursors and deposit formation. The following items represent important considerations in minimizing the formation of GDI injector deposits: • • • •



injector tip temperature (maintained at less than 145°C); injector protrusion distance into chamber; heat path from injector body to engine coolant passages; air velocity variation at the injector tip during an engine cycle;
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Fig. 80. Mechanism of injector deposit formation [214]. • proximity of bulk fuel inside injector to injector tip area; • gasoline additives to inhibit cumulative deposit formation; • special coating or plating of tip surfaces; • internal and external surface finish of the nozzle tip; • operating cycle, including hot-soak intervals (to be verified by future research). The discussion above has dealt mainly with preventing or minimizing the formation of deposits, but there is another philosophy that can be invoked in parallel, although only by injector manufacturers. An injector can be designed with the important goal of minimizing the influence of deposits on the resulting flow rate and spray. This is known as an inherent tolerance or robustness to the presence of injector deposits. It is desirable, of course, to reduce the basic rate of deposition on the injector during the operation of the GDI engine. But, bearing in mind the inevitability of some deposition occurring with time, it is also desirable to have an injector flow-path design that exhibits a good tolerance to any deposits that do form. For example, 100 Ixg of deposits may form in 100 h of operation on two different injector designs, which is the same average rate of deposition. However, one injector design may exhibit a 3% flow reduction for this weight of deposits, while the flow in the second is reduced by only 1%. In this regard, some injector designs



using swirl have proven to be quite sensitive to small amounts of deposits, particularly in terms of spray-symmetry degradation. Finally, it is fair to note that a reasonable portion of the GDI deposit problem results from the lack of proven and effective GDI anti-deposit additives in the fuel supply [337]. The fuel qualities are, of course, different in Europe, Japan, and North America, and the gasoline sulfur content in North America may contribute to differing levels of deposit problems in those markets. The additives that are currently in the gasoline supply in North America were developed and improved mainly over the time period from 1984 to 1993 to minimize the rates of port-deposit and intake-valve-deposit formation. In the early development of PFI systems, injector deposits were a very significant problem that had to be alleviated [38,212], and this will have to be done for GDI systems [216,217]. The dilemma is that with no GDI vehicle currently in production in North America, there is no strong incentive to develop and blend new fuel additives for this application. Even if such GDI additives were proven and available for reducing GDI injector deposits, it will have to be carefully verified that adding them to the North American fuel supply would not adversely affect the formation of deposits in the 100 million PFI vehicles now in operation.
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5.1. Fuel economy potential



A current strategic objective for the automotive application of the four-stroke, gasoline engine is a substantial improvement in fuel consumption while meeting the required levels of pollutant emissions and engine durability. The improvement of passenger car fuel economy represents a very important goal that will determine the future use of SI engines instead of the small, high-speed, diesel engines [45,310,332,344-346,350,351,363]. The thermal efficiency of the GDI engine can be enhanced by increasing the compression ratio, or by using a lean mixture, thereby reducing the throttling losses and wall heat losses. As outlined conceptually by Karl et al. [193], the GDI engine using charge stratification offers the potential for reducing the part-loaded fuel consumption by 20-25% when the gas cycle, heat transfer and geometric configuration are optimized. Fig. 81(a) shows a computed balance of energy at 2000 rpm and 0.2 MPa B MEP. In this calculation the engine output and friction losses are maintained constant as the equivalence ratio is varied. In this study, the engine is operated in the homogeneous mixture mode at equivalence ratios of A-- 1.0-1.3, and in the stratified-charge mode at A = 1.6-3.4 with decreasing amounts of throttling. It is reported that the exhaust energy and the wall heat transfer are reduced by 10.8 and 12.5%, respectively, even though the air mass is increased. As a result, the predicted improvement in fuel consumption is 23%. This considerable increase in
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(c) Fig. 81. Estimation of the energy balance for the GDI system under various degrees of charge stratification at 2000 rpm and 0.2 MPa BMEP [193]: (a) analyzed energy balance; (b) change of individual energies; and (c) change of individual energies.
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Fig. 82. Effect of the fuel injection timing and air-fuel ratio on the fuel consumption and emissions of the Isuzu prototype GDI engine [181].
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(b) thermal efficiency cannot be explained by the unthrottling of the thermodynamic gas cycle alone. Fig. 81(b) and (c) shows the change of calculated individual energy balance at the same operating point. The thermodynamic benefits of the GDI technology at this operating point result from a reduction in the pumping loss of 95%, a reduction in heat losses of 42% and a reduction in exhaust energy of 26%. It can be seen that homogeneous lean operation at A-- 1.3 leads to an overall thermal efficiency gain of about 5%, which can be attributed to the reduction of pumping losses by 30%, the wall heat loss by 8% and a reduction in the exhaust energy by 6%. The potential for improvement in the fuel economy of PFI and GDI engines was also addressed by Seiffert [31 ] and it was concluded that a GDI engine that can achieve load control without throttling can exhibit significant improvements in fuel economy, resulting mainly from the decrease in pumping work and increases in the relative magnitude of the expansion stroke work. Indeed, thermodynamic analyses do indicate that the reduction of pumping work is the principal factor contributing to the improvement of the fuel economy of a GDI system that is able to achieve part-load operation by using an overall-lean, but stratified, mixture. Also contributing, but to a smaller degree, are reductions in the heat losses and in the specific heat ratio [20,218]. The gas near the cylinder wall is colder for partload, stratified operation, thus there is a smaller heat differential between the wall and the burning gas, with less energy lost to the wall [203]. As discussed in the section on charge cooling, early injection can reduce the octane



Fig. 83. Fuel economy improvement for the Mitsubishi GDI engine [20]: (a) comparison of the fuel economy improvement between the GDI and PFI engines; and (b) itemized contributions of the principal factors to the fuel economy improvement.



number requirement [40,69] and, as a result, the knock-limited engine compression ratio for the GDI engine can generally be increased to 11.5. As is well known, the effect of this higher compression ratio on fuel economy is significant. In summary, the major factors contributing to the improved BSFC of a GDI engine over that of a conventional PFI engine are: • decreased pumping losses due to unthrottled part-load operation using overall lean mixtures; • increased knock-limited compression ratio due to lower end-gas temperatures; • increased cooling of the intake charge due to in-cylinder injection during induction; • increased cycle efficiency to the incrementally higher specific heat ratio of lean mixtures; • decreased cylinder wall and combustion chamber heat loss due to stratified combustion. Shimotani et al. [181] compared the fuel consumption of a PFI engine with that of a GDI engine operated in the early injection homogeneous mode. As shown in Fig. 82, the lean limit achieved by the use of an injection timing of 60 ° ATDC on intake ( - 3 0 0 ° ATDC in the figure) on the GDI engine was basically the same as that obtained for the PFI
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engine. However, retarding the fuel injection timing to 210 ° ATDC on intake ( - 1 5 0 ° ATDC in the figure) significantly extended the lean combustion limit for the GDI engine. It was found that the engine BSFC is generally improved when lean air-fuel ratios are used, although the effect becomes marginal for air-fuel ratios leaner than 20. The BSFC was improved about 13% at an air-fuel ratio of 25 over that obtained for a stoichiometric mixture. This air-fuel ratio yields the lowest BSFC for the engine operating condition tested. A significant improvement in fuel economy due to the use of a stratified charge in a GDI engine was also reported by Takagi [24]. It was found that stable combustion with a stratified-charge could be achieved for mixtures leaner than 40:1, with an acceptable COV of IMEP. Wojik and Fraidl [204] noted that the GDI engine offers a fuel economy improvement potential of more than 25% when compared to current PFI engine technology. According to Fraidl et al. [57], the theoretical potential for improving the fuel economy by using direct gasoline injection is about 20% at part load, with an associated potential reduction of 35% in idle fuel consumption. Kume et al. [20] and Iwamoto et al. [50,51] reported that the BSFC may be improved by 30%, based upon tests of the Mitsubishi GDI engine. Fig. 83(a) shows the improvement in fuel economy that is obtained using late injection at an engine speed of 2000 rpm. The principal factors that contribute to the fuel economy improvement at 2000 rpm and an air-fuel ratio of 40, but without EGR, are shown in Fig. 83(b). It was claimed that a Mitsubishi "Galant", outfitted with the Mitsubishi GDI engine operating on the Japanese 1015 mode cycle, achieved a fuel economy improvement of 35% over a conventional vehicle outfitted with a PFI engine. Idle fuel consumption was reduced by 40% due to a more stable combustion, which permitted a lower idle speed. It is very important to note in this review that some of the contributions to the 35% fuel economy improvement came from vehicle component improvements, such as a reduction in the vehicle weight. Ronald et al. [45] reported that an improvement of 25% in the fuel economy of the GDI engine as compared to the PFI engine is possible at an engine speed of 2000 rpm, and 30% may be achieved at 1200 rpm. As is well known, many factors affect the net fuel economy improvement that may result from applying GDI technology to an engine-vehicle system. Without knowing the details of the baseline engine and/or vehicle, caution must be used in attributing the fraction of any reported fuel economy improvement that result from individual segments of the direct injection technology. Anderson et al. [40,69] reported that improvements in fuel consumption of up to 5% at part load and 10% at idle were obtained for the Ford GDI combustion system under stoichiometric operation. The best operation at part load was found to offer a fuel economy improvement of up to 12% as compared to the baseline PFI engine. The engine-out UBHC emissions, however, are comparable to those obtained with PFI operation
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using the same combustion system. It was also found that the NOx emissions were less than those of the baseline PFI engine as a result of both charge cooling and the higher residual content of the charge; thus more than offsetting the effects of the maximum increase in compression ratio that could be used on the GDI engine. Wirth et al. [144,219] reported that the ISFC of a stratified, unthrottled GDI with EGR exhibited a 22% improvement as compared to homogeneous stoichiometric PFI without EGR, while the improvement in BSFC was found to be 19%. This difference between ISFC and BSFC improvements results because the cylinder pressure level is higher in the stratified GDI case, leading to an incremental increase in engine friction (FMEP). Andriesse et al. [190] reported that a GDI engine that is operated in the homogeneous, stoichiometric mixture mode can provide a 7 - 1 0 % reduction in fuel consumption without requiring a lean NOx catalyst. This reduction was divided into: • a higher compression ratio: 1.5-2% reduction; • a higher EGR tolerance: 1.5-2% reduction; • improved air-fuel control during warm up and transients: 1-2% reduction; • downsizing of engine for same torque and power: 3 - 4 % reduction. It was claimed that a combined effect of improved volumetric efficiency (5%) and an increased compression ratio of 10.5-12 provide a BMEP gain of almost 10%. Lake et al. [148] reported that the conventional PFI leanburn engine can, when operated at an air-fuel ratio of 25, provide an overall fuel economy improvement of about 1012% when compared to stoichiometric operation without EGR. A stratified GDI engine operating at an overall airfuel ratio exceeding 40 was found to provide an overall fuel consumption improvement of up to 25% when compared to the same baseline. It was found that the fuel economy is improved slightly by adding uncooled EGR at light loads, even though the engine operates unthrottled. This was assumed to be due to the additional enhancement of mixing by hot EGR. The use of EGR, however, had little effect on fuel economy at intermediate loads, and ultimately degrades the obtainable fuel economy at high loads. It was reported by Jackson et al. [136,137,145,173,195,196] that for the best compromise between fuel consumption and emissions characteristics, the system should employ maximum EGR at part load, limiting the overall air-fuel ratio to be greater than 30. Combustion stability with a GDI engine system using a curved-crown piston was found to be better than that of a flat-crown system over the entire load range. Even with an air-fuel ratio of 50, a 17-20% reduction in the fuel consumption at 0.15 MPa BMEP is attainable. This was considered to be mainly due to the enhanced stratification that was achieved using the curved-crown piston. At a constant engine operating condition of 2000 rpm and a 0.2 MPa BMEP, a reduction in fuel consumption of 23%
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was achieved for the unthrottled Mercedes-Benz GDI combustion system as compared to the homogeneous, stoichiometric, throttled operation of the same engine. It was noted that this was achieved not only due to the reduction in throttling losses, but also due to the decrease in the peak cycle temperature [ 193]. Wirth et al. [ 144,219] reported the results of a production vehicle that was fitted with a GDI engine optimized for both homogeneous and stratified operations. For the test schedule used, the engine operated in the stratified lean mode for only about 16% of the time. This illustrates the point that the improvement in the vehicle fuel economy of a GDI engine as compared to a PFI engine is very dependent on the engine-vehicle matching, driving cycle and GDI operating mode excursions. It was recommended by Fradil et al. [ 142] that the use of a sophisticated torque-based engine control system can provide significant benefits. By avoiding a close coupling to the driver, an extended operation of the engine within the stratified charge mode during transient conditions can be realized while maintaining vehicle driveability.



5.2. Emissions versus fuel economy compromise



The areas of significant potential of the direct-injectiongasoline, four-stroke SI engine are quite evident, and have been addressed extensively. The realization of a viable production engine, however, requires the successful implementation of emission control strategies, hardware, and control algorithms in order to achieve certifiable emission levels and acceptable driveability levels during load transients [220,221,291,292]. This is one of the barriers to the simple conversion of the current PFI engine to direct injection. Experience has shown that some fraction of the potential fuel economy gains will have to be compromised in order to achieve increasingly stringent emission standards such as the US ULEV and SULEV requirements. The key question for original equipment manufacturers (OEMs) in relation to GDI engines is whether the final margin in fuel economy for a particular engine system is sufficient to justify the additional hardware and complexity required. Another very important consideration is that the fuel economy margin should always be measured relative to the increasingly sophisticated PFI engine, which is, of course, a moving target. It is the specific details of the compromise between BSFC and test-cycle emissions, coupled with the increased system complexity, that will be the most important factors in determining the production feasibility of a GDI engine application. The current technologies for obtaining reductions in the emissions from GDI engines are summarized below and will be discussed in detail in this section. • UBHC emissions during part-load and transients: o light throttling for part-load operation; o UBHC traps; o UBHC oxidation catalysts.



• NOx emissions: o EGR; o three-way catalyst for stoichiometric operation; o lean-NO~ catalyst. • Particulates: o optimize combustion system and combustion control strategies; o oxidation catalyst. Even though the GDI engine offers a significant potential for fuel economy improvement, some mitigation in the potential fuel economy gain will occur when meeting strict emission limits [354]. For most automotive GDI applications, this is the dominating optimization criterion. The required emission-related compromises in operation will depend upon the combustion process, the EGR strategy, and the exhaust aftertreatment adopted. For example, it is difficult to realize ultra lean combustion while maintaining an effective catalyst operating temperature during steady, warm engine operation. As a result, extended periods of lean operation may be limited by the exhaust temperature. Kagawa et al. [222] investigated this phenomenon on a Wankel DISC engine and concluded that it is necessary to utilize some manifold vacuum in order to maintain the exhaust gas temperature above the effective operating temperature of the catalyst for extended periods of lean operation. With such a limitation, the stratified GDI engine can achieve a 10% improvement in fuel economy when compared with the conventional PFI combustion system. Although unthrottling the engine is a very effective way to improve the fuel economy of the GDI engine, slight throttling has been found to provide emission improvements at the expense of degrading some fuel economy [ 148]. Jackson et al. [145,173,195,196] reported that at 20% EGR, a 20% reduction in UBHC emissions can be achieved by throttling the engine slightly, with a 3% fuel consumption penalty. For a GDI concept with a five-speed, manual transmission, a 60% NOx conversion efficiency is required to meet the EURO IV emissions standard with an engineering margin, which currently can only be provided by a NOx storage device, together with a light throttling of the engine for UBHC control. This strategy yields a fuel consumption that is about 14% better than the conventional PFI engine. In contrast, a high-speed direct injection (HSDI) diesel with a five-speed manual transmission can be 14% better on fuel consumption but only about 3.6% better on CO2 emissions than the best GDI concept. Using a two-zone model, Iiyama and Muranaka [77] calculated the fuel consumption improvement of a GDI engine for a range of operating conditions. It was found that an improvement in fuel economy up to 20% could be achieved when compared with current PFI engines that use a three-way catalyst if the GDI engine were operated under stratified conditions over the entire operating range. The active operating temperature of the catalyst is a very
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(b) Fig. 84. Performance and emissions of the Ford prototype GDI engine [40]" (a) measured cold-start IMEP variations for a single-cylinder research engine operating with direct and port injections; and (b) measured cold-start UBHC variations for a single-cylinder research engine under the conditions of 295 K, 1500 rpm, 43 kPa MAP, and spark advance of 23 ° BTDC.
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Fig. 85. Reduction of the UBHC emissions for the Nissan GDI engine at cold start [24]. important parameter, and the overall mixture cannot be ultra-lean if the catalyst inlet temperature is to be maintained above a critical threshold value. The analysis also indicates that the operating range of the stratified engine is narrowed somewhat when the emission constraints are applied, reducing the fuel economy improvement to 10%. It was noted that improvements in catalyst technology would be required in order to take full advantage of the benefits of highly stratified combustion. 5.2.1. U B H C emissions



One of the significant emission advantages of the fourstroke GDI engine is a potential reduction in UBHC emissions during an engine cold start and warm up. Direct in-cylinder injection of gasoline can completely eliminate the formation of a liquid fuel film on the intake port walls, which has the benefit of reducing the fuel metering errors and fuel transport delay that are associated with running from a liquid pool in the port of a PFI engine. Injection directly into the cylinder significantly improves the metering accuracy and the engine response under both cold start and transient conditions. As a result, it is very likely that both cold-enrichment compensation and accelerationenrichment compensation can be substantially reduced in the engine calibration, reducing the total UBHC emissions. Experimental verification of this potential has been provided by a number of researchers, including Anderson et el. [40,69], Takagi [24], and Shimotani et el. [181,182]. The engine performance and emission levels of a GDI engine and a PFI engine under cold start conditions were



compared by Shimotani et el. [ 181 ]. It was observed that the GDI engine exhibits a rapid rise in the IMEP following the first injection event, whereas the PFI engine requires about 10 cycles for the engine to attain stable combustion. This is attributed to the formation and growth of a fuel film on the intake valve and port wall of the PFI engine, wherein the fuel mass entering the cylinder on each cycle is not necessarily what is being metered by the injector on that cycle. As a result, misfires and partial burns occur and the UBHC emissions for the PFI engine are typically quite high during these cycles. To compensate for the fuel delay in reaching a steady-oscillatory state for the wall film, significant additional fuel must be added at cold start for the PFI engine. The GDI engine, however, has the potential of being started cold using a stoichiometric or even slightly lean mixture. Anderson et el. [40] compared the cold start performance of GDI and PFI engines. The IMEP traces in Fig. 84(a) verify that the GDI engine did indeed fire on the second cycle, whereas the PFI engine failed to fire until the seventh cycle, after which misfire and partial-burn events continued. In comparison, the GDI engine exhibited relatively good combustion with little cycle-to-cycle variation following the first combusting cycle. The GDI engine might be expected to fire on the very first cycle if a slightly greater amount of fuel were injected to account for the fact that there might be no residual gas in the combustion chamber when the first fuel injection occurs. The high IMEP that is obtained for the second cycle is due to the fact that this is the first and only firing cycle in which combustion occurs without residual burned gases. In fact, the cylinder contains
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residual unburned mixture from the first cycle instead of residual burned mixture. The IMEP produced is therefore greater than that obtained in any later cycle in spite of the fact that the combustion chamber surfaces are coldest on the first firing cycle. The lack of combustion on the first cycle with the GDI engine, however, does result in elevated UBHC emissions as shown by the fast FID measurements in Fig. 84(b). By the fifth cycle, the UBHC emissions attain a steady-state level, whereas the UBHC level builds steadily in the PFI engine until the first fire in the seventh cycle. The pattern of high UBHC emissions continues through as many as 35 cycles as misfire or partial burns continue for the PFI engine. Takagi [24] reported results from a cold starting test of a 1.8L, four-cylinder GDI engine. As shown in Fig. 85, it was found that the engine exhibited improved transient response and a significant reduction in UBHC emissions when compared with a standard PFI engine. Four cycles were required for the GDI engine to attain a stable IMEP when operating at an air-fuel ratio of 14.5, whereas the PFI engine required 12 cycles to reach stable operation at an air-fuel ratio of 13. A comparison of the engine emission characteristics of GDI and PFI engines during a cold start was made by Shimotani et al. [182] for a coolant temperature range of 20-23°C, using both early intake fuel injection (30 ° ATDC on intake), and near bottom dead center injection (170 ° ATDC on intake). The UBHC emissions for the PFI and GDI engines for early injection were found to be higher than that obtained for the GDI engine using injection at the start of the compression stroke [367]. The effect of injection timing on the transient UBHC emissions during the first several seconds of a cold start was also conducted. The results of this study show that the UBHC emissions decreased and reached a minimum at 170 ° ATDC on intake, which is a 60% reduction when compared with that of early injection (30 ° ATDC on intake). The effect of coolant temperature on the part-load UBHC emissions and fuel consumption was a third investigation. The engine was operated at an engine speed of 1400 rpm with a BMEP of 150 kPa. The UBHC emissions were observed to decrease as the injection timing was retarded from early in the intake stroke to the middle of the intake stroke, and to increase for further later timings. At a coolant temperature of 20°C for the GDI engine, a 50% reduction in the steady-state UBHC emissions was obtained by retarding the injection timing from 30 ° ATDC to 110 ° ATDC on intake. For a coolant temperature of 80°C, the minimum BSFC occurred at an injection timing of 110 ° ATDC on intake. The data indicated that the injection timing must be optimally set at 110 ° ATDC on intake for cold operation in order to obtain low UBHC emissions, whereas a timing of 30 ° ATDC on intake is optimum for warm, steady-state operation. This timing schedule provides a good balance between UBHC emissions and fuel consumption. The effect of the operating air-fuel ratio on the cold start performance of GDI and PFI engines was also measured. Compared to the PFI engine, the GDI
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engine can operate two full ratios leaner at the same starting cycle number. A vehicle test of an Isuzu prototype GDI engine was conducted by Shimotani et al. [182]. The injection timing was set at the end of the intake stroke for cranking, and at 110 ° ATDC on intake following the first firing. A stoichiometric air-fuel ratio was used. The UBHC and CO emissions upstream of the catalysts were measured for the first cycle in the LA-4 mode. The emissions data that were obtained during the first 60 s after the cold start are shown in Fig. 86(a). Through an optimized injection timing and the use of a leaner mixture, the GDI engine exhibits a clear reduction in both UBHC and CO. The catalyst temperature, UBHC conversion efficiency, and the integrated UBHC concentration after the catalyst are shown in Fig. 86(b), which is for the same engine operating condition as in Fig. 86(a). It was noted that the GDI engine provides a more rapid catalyst response, and that the UBHC emission level is lower than that obtained with the PFI engine. This is due to the rapid increase of the catalyst temperature after a cold start, resulting from the more rapid firing and improved A - F control capability afforded by direct injection. The time history of the air-fuel ratio from the 1 l th cycle of the LA-4 mode is shown in Fig. 86(c). For the conventional PFI engine, numerous calibration compensations are required to minimize the effect of fuel transport lag caused by the inherent fuel-wall wetting [327]. During speed and load transients the effectiveness of such compensation is limited, and tip-in and tip-out spikes of UBHC emissions occur. The more accurate control of the transient air-fuel ratio for the GDI engine is illustrated in Fig. 86(c), and the associated catalyst efficiency is shown in Fig. 86(d). It may be seen that the PFI engine shows a large fluctuation in the catalyst efficiency during engine transients, indicating a decrease in the UBHC conversion efficiency. This was not observed during the operation of the GDI engine, which implies that the more precise air-fuel control of the GDI engine can yield an associated improvement in the catalyst conversion efficiency. As a result, the UBHC emissions can be reduced, even during steady-state operation. Both the emissions and the BSFC are improved during the entire LA-4 mode for the GDI engine. The total reduction of the UBHC emissions can reach 45% for the entire LA-4 mode, showing the potential of the GDI engine for meeting the future emission standards for UBHC. As opposed to UBHC emissions during a cold-start, the UBHC emissions for low-load operation represent a significant problem that is historically associated with gasoline DISC engines [223]. In the case of gasoline direct injection, the flame is eventually quenched in the extra-lean area at the outer boundary of the stratified region where the mixture is in transition from rich to lean [24]. As a result, a significant amount of UBHC remains in the total charge. The inability of the flame front to propagate from the rich mixture at the spark gap through all of the lean mixture in the outer portion of the combustion chamber is a key factor contributing to
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Fig. 86. Performance and emissions of the Isuzu GDI engine for the LA-4 mode vehicle test [ 182]: (a) engine-out UBHC emissions during the first cycle; (b) tailpipe UBHC emissions during the first cycle; (c) variation of the air-fuel ratio during the 11th cycle; and (d) catalyst efficiency during the 1 l th cycle. the part-load UBHC emissions in GDI engines, and a substantial research effort is being directed towards the resolution of this problem. There can also be overly rich regions near the piston as a result of piston-crown and/or



cylinder-wall wetting by the fuel spray. Unlike the diesel combustion in which UBHC emissions are very low with stratification at light loads, GDI engines operating in the stratified charge mode have a much lower compression
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ratio, which greatly reduces the in-cylinder temperature. As a result HCs which do not participate in the combustion process have a much lower probability of post-combustion oxidation. The exhaust temperature is also low, making it more difficult for current three-way catalyst technology to operate at the high efficiencies necessary for satisfactory tailpipe emission levels. The low exhaust temperature also eliminates the possibility of any hydrocarbon oxidation in the exhaust port, as is observed with the PFI engine operating under a similar condition [199]. The key considerations regarding increased UBHC emissions from stratified-charge GDI engines are: • flame extinction occurs for the very lean mixtures near the outer boundary of the stratified charge; • poor combustion can occur in overly rich regions near the piston crown or cylinder wall due to spray-wall wetting; • lower combustion temperature reduces the degree of post-flame oxidation of UBHC; • lower exhaust gas temperature degrades the conversion efficiency of the catalyst system; • lower exhaust gas temperatures significantly reduce the occurrence of UBHC oxidation in the exhaust port. In general, it has been found that direct gasoline injection can yield a slight increase in UBHC emissions at idle, and can exhibit substantial increase at part load. For part-load operation at higher engine speeds, another source of UBHC is the decrease in the time available for mixture preparation, which is limited for direct injection. This can result in diffusion burning at the surface of liquid droplets. The application of EGR at low engine loads can also increase the UBHC emissions substantially, and, when coupled with the use of a higher compression ratio for the GDI application, can result in additional amounts of UBHC being forced into crevices, resulting in an incremental increase in the UBHC emissions [40,223-225]. A number of the very early observations that related to the UBHC emissions of DISC engines may still be applied directly to current GDI engines. A range of possible reasons for the increase in the UBHC emissions for DISC systems at low load were listed by Balles et al. [271 ], and by Frank and Heywood [227] for the TCCS combustion system. It was noted that at low load the mixture becomes too lean prior to ignition due to the mixing and diffusion of the injected fuel. As a result, the combustion efficiency was found to be low for many cycles, and the associated UBHC emissions were excessive. Generally, at low load an overall ultra-lean mixture was supplied in the TCCS engine that may have resulted in over-mixing. Due to the small quantity of fuel injected into the combustion chamber, the cyclic variation of the evaporation rate was found to be a significant factor. The UBHC emissions were traced mainly to cycles with the lowest combustion efficiency. Frank and Heywood [227230] reported that the UBHC emissions exhibited little dependence on the piston crown temperature, which



521



would indicate that the adherence of liquid fuel on the piston surface is not the main source of the UBHC emissions for the combustion system tested. Any delay in the flame kernel development around the spark gap, or in the propagation rate of the flame through the mixture, is a contributing factor that increases the UBHC emissions. Frank and Heywood [228] pointed out that engine combustion events with large combustion delays yield a marked increase in the UBHC emissions. This indicates that, for the stratified combustion of lean mixtures, the resident time of the fuel inside the combustion chamber should be as short as possible. Thus, the spray characteristics at the end of the fuel injection event are important in determining the UBHC emissions. The fuel injected as the pintle is closing may not be well atomized, and has the least amount of time available to vaporize. With many pintle designs, the last fuel injected may have a trajectory that differs from that of the main jet [229], resulting in an increase in UBHC emissions. Ronald et al. [45] studied the effect of air-fuel ratio on the UBHC emissions of a single-cylinder research GDI engine. The UBHC emissions were found to increase continuously with an enleanment of the air-fuel ratio for the stratifiedcharge mode. This was attributed to increasingly prevalent pockets of excessively lean mixture and, as a result, an incomplete combustion event. A further reason may be a reduced reaction rate along the exhaust pipe due to the decrease in the exhaust temperature. As the charge becomes more stratified, the amount of fuel compressed into the top land area of the piston decreases significantly, and less fuel is in contact with the cylinder wall. As a consequence, the UBHC emissions may be lower when compared with PFI operation. Although the PFI engine exhibits a marked decrease in the CO emissions for lean mixtures, the CO emissions of the GDI engine remain nearly constant. Iiyama and Muranaka [77] concluded from calculations that pockets of mixture within the combustible range for air-fuel ratios richer than 30 are distributed randomly inside the flame. As a result, the flame does not propagate uniformly through these regions, yielding an increase in UBHC emissions. It was reported that high UBHC emissions at low load is an inherent feature of the stratified combustion concept itself. To reduce this type of UBHC emission, it is necessary to generate a highly stratified flow field. This tends to suppress the formation of rich pockets inside the combustion zone. One of the technologies for accomplishing this is the two-stage injection system proposed by Miyamoto et al. [201] and by Hattori et al. [202]. Anderson et al. [199] conducted a detailed computational analysis on the UBHC formation process of a stratified charge GDI engine using the KIVA code. It was found that there can be as much as 10% of the injected fuel remaining in liquid form at the time of ignition for late injection. This was true for both side-mounted and centrally-mounted injectors. The fuel on the piston crown was found to be the largest source of UBHC emissions. This impingement of
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liquid fuel can result in incomplete combustion of the fuelrich layer above the piston if it is insufficiently evaporated and mixed before the flame propagates beyond it. The total UBHC can be as much as 3.4% of the total fuel, with 0.6% resulting from the incomplete flame propagation, 2.7% from wall wetting, and 0.1% from the fuel injection system and the crevice. It was noted that for the late injection, stratifiedcharge mode, fuel vapor is present inside the spray very soon after the start of the injection, resulting in a 'solid cone' vapor distribution. The mixture is quite rich inside the spray and becomes increasingly leaner in the radial direction of the spray. A thin layer of lean mixture (4~ < 0.5) exists at the outer edges of the spray region. The amount of fuel in this lean mixture region increases with time and crank angle due to continued mixing. This overly lean fraction can be as high as 20% of the total fuel injected by the time ignition occurs. These lean mixtures, if not completely burned, can be a very significant source of UBHC emissions. Any unburned lean mixtures outside the primary flame region would contribute to the engine-out UBHC emissions if the in-cylinder temperature is below 1000 K during the expansion stroke. For the leaner mixture, a slightly increased temperature does not promote further UBHC oxidation. Even though the equivalence ratio may be very high near the piston, oxidation of the UBHC in this region could be slowed significantly due to the low temperature. The calculations also indicated that isooctane can be oxidized if the in-cylinder temperature exceeds 1150 K. The flame can propagate into regions having an equivalence ratio of about 0.3. Oxidation of a mixture with an equivalence ratio of 0.2 is possible in about 1.5 ms if the incylinder temperature is at least 1150 K. A mixture having an equivalence ratio of less than 0.1 is only partially oxidized, with reaction ceasing after about 3 ms due to a rapid decrease of the cylinder pressure and temperature during expansion. It is well known that the heat release of stratified-charge combustion occurs earlier than that of the homogeneous combustion. The addition of EGR will slow the combustion process due to the presence of the diluent and will shift the heat release to a later timing. When adding EGR to a stratified charge, the overall air-fuel ratio becomes richer. But, unlike throttling, adding EGR does not improve the flame propagation process since the lean regions are further diluted by the high exhaust gas concentration, which also results in flame quenching. The UBHC can be reduced in GDI engines by adding EGR, but the mechanism is complex, involving an increased burning period, later combustion phasing and increased post-flame oxidation, with the result that varying trends are reported in the literature. Jackson et al. [145,173,195,196] and Lake et al. [185] reported that the UBHC emissions increase in a manner similar to that in a PFI engine when the EGR percentage is increased at a constant air-fuel ratio. However, as there is no need to maintain a constant air-fuel ratio in the GDI engine, the UBHC reduction benefits can be obtained by



adding EGR. The specific effect of EGR on UBHC reduction is combustion-system-dependent. It was reported that for a side-port engine with a central injector, UBHC emissions decrease as EGR is increased up to 20%. For the topentry-port engine with a side-mounted injector, the UBHC emissions continue to decrease with an increase in EGR percentage up to the tolerance limit. An increased intake air temperature and the use of hot EGR are found to assist in reducing UBHC emissions. Sasaki et al. [231] investigated the effect of EGR on combustion and emissions using a Toyota GDI engine, with the experimental results for a range of engine operating conditions shown in Fig. 87. It was found that a wide-cone, well-dispersed, fuel spray provides improved combustion stability. Both the UBHC and BSFC decrease initially as increasing percentages of EGR are added, with the trend being quite pronounced when the engine load is low. As the EGR percentage is further increased, both the BSFC and UBHC start to increase. The observed improvements in UBHC and BSFC are attributed to the increase in combustion temperature, which extends the air-fuel ratio limits of flame propagation. Lake et al. [ 148] reported that the use of EGR can reduce the UBHC emissions by between 30 and 39% over the load range of 0.15-0.4 MPa BMEP. This reduction was attributed to improvements in fuel mixing resulting from the heating effect of EGR and the local variations in the equivalence ratio and EGR distributions. However, Anderson et al. [199] warn that the UBHC emissions could actually increase because the addition of EGR could narrow the flammability limits even though the exhaust temperature is raised by adding high levels of EGR. Although the GDI engine offers the potential for improving the BSFC by operating at part load without throttling, throttling is generally found to provide emission improvements at the expense of some fuel economy [148]. Theoretically, nonthrottling operation is possible at part load by using a stratified mixture; however, some throttle control is usually required in the production GDI engine [21]. This is because a GDI engine that is designed to operate in the stratified-charge mode must, of necessity, also operate for conditions such as cold starting and high load, which require a homogeneous charge. For such operating conditions it has been found that the use of some throttling is quite advantageous. However, as over half of the total GDI fuel economy benefit derives from the reduction of pumping losses [20], throttled operation may be expected to result in some degradation in fuel economy; and the use of the throttling in a GDI operating system should always be carefully evaluated [148]. The application of some throttling has been shown to be quite effective in achieving smoother transitions between engine operating modes and, at low load, is effective in elevating the very low exhaust temperatures that result from extended periods of stratified operation. This can significantly enhance the catalyst conversion efficiency. In addition, the flow of significant percentages of EGR for
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Fig. 87. Effect of EGR on engine performance and exhaust emissions [231]" (a) 1/8 load; (b) 3/8 load; and (c) combustion characteristics at various EGR rates, 1/8 engine load and an engine speed of 1200 rpm.



essential NOx reduction may require an intake manifold vacuum that can be obtained most expeditiously by applying some throttling. A conventional vacuum-assisted power brake system also requires some vacuum that may be optionally provided by throttling rather than by an onboard vacuum pump. Also it is important to note that some GDI engines demonstrate an improvement in the compromise between emissions and fuel economy with the use of moderate amounts of throttling. An electronically controlled throttling system is generally used for GDI applications because of the improved control advantages



over mechanically linked systems, and is effectively employed in the Toyota GDI engine system [21]. In general, it is possible to use moderate throttling of the engine at low load to reduce the UBHC emissions without significantly degrading the fuel economy. In addition, throttling may be successfully combined with the use of EGR to improve the overall compromise among fuel economy, NOx and UBHC emissions. Lake et al. [148] investigated the effect of throttling on fuel economy and emissions as a function of EGR. It was reported that a 20% reduction in UBHC emissions could be obtained by the use of light
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throttling at an EGR rate of 20%, with a fuel economy penalty of only 2.5%. Correspondingly, a 50% reduction in UBHC emissions by the use of some throttling results in a fuel economy penalty of approximately 8%, whereas throttling the engine without any EGR yields the lowest UBHC emissions at any air-fuel ratio level. Moreover, throttling does not cause any apparent change in NO~ emissions at a fixed EGR rate. If throttling is increased to enrich the mixture, NOx decreases at a fixed EGR rate, but to the detriment of fuel economy. For most GDI designs, a 55% reduction in NOx emissions can be achieved with a 2% loss of fuel economy by utilizing EGR with no throttling. An 80% reduction in NO~ emissions can be achieved by the use of throttling in conjunction with EGR, but with an associated 15% loss in fuel economy. Another approach for UBHC reduction is to limit the degree of low-load stratification and operate with a homogeneous throttled mode. This, however, would defeat one of the major reasons for creating a stratified charge engine, which is to improve fuel consumption by significantly reducing the light load pumping work. It should be noted that the effect of throttling on engine-out UBHCs is very dependent on the specific combustion system. In general, throttling the engine will enrich the mixture, and will extend the flame further into the quenching zone. This comparatively richer combustion will also increase the burned gas temperature, which promotes the post-flame oxidation of UBHCs both inside the cylinder and in the exhaust port. As a result, throttling tends to reduce the UBHCs that result from quenching. However, the UBHCs that result from liquid fuel on the piston crown and cylinder wall may actually increase when throttling the engine, due to the locally over-rich combustion. 5.2.2. NO~ emissions



As the mixture becomes leaner, the conventional leanburn PFI engine exhibits decreasing NOx formation and engine-out NO~ emissions, which result from a reduction in the reaction zone temperature. However, in the case of the GDI engine that operates with a stratified charge, the temperature within the reaction zone remains high due to the presence of a stoichiometric or slightly rich mixture in the core region of the stratified charge. NO~ production is high in these areas even though the overall thermodynamic temperature is reduced due to the overall lean operation. The GDI engine can also achieve significant fuel economy benefits related to operation with a higher knock-limited compression ratio, but this also elevates the NO~ emission levels. Another factor is that the in-cylinder temperature is higher because of a larger compressed mass in the cylinder than exists for a comparable load for throttled operation. The net result is that the NO~ level of the GDI engine operating without EGR will generally be similar to that of the PFI engine, even though some GDI engines can operate at an air-fuel ratio leaner than 50 at low load. As reported by



Ronald et al. [45], despite a leaning in the overall air-fuel ratio, a continuous increase of NOx is observed for a GDI engine that is operating in the stratified-charge mode, whereas the NOx emission level decreases for a PFI engine that is operating with an air-fuel ratio leaner than 16. GDI engines also exhibit significantly elevated NO~ emissions at idle as compared to PFI engines. This is the result of locally stoichiometric combustion and the associated high heat release rate at an elevated charge density, as compared to the slower homogeneous combustion of PFI engines at a lower temperature level. As illustrated in Fig. 82 [ 181 ], the use of an early injection timing for a GDI engine produces NO~ at approximately the same level as that of the PFI engine. Retarding the GDI injection timing to 30 ° ATDC on intake ( - 1 5 0 ° ATDC in the figure) results in a significant decrease in the peak NO~. However, for a mixture with an air-fuel ratio leaner than 20, the NOx level is higher than is obtained with an earlier injection timing. For an engine such as the GDI that is designed to operate with lean or even ultra-lean mixtures, it is unfortunately true that a conventional three-way catalyst cannot be used to remove NOx, therefore other techniques for in-cylinder NOx reduction or exhaust aftertreatment must be employed. There is a consensus in the literature that NOx reduction aftertreatment for lean burn engines is a challenging task, especially in view of the lower exhaust gas temperatures. Further, part-load lean operation of the GDI engine is quite frequent, and contributes about half of the NO~ emissions for the total emission test cycle [51]. EGR is widely used for in-cylinder NO~ reduction, and it functions primarily as a diluent during the combustion of the fuel-air mixture [309,365]. The dilution of the mixture by EGR is a very straightforward method of reducing the peak combustion temperature; however, as compared to air dilution, dilution using exhaust gases decreases the polytropic index due to the presence of CO2 and H20 molecules, with the associated higher specific heat ratio. Therefore, the effect of EGR dilution on thermal efficiency has been determined to be inferior to that of air dilution. Further, the amount of EGR that can be introduced is limited because it tends to degrade the combustion stability. Consequently, it may be appropriate to use EGR in combination with other techniques [16]. In a conventional PFI engine, NO~ reduction using EGR fails near the lean combustion limit because the mixture in proximity to the spark gap is diluted by EGR, resulting in misfires or partial burns. For a GDI engine using charge stratification, the mixture near the spark gap is ideally either stoichiometric or slightly rich; therefore stable combustion is possible with a much higher level of EGR. However, there is an associated compromise between any NO~ reduction and a simultaneous degradation in both UBHC emissions and fuel consumption. A comparison of the NO~ reduction performance as a function of EGR rate for PFI, GDI, and diesel engines is illustrated in Fig. 88 [134]. It is evident that a larger NO~



F. Z h a o et al. / P r o g r e s s in E n e r g y a n d C o m b u s t i o n



525



Science 25 (1999) 437-562



100



........ ........~.........i........: .......~....Fuel Consumption .... i : :16 3 ~ Improvement



......... :



........



....... Z . ,



........ : .........



J



.................



OI Diesel



.......... i. . . . . . . . . . . . . . . .



50



o z



Conventional SI " and GOl Homogeneous



0



I



•



10



o ~ ' , ~:- - ~~'~ ) ~ 2'5 . ~i i



GDI Stratified



....... 7



, I 20 EGR I::tatio %



,



I0



t



30



reduction can be realized with EGR in the GDI engine than may be obtained in either the PFI engine or the diesel engine. For the GDI engine the fuel-air mixing time is comparatively longer than that of the diesel engine and, as a result, the NOx emissions can be reduced significantly. Kume et al. [20] reported the effect of EGR rate on NO~ reduction, and these data are shown in Fig. 89. When compared with the engine-out NOx of a PFI engine operating with a stoichiometric mixture, the NOx reduction for the GDI engine with EGR can exceed 90% while maintaining improved fuel economy. It was noted that the flame temperature was found to be reduced by about 200 K with the use of 30% EGR. Meyer et al. [126] studied the effect of EGR on the in-cylinder fuel distribution by utilizing a separate EGR port and valve that introduced EGR directly into the cylinder. It was reported that the orientation of the EGR port and valve influences the in-cylinder fuel distribution significantly by producing an extra flow of recirculated
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Fig. 88. Effect of EGR on NO~. reduction for different types of internal combustion engines [134].
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Fig. 89. Effect of EGR rate on the reduction of NOx for the Mitsubishi GDI engine (2000 rpm, 15 mm 3 per injection) [20].
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Fig. 90. Effect of EGR rate on the reduction of NO, for the Toyota GDI engine (1200 rpm, 12 mm3/s) [43]. exhaust gas within the combustion chamber. The EGR strategies used in their study created a fuel stratification inside the combustion chamber just prior to spark ignition, which was verified by in-cylinder fuel distribution measurements using the laser-induced fluorescence (LIF) technique. Lake et al. [148] reported that stable combustion can be maintained in the Ricardo GDI engine operating in the early injection mode for EGR rates of up to 30%. An NOx reduction of 88-95% was achieved for the stratified-charge, late-injection mode when EGR was applied. Both the ignition delay and the combustion period were found to be extended with EGR due to the decrease in the laminar flame speed. A high EGR tolerance was reported, which was attributed partly to the improvement in fuel-air mixing due to EGR heating effects. It was claimed that the high EGR tolerance yields an additional fuel economy benefit when compared to a PFI engine. A similar effect was also reported by Sasaki et al. [231 ]. The effects of EGR on the lean limit and NOx emissions of a Toyota stratified-charge D-4 engine are shown in Fig. 90 [43]. It was reported that a stable combustion was obtained without throttling even when the air-fuel ratio was increased to 55. For this operating condition a 30% improvement in the fuel economy was achieved, but NO~ production was deemed to be a problem when compared to conventional homogeneous combustion. Without the use of EGR, the engine-out NO~ emissions for the Toyota D-4 engine increase as the mixture is enriched from an air-fuel ratio of 55, and reach a maximum at an airfuel ratio of 22. Although the NO~ emissions decrease as the EGR rate increases, it was noted that misfires occur when the EGR rate is increased for the stratified-charge case. It was further reported that a stable combustion is obtained at an EGR rate of 40%, which yields both a 90% reduction in NOx when compared with engine operation without EGR, and a 35% improvement in fuel economy, when compared with the conventional PFI engine. It should be noted that providing the GDI engine with the required amount of EGR is a design challenge. Considerably higher EGR mass flow rates have to be metered and
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distributed uniformly to individual cylinders at a much lower pressure differential than is typical with PFI engines. Such an increased EGR rate may result in a substantial temperature increase of the intake air, which may degrade the full load performance. It is also quite difficult to provide an appropriate amount of EGR during GDI mode transitions. Fraidl et al. [142] designed a variable EGR distributing system to circumvent the disadvantages of current EGR systems. A distribution plenum in close proximity to the cylinder is designed to be closed by means of a rotary disk valve. The opening of the cylinder feed lines is synchronized with the firing order, with the actual metering occurring within an electrically operated EGR valve. At part load, a large cross-section is opened to each individual cylinder, allowing a high EGR mass flow rate while maintaining an even distribution to all cylinders. At full load, or during engine transients, the EGR system close to the cylinder is shut off, improving the EGR dynamics. For the transition into part load operation, EGR is available close to the cylinder head by opening the distributing plenum. As only a small section of intake manifold is exposed to hot exhaust gas, the temperature increase of the induction air is less than with the conventional central feed design. Even though EGR is widely employed for reducing the NO~ emissions in SI engines, there is a general view in the literature that the progress of GDI engines is strongly coupled to the development of lean-NOx catalysts. This is because EGR cannot reduce the NO~ emissions over the entire engine speed-load map to meet the scheduled emission limits in North America, Europe and Japan. For example, within the US FTP emission test cycle the GDI engine operates for a significant fraction of the time with a lean homogeneous mixture at a stable lean limit. In such an operating condition, large amounts of EGR cannot be used, as the engine combustion stability would be significantly degraded. Also, the stratified-charge region in the operating map is narrowed when restricted to low NOx levels, thus reducing the achievable fuel economy improvement. Therefore, a proven lean-NO~-catalyst technology would definitely be a welcome tool in order to make optimum use of stratified combustion technology, as the conversion efficiencies and the durability of lean-NO~ catalysts are still lacking when compared with the current three-way catalyst. A significant research effort is currently being directed toward this desired technology [232]. A stoichiometric homogeneous mixture could be used in the GDI engine in combination with the three-way catalyst, but the achievable level of fuel economy would be theoretically lower for this class of GDI engine. A number of technologies are currently being explored for NO~ reduction in lean-burn and stratified-charge engines. These, with the associated technical issues, are summarized as follows. • Selective-reduction, lean NO~ catalysis: o reduces tailpipe NO~ emissions when engine is operated lean;



[Fresh I =o I NOx trap~ ~ 80~TYI~" "~



I /IAging : 8 100 I]- L 8Kkm



oOOF / .oL/ Reduction\\ ~ |/ -=



"E~.



oi200,'Y,,,, 300 400



500 200 300 400 500 Inlet Temperature ~3



(a)



! NOx Trap Type I



~,atalyst TWC I Selective Reduction Type]



Ox Catalyst /- q tvvc



(b) Fig. 91. Comparison of the selective-reduction-type and storagetype lean-NOx catalysts [ 17]. o requires some UBHC to reduce NO~; o lower conversion efficiency; o narrow working temperature range, depending on catalyst materials; o not as durable as conventional three-way catalysis; o high resistance against sulfur contamination. • NOx absorber: o stores NOx while engine is operated lean; o converts stored NOx during a rich excursion in airfuel ratio; o no UBHC required to store NOx; o can be installed downstream from other catalysts; o higher conversion efficiency over an operating window of 350-500°C;
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Fig. 92. Comparison of the gasoline sulfur levels in European, US and Japanese markets [17]. o o o o o



rich mixture required for regeneration; complex control system required for regeneration; 2% fuel economy degradation due to regeneration; not as durable as conventional three-way catalysts; limited to low-sulfur gasoline.



• Plasma three-way catalyst: o expanded operating temperature range; o improving NOx conversion efficiency while reducing the power consumption is a challenge.



The family of lean NO,. catalysts include NO~ reducing catalysts of zeolite and precious metal for oxygen-rich conditions, as well as an NO~ storage catalyst that is capable of trapping NO,. when the exhaust is oxygen-rich, then converting the stored NO~ during intermittent short periods of controlled over-fuelling. The NO, storage catalyst has a high conversion efficiency; however, it is subject to sulfur poisoning and must be used with low-sulfur fuel. Fig. 91 shows a comparison of the selective reduction catalyst and NOx trap catalyst [17]. This may be contrasted to the selective-reduction catalyst that incorporates the direct reduction reaction of NO, by hydrocarbons, and exhibits a stable conversion capability even after lengthy operation with a high-sulfur fuel. However, the selective reduction catalyst has a much lower conversion efficiency and a narrower window of operating temperature. One of the problems that complicates the application of NOx storage-catalyst technology to stratified lean combustion is the generation of a precisely controlled rich excursion in the exhaust flow during extended periods of part-load operation. During lean operation, any brief increase in the fuel rate will result in a momentary increase in engine power, unless it is anticipated and controlled. During homogeneous lean mixture operation in the Toyota D-4 GDI system, fuel is injected during the intake stroke and the desired rich-mixture spike is obtained at 50 s intervals by



the synchronized control of both fuel pulse width and simultaneous spark retard to maintain a constant output torque. For stratified-charge operation this spike is obtained by a complex control system command that not only provides a brief fuel pulse width and spark retard, but also by a simultaneous brief adjustment to the injection timing, throttle opening and the positions of the swirl control valve (SCV) and the EGR valve. It was reported that the NOx emission level for this engine without either EGR or a NOx storage catalyst is 1.85 g/km for the Japanese 10-15 mode test. With EGR control only, NOx is reduced to 0.6 g/km, which is a 67% reduction. This can then be further reduced to 0.1 g/km with a stabilized NO, storage catalyst. With the use of an NOx storage-reduction catalyst, the periodic introduction of the required rich mixture results in a 2% loss of fuel economy potential [21 ]. Another possible strategy is to have a controlled secondary injection of fuel during the exhaust stroke. The use of a NOx sensor is expected to contribute to an optimization of the regeneration process for the storage-type catalyst. NO, absorption catalysts show a high potential for NOx removal under periodic lean-rich conditions. Engine and model bench tests have proven that significant NOx reduction is feasible over a wide temperature range. A closely coupled interaction between the engine control system and the catalyst characteristics is required for best performance and lowest fuel consumption. However, as shown in Fig. 92, the high sulfur level in standard gasoline grades, particularly in North America, pose a major impediment to the wider application of this promising catalyst technology. Relatively small amounts of absorbed sulfur can cause a severe suppression of NOx storage activity. Some evidence exists that SO3 reacts preferentially with the NOx absorbents, forming surface sulfate species that block the active sites from further NO~ absorption [232]. As the average sulfur levels of gasoline in the European and North American markets are substantially higher than that in the Japanese market, a significant challenge is presented to automotive engineers who are striving to introduce the GDI



528



F. Zhao et al. /Progress in Energy and Combustion Science 25 (1999) 437-562



,2 F 10,



i •



0~



I000



>>



.



2000



3000



z.O00



5000



5000



Engine Speed (rev/min)



(a) 0.5



.



•



's GDI UNTHROTTLED- NO E(~R i • GDI - UNTHROTTLED + EGR. • GDI THROTTLED + EGR



•.



I



0.4



" O



I



VEHlCLE DETAILS E n g i n e S w e p t V o l u m e - 1.0 I l t r l Kerb Weight



- 700 kg



Cd Frontal A r e a



- 0.25 - 1.8 m2 - 5l manual



Trarmmlssion



"...f~Eu, o 2 siANo~oJ



0.3 EURO 3



~ k



| ,



•



NOx TRAP



",,



•



i



CC T W C + NOx TRAP



¶



0



CC



•



0.1



TWC



• •



" *



A



NOx CAT



"



PROPOSAL "



•



•



'



EURO 4



0.1



UF TWC



"



PROPOSAL



0.2



•



CC TWC



•



l



•



CC TWC + N O x C A T i



I



i



0.2



,,.



• l



ii



0.3



0.4



0.5



w



w



|



0.6



0.7



0.8



NOx (g/km)



(b) Fig. 93. Predicted emissions of different aftertreatment technologies for the ECE + EUDC cycle [136,137]: (a) control map for the Ricardo GDI engine; and (b) predicted results.



technology into those markets. In order to comply with the stringent NOx emission regulations in Europe and North America, a more efficient NOx catalyst that is more robust to sulfur-poisoning is required [41,338]. Iwamoto et al. [50,51] reported that the Mitsubishi GDI engine employs a selective-reduction catalyst to further reduce the NOx emissions not only during the urban driving cycle, but also for the lean-burn condition associated with the highway driving cycle. This selective-reduction-type catalyst has three-way catalytic functions and a high inherent resistance against sulfur contamination; however, it currently has a relatively narrow working temperature range that limits its performance. It is claimed that the



selective-reduction catalyst maintains a good efficiency in the mileage-accumulation durability test with high-sulfur gasoline. However, this type of catalyst may generate more N20 and NO2 emissions. Jackson et al. [145,173,195,196] subtracted emissions entering the catalyst from those measured at the catalyst outlet, with the results indicating that the catalyst increases N20 and NO2 emissions during the cycle. Another new technology that is being developed for potential application to GDI engines is a plasma system that provides for the simultaneous conversion of NOx, UBHC and CO. The system features a surface plasma having low temperature, low pressure and low energy that could be packaged in a volume similar to a
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conventional catalyst. The potential advantages of this system include a lower light-off temperature and an expanded range of operating temperature. Improving NOx conversion efficiency while reducing the power consumption is a challenge of this emerging technology [311,369]. In order to assess the prospects of the GDI-powered vehicle for meeting the future emission regulations, Jackson et al. [136,137] predicted the vehicle emissions and fuel economy for various aftertreatment technologies using a driving-cycle simulation. The engine operating strategy was assumed to be as shown in Fig. 93(a). Multi-cylinder engine maps were constructed from steady-state emissions data that were obtained using a single-cylinder test engine. Adjustments were made in the cycle simulation for the effects of cold start and transient effects. The aftertreatment technologies considered in the simulation study and their conversion efficiencies (%) for the ECE/EUDC cycle are: Aftertreatment technologies
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1. Underfloor three-way catalyst (UF TWC) 2. Close-coupled three-way catalyst (CC TWC) 3. Item 2 + NOx catalyst (CC TWC + NOx CAT) 4. Item 2 + NO~ trap (CC TWC + NOx TRAP)
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The emission prediction results for the ECE + EUDC cycle are shown in Fig. 93(b). It was reported that with EGR and a close-coupled three-way catalyst the GDI vehicle has a reasonable engineering margin for meeting the EURO II (current) standard. To meet the EURO III (2000) standard with an engineering margin, however, would require EGR, a close-coupled three-way catalyst, and a 40-50% efficient DeNOx aftertreatment system. Meeting the EURO IV (2005) emissions standard would require EGR, a closecoupled three-way catalyst, and a 70-80% efficient DeNO, aftertreatment system. In addition, light throttling would be required to control engine-out UBHC emissions. Andriesse et al. [ 190] reported that a GDI engine operating in the stoichiometric, homogeneous-charge mode is able to provide a fuel economy benefit of 7-10% while lowering NOr emissions by at least 50%. This allows the EURO II emissions standard to be met with a conventional three-way catalyst system. The stratified GDI engine provides a 15-20% enhancement in fuel economy, but requires a lean NO, catalyst with an efficiency of 80% to meet the EURO III standard, and an efficiency of 90% to meet the EURO IV standard. In summary, it is apparent from the current literature that the attainment of regulatory levels of NO,. emissions is one
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of the major challenges facing GDI engine developers, particularly in the North American market [323]. 5.2.3. Particulate emissions



In general, particulate matter (PM) is defined as all substances, other than unbound water, which are present in the exhaust gas in the solid (ash, carbon) or liquid phases. Engine particulates basically consist of combustion-generated, solid carbon particles, commonly referred to as soot, that result from agglomeration or cracking, and upon which some organic compounds have been absorbed. The carbon particles become coated with condensed and absorbed organic compounds, including unburned hydrocarbons and oxygenated hydrocarbons. The condensed matter can be comprised of inorganic compounds such as sulfur dioxide, nitrogen dioxide and sulfuric acid. The size distribution of an exhaust aerosol from an engine is reported to be trimodal, with particle sizes ranging from several nanometers to several microns [233,234]. Both the peak magnitude and the shape of the size distribution curve change dramatically with engine type and operating condition. The complete size range is most effectively divided into three regions, or modes, that have physical significance. The three modes that are used in the literature to describe the particulate size distribution are the nuclei, accumulation and coarse modes. The nuclei mode is generally considered to be comprised of particles with equivalent diameters of less than 50 nm. The particles in this mode are primarily formed during combustion and dilution, usually by means of both homogenous and heterogeneous nucleation mechanisms. This mode normally contains the largest number of particles, thus dominating the number-weighted size distribution, but having an insignificant impact on the mass-weighted size distribution. The second region is denoted as the accumulation mode, and consists of particles having an equivalent diameter in the range from 50 to 1000 nm. These particulates are generally formed through the agglomeration of nuclei mode particles, and may contain a layer of condensed or absorbed volatile material. The particles in the accumulation mode normally contribute only a modest amount to the total number-weighted size distribution, but are generally the most significant in the mass-weighted size distribution. The third region, denoted as the coarse mode, is comprised of particulates having an equivalent diameter larger than 1000 nm. These particles are generally not a direct product of the combustion process, but are normally formed from the deposits on the valves and chamber walls that occasionally leave the solid surfaces and enter the exhaust system. The number density of the coarse mode particles is generally quite low, but can, under some conditions, influence the mass-weighted size distribution. The significance of each mode is, to some degree, dependent on the specific particulate emissions regulations. The US Environmental Protection Agency (EPA) has regulated PM emissions using mass-weighting, and its PMj0 designation includes all particulate matters having equivalent
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diameters of less than l0 ~m. The new EPA "fine particle", or PM2.5, standard includes all particles having equivalent diameters of less than 2.5 ~m. This indicates the heightened interest in smaller particles that is reflected in the evolution of PM emissions standards. For particulates from diesel engines, only particles in the size range above 100 nm in diameter were found to have any significant effect on the mass-weighted PM10 and PM2.5 mean values, and nuclei mode particles were found to have little or no effect on the mass-weighted distribution regardless of the number density [233]. Historically, gasoline engines have been exempt from the requirement to meet the particulate emissions standard for diesel engines. The justification for this has been that gasoline engines produced particulate emissions that were on the order of only 1% of those diesel engines. This was certainly the case prior to the advent of recent diesel particulate legislation [235]. Recent studies indicate that current gasoline SI engines often emit an increased fraction of nanoparticles even though steady-state particulate number emissions are generally several orders of magnitude lower than those from modern diesel engines [234,236]. Particulate number emissions from gasoline engines have also been shown to increase significantly when operated under high-load, transient and cold-start conditions. It was reported by Graskow et al. [236] that, unlike the PM emissions from diesel engines, the particulate emissions from PFI engines are quite unstable. Typically a stable baseline concentration of engine-out PM emissions is on the order of x 105 particles/ cm3; however, a "spike" in the PM emissions is occasionally observed. These spikes are found to be composed of nearly 100% volatile particles of less than 30 nm in diameter, and can exhibit number densities exceeding 100 times that of the baseline concentration. An analysis of particulates from PFI engines by Andrews et al. [235] revealed that the bulk of the mass is ash, with the second largest fraction being unburned lubricating oil. Carbon emissions were found to be significant only at high load with mixture enrichment, whereas, at other operating conditions, carbon was reported to comprise less than 10% of the total PM mass. The large ash fraction of the gasoline PM emissions were found to include a large fraction of metal compounds, with calcium and sodium evident for operation at low load without EGR, and copper and magnesium predominant for operation with EGR. Preliminary research indicate that GDI engines, as evolving powerplants for automotive applications, may emit a larger amount of particulates than do conventional PFI engines, especially during stratified-charge operation. Depending on the degree of combustion system optimization, smoke emissions from prototype GDI engines could be as high as 1.2 BSU [100,101,210]. A comparison of the particulate emissions for a current PFI SI engine, a current production GDI engine and a 1995 European IDI diesel engine for the US FTP cycle is illustrated in Fig. 94(a) These data represent mass measurements of particulate matter collected on filter media. It may be seen that the



level of PM emissions for the GDI engine is between those of the diesel and PFI SI engines. As reported by Maricq et al. [237], the PM emissions from a vehicle powered by a GDI engine are on the order of 10 mg/mile. In comparison, the PM emissions from a comparable dieselpowered vehicle are on the order of 100 mg/mile. As compared to the 1-3 mg/mile PM emissions from a model PFI engine [235,237], the PM emissions from current production GDI engines are relatively high, even though they are well below the current US standard of 80 mg/ mile as measured on the FTP test cycle. In interpreting this published comparison, it should be noted that both the PFI and GDI engines have been developed and massproduced without major specific efforts being directed towards the minimization of particulate emissions. Graskow et al. [238] measured the particulate emissions from a 1998 Mitsubishi GDI engine using a chassis-dynamometer test. It was reported that the average polydisperse number concentration was on the order of x 108 particles/ cm 3 and that the number-weighted, geometric mean particle diameter was from 68 to 88 nm. In contrast, modern PFI engines tested by the same authors [234,236] emit average particulate number concentrations ranging from 105 particles/cm 3 at light load to 107 particles/cm 3 at high load. Older PFI engines have been shown to emit number concentrations in excess of 108 particles/cm 3 for conditions corresponding to highway cruise operations. It was also reported that, for the operating conditions tested, the numberweighted, geometric mean diameters of the particulate matter emitted from the GDI engine are larger as compared to the PFI engines tested. This relatively large mean particle size is likely to increase the particulate mass emissions from the GDI engine, but could also lead to a decrease in the relative fraction of particles emitted in the nanoparticle size range. Maricq et al. [237] investigated the PM emissions from a 1.83L, four-cylinder, four-valve production GDI engine for a range of operating conditions. As illustrated in Fig. 94(b), the particle number emissions are found to increase by a factor of 10-40 when the operating mode of the GDI engine is stratified-charge instead of homogenous-charge. The emissions of particulate matter exhibit a strong dependence on the GDI injection timing, and it was observed that the particle number and volume concentrations increase markedly as the injection timing is retarded. Advancing the spark timing generally yields an increase in both the particle number concentration and the mean particle size for both homogeneous and stratified-charge operation. An increase in the engine speed and load generally leads to an increase in PM emissions; however, this trend is dependent on the injection timing for stratified-charge operation. Based upon a chassis-dynamometer test that emulated the FTP test cycle, it was found that the PM emissions exhibit very substantial fluctuations, with a strong correlation existing between vehicle acceleration and the observed increases in PM emissions. These increases are theorized to occur
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Fig. 94. PM emissions from GDI engines [237]" (a) comparison of FTP PM emission rates for a diesel, GDI and PFI vehicles; (b) PM, CO, UBHC, and NOx emissions as a function of fuel injection timing (EOI)" (c) particle size distributions as a function of fuel injection timing (EOI); ~tnd (d) particle size distribution as a function of spark timing.
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because both the exhaust flow and the PM concentration in the exhaust gas increase with the added load needed to accelerate the vehicle. The observed PM concentration increases during the FTP test cycle were well correlated with changes from homogeneous-charge to stratified-charge operation. The particulates were in the size range from 15 to 600 nm, with the bulk of the particles being in the range of 50-100 nm. The measured number concentration was on the order of x 106 particles/cm 3 for homogeneous operation, and x 107 particles/cm3 for stratified-charge operation. As is evident from the experimental results illustrated in Fig. 94(b), operating a GDI engine in the stratified-charge mode has a significant effect on the overall particulate emissions. The PM emissions for this mode are found to vary significantly with small changes in the engine operating point. It was theorized that particulate matter can result from two types of rich combustion; that of a locally rich, gaseous air-fuel mixture and that of the diffusion burning of incompletely volatilized, liquid fuel droplets. The burning of liquid fuel droplets was reported to be an important source of PM emissions for late injection timing. For homogeneous-charge operation, the PM mass emissions remain quite independent of fuel injection timing, but the PM number concentration decreases monotonically as the injection timing is advanced. As illustrated in Fig. 94(c), the particle size distribution for homogenous charge operation has an asymmetric shape. The peak in the distribution shifts slightly from about 70 nm for a spark timing of 21 ° BTDC to a value of 85 nm for a spark advance of 40 ° BTDC. These tends suggest that more nuclei mode particles are formed as the park is advanced, possibly due to faster nucleation and coagulation rates at the higher peak temperatures. Further, the post-flame oxidation rate will be slowed due to the decrease in the exhaust gas temperature as the spark timing is advanced. All of these factors contribute to the observed increase in peak particle number and mean particle size as the spark is advanced. For homogeneous-charge operation, the trend in particulate emissions with load was found to be quite similar to that measured for a PFI engine. It is quite evident from the literature that the reduction of particulate emissions from GDI engines is an important research area. The specific processes of particulate generation for homogeneous-charge and stratified-charge operation need to be better understood, and more testes under carefully controlled conditions are required. The understanding that is gained will provide the ability to model, predict and control the processes that result in particulate matter, which will lead to significant reductions in the PM emissions of GDI engines.



6. Specific combustion systems and control strategies 6.1. Early research engines



Operating with a single, fixed ignition location imposes very stringent requirements on the mixture preparation
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Fig. 95. Schematic of the Honda CVCC combustion system [378]. process in GDI engines, as it is very difficult to provide a combustible mixture at the spark gap over the entire engine operating map. That is why most combustion control strategies are primarily directed towards the specifics of preparing and positioning the air-fuel mixture. A stratified-mixture region of repeatable location and charge distribution is important for achieving the fuel-economy potential of a GDI combustion system design. Stable stratification can be most easily achieved by using a divided chamber in which a subvolume and the main combustion chamber provide well-separated mixture regions. One of the betterknown production applications of this technique is the combustion chamber geometry of the Honda compound vortex combustion chamber (CVCC) engine [378]. Although this is not a direct-injection engine, it is an early example of a production combustion system that operated with mixture stratification. For this combustion system, which is illustrated in Fig. 95, a secondary mixture preparation system feeds a fuel-rich mixture through an auxiliary intake valve into a pre-chamber containing the spark plug. A lean mixture is supplied to the main combustion chamber through the main fuelling system. After combustion is initiated in the pre-chamber, a rich burning mixture issues as a jet through an orifice into the main chamber, both entraining and igniting the lean main-chamber charge. This engine uses the flame-jet ignition technique, which can extend the operating limit of conventional SI engines to mixtures that are too lean to ignite with a spark. The disadvantage of flame-jet ignition is that increased wall heat losses and throttling losses between the pre-chamber and the main combustion chamber reduce the engine combustion efficiency. Additionally, such systems can only be operated at overall lean air-fuel ratios, thus limiting the maximum power output. The concept of the direct-injection of gasoline in an SI engine is certainly not new. Early in 1954, the Benz 300SL [379] utilized the direct-injection system to solve a performance deficiency problem associated with the use of a carburetor. This is one of the first generation GDI engines as categorized by Iwamoto et al. [50] and is illustrated in Fig. 96. This GDI engine used early fuel injection to achieve a homogeneous air-fuel mixture.
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Fig. 96. The Benz 300SL GDI combustion system [379].



During the time frame from 1960 to 1978, numerous GDI systems were proposed to explore the potential of this type of engine. These are classified by Iwamoto et al. [50] as the second generation of GDI engines. A number of these engines utilized jet-wall interaction and film evaporation to achieve charge stratification by controlling the fuel distribution in an open chamber. An example of this type of combustion system is the MAN-FM system [10,11], which is shown schematically in Fig. 97. Extensive testing led to the conclusion that the MAN-FM system has the disadvantages of the increased wall heat losses, as well as increased UBHC and soot emissions. Also as is the case for the CVCC divided chamber, only stratified-charge operation is possible. Even if the elevated compression ratio of the MAN-FM engine is taken into consideration, the engine specific power is still limited when compared to homogeneous, stoichiometric operation of the conventional PFI engine. Other GDI engines using a close proximity between the fuel injector and the spark gap were developed in the period from 1970 to 1979. The well-known systems that place the ignition source directly in the periphery of the fuel spray are the Ford PROCO [14] and the Texaco TCCS [9] systems.
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Fig. 98. The Ford PROCO combustion system [14]. The combustion concepts of these two systems are illustrated in Figs. 98 and 99. The centrally located injector provides a hollow-cone fuel spray that is stabilized by a strong air swirl (Ford PROCO), or provides a narrow jet tangentially into a piston bowl with air swirl motion (TCCS). In both cases ignition stability is achieved primarily by the close spatial and temporal spacing of injection and ignition. The PROCO system with a swirl-stabilized central plume allows slightly longer ignition delays than does the TCCS system; however, unfavorable mixture ignition conditions occur when crossflow velocities are high. The Texaco TCCS system may be regarded as a classic
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Fig. 97. The MAN-FM combustion system [10].



U//////A Fig. 99. The TCCS combustion system [9].
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(c) Fig. 100. Other DISC combustion systems: (a) MCP [239]" (b) International Harvest-White [240]; and (c) SCRC [241].
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of both of these engines were quite good, the control of UBHC emissions was extremely difficult for light-load operation. NOx emissions were controlled using EGR rates of up to 50%. Even with this level of EGR, the NOx emissions for both the PROCO and TCCS systems significantly exceeded the current emission standards, thus the use of a lean-NOx catalyst would be required if these combustion strategies were to be implemented today. The power output of the late-injection TCCS system was also soot-limited. Further studies of stratified-charge engines have shown that high air swirl is desirable for obtaining the required level of fuel-air mixing, and that high-energy ignition sources enhance the multi-fuel capability. In spite of significant measures to reduce autoignition and maximize air utilization, these engines were not able to achieve the specific power output of then-current PFI engines. Additional GDI engine concepts from the 1970s that are based upon different geometric combinations of fuel spray plume and spark gap, such as the Mitsubihsi combustion process (MCP) [239], International Harvester and White Motors (IH-White) [240], and Curtiss-Wright stratified charge rotary combustion (SCRC) [241 ] are shown in Fig. 100(a)-(c), respectively. A direct-injection combustion system for both GDI and DI diesel engines that operates by injecting fuel onto a central pedestal in a piston cavity was developed by Kato et al. [242,243]. In this combustion system, fuel is injected by a single-hole nozzle against the flat surface of the pedestal. The fuel deflects orthogonally and symmetrically in a disk shape and forms the air-fuel mixture. As the result of having a comparatively rich mixture present in the vicinity of the pedestal, and of initiating ignition at the center of the rich mixture, stable combustion is achieved. As the air-fuel mixture is always formed near the pedestal, there is little fuel in the squish area. Therefore, it is possible to prevent end-gas detonation in GDI applications and it is claimed that this type of engine can be operated at compression ratios of up to 14.5 on gasoline. With this combustion system, however, the UBHC emissions are found to be very high, which represents a significant development problem [244].
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Fig. 101. Schematic of the Mitsubishi GDI combustion system [20]: (a) fuel injection strategies; and (b) piston geometry. representative of a fully stratified combustion system, whereas the Ford PROCO combustion system was purposely designed with the objective of matching the specific output of the pre-mixed-charge engine using high EGR rates. The PROCO stratified-charge engines employed an injection system with an operating fuel pressure of 2 MPa, with injection occurring early in the compression stroke, while the TCCS engines utilized a high-pressure, dieseltype injection system. Although the minimum BSFC values EGR Valve (Stepper Motor)
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Fig. 102. The Mitsubishi GDI engine system layout [50,51].
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Fig. 104. The Mitsubishi GDI control map [50,51].
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Fig. 103. The cutaway of the Mitsubishi I4 GDI engine [194]. Many new mixture-preparation and combustion-control strategies for direct-gasoline-injection, four-stroke, sparkignition engines have been proposed and developed since 1990 by automotive companies, fuel system manufacturers and research institutions. Currently, five automotive companies have already put this engine technology into production in both the Japanese and European markets. These types of engines are classified as third-generation GDI engines [50]. Based on the information available in the literature, the key features of these specific GDI engines that have been developed during this recent time period are briefly summarized in Table 2 and the details of some of these combustion systems are given below. 6.2. Mitsubishi combustion system The Mitsubishi GDI combustion system was discussed in detail by Kume et al. [20], Ando et al. [15-19], Kuwahara et al. [49,134,207,245,246], Kamura and Takada [194], Iwamoto et al. [50,51], Yamamoto et al. [247], Yamaguchi [248-251,370], McCann [46], Auer [252], Schreffler



[253,352,353], Demmler [254], Lewis [328], Ward [364] and Treece [362]. The schematic of the engine layout, the engine cutaway, and the piston geometry are shown in Figs. 101-103. The combustion mode calibration is illustrated in Fig. 104. An early injection strategy is utilized for engine operation at high loads. In most of this zone, the engine uses a stoichiometric mixture and is operated at a slightly rich condition at full load. For the lowest-load conditions in this zone, the engine operates with a homogeneous, lean mixture for further improvement of fuel economy. The air-fuel mixture is in the range of 20-25. The first GDI engine that was launched in Japan in 1996 is based on the production 4G93 SI engine, using dual overhead camshafts, four valves per cylinder, in an inline four-cylinder configuration. The main differences from the 4G93 are the cylinder head and piston design, and a high-pressure fuel pump and injectors. In the Mitsubishi dual-catalyst system, the first catalyst uses pure iridium, which works during the lean period. A normal platinum catalyst is mounted downstream to catalyze the gases during non-lean periods. Mitsubishi' s Galant and Legnum, the station wagon variant, are powered by this GDI engine. The fuel economy provided by the Mitsubishi 4G93 GDI engine was reported to show a significant improvement when compared to the comparable displacement, conventional PFI engine on the Japanese urban test cycle, while the 0-100 km/h acceleration time is enhanced by 5%. Due to the inherent in-cylinder charge cooling and improved intake port design, the volumetric efficient of the Mitsubishi GDI engine is increased by 5% over the entire engine operating range. In combination with an increased compression ratio of 12, the total power output is increased by 10% [50,51], which is shown in Fig. 105. The principal features of Mitsubishi 1.8L four-cylinder GDI system are: • • • • •



four cylinders; four-valve DOHC pentroof combustion chamber; bore × stroke : 81 × 89 mm; displacement-- 1864 cm3; compression ratio--12:1;
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Fig. 105. Full load performance of the Mitsubishi GDI engine [50,51]. • central spark plug; • a spherical compact piston cavity to redirect the mixture plume to maintain charge stratification; • intake port--up-right straight intake ports to generate an intense tumble with a direction of rotation opposite to that of the conventional horizontal intake ports of PFI engines; • intake tumble r a t i o ~ l . 8 ; • injector located underneath intake port and between two intake valves; • high-pressure, swirl injector with a tangential slot-type swirler; • common-rail fuel system using a fuel rail pressure of 5 MPa;



• air control--throttle valve with electronic air-by-pass valve for smooth transition between different operating modes; • ignition s y s t e m ~ 6 0 mJ in energy and narrow-gap platinum plug; • part-load m o d e m l a t e injection at the air-fuel ratio of up to 40:1; • high-load modemearly injection; • NOx reduction~electric EGR system at a maximum rate of 30% and selective-reduction lean-NOx catalyst; • EGR control~achieved by an EGR valve actuated by a stepping motor; • octane requirement--92 RON; • engine idle s p e e d ~ 6 0 0 rpm; • p o w e r - - 112 kW JIS net at 6500 rpm; • torque--128 N m at 5000 rpm. The main specifications of the Mitsubishi 1.5L four-cylinder combustion system are: • • • • • • • •



four cylinders; four-valve DOHC pentroof combustion chamber; bore × strokem75.5 × 82 mm; di spl acement ~ 1468 cm3; compression r a t i o ~ l 1:1; common-rail fuel system; design fuel pressure--5 MPa; octane requirement~unleaded regular gasoline.



The main specifications of the Mitsubishi 3.5L V6 combustion system are: • • • •



• • • • •



six cylinder V engine; bore × stroke--93 × 85.8 mm; displacementm3496 cm3; compression r a t i o - - 1 0 4 : l to allow the use of regular grade, unleaded gasoline (premium grade recommended); fuel rail design pressure--5 MPa; spark p l u g - - a large protrusion into the chamber; intake s y s t e m - - a variable length induction system for improving low- and middle-speed torque; p o w e r - - 180.2 kW JIS at 5500 rpm; torquem343.1 N m at 2500 rpm.



Mitsubishi introduced the 1.8L inline four-cylinder GDI engine into European market in 1997. The major differences of this European version from that of the Japanese version are:



Fig. 106. Cutaway view of the Toyota GDI D-4 engine [41 ].



• The compression ratio was increased from 12:1 to 12.5:1. • The injector mounting is more vertical in order to target the spray towards the center of the bowl in the piston. This reduces the variation in spray targeting with injection timing, promoting a stable, combustible mixture over a wider operating window. • The Japanese GDI engine was tuned to give the best fuel savings at idle speeds while the European version is tuned to optimize the highway fuel economy.
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combustion, was employed during cold start for a more rapid catalyst light off by injecting a fraction of the fuel during the intake stroke and the remaining portion during expansion stroke.



Straight Port



The largest GDI engine so far developed by Mitsubishi is a 4.5L, 90 °, V8 engine using 32 valves and four camshafts. The piston bowl is reported to be a slightly shallower than that in the original I4 and V6 GDI engines. Two highpressure, single-plunger, injection pumps are utilized, one for each cylinder bank. 6.3. Toyota combustion system
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(c) Fig. 107. Combustion chamber configuration of the Toyota GDI engine [41 ]. • The crossover point of the European version from lean (40) to normal (14.5) air-fuel ratio was increased from 2000 to 3000 rpm. The lean range vehicle speed is extended to highway cruise at 120-130 km/h. • The intake manifold was extended from 265 to 400 mm to enhance the low-speed torque characteristics. • A two-stage injection strategy, called two-stage mixing, was added to improve low-speed torque and suppress knock by injecting part of the fuel during intake stroke and the remaining portion during compression. • A second two-stage injection strategy, called two-stage



The Toyota direct-injection combustion system has been described in several recent publications [21,22,41,43,60, 139,170,203,226,255-261,273,319,356,358,359,361,371 ]. The principal components and stratification concepts that are used in the GDI engine, which is designated as the D-4, are illustrated in Figs. 106-108. As shown in Fig. 107, a uniquely shaped cavity in the piston is employed. Zone (A) of the cavity is designed to be the mixture formation area, and is positioned upstream of the spark plug. The wider zone (B) is designed to be combustion space and is effective in promoting rapid mixing. The increased width in the swirl flow direction was reported to enhance the flame propagation after the stratified mixture is ignited. The involute shape (C) is designed to direct the vaporized fuel towards the spark plug. The intake system consists of both a helical port and a straight port, which are fully independent. An electronically activated SCV of the butterfly-type is located upstream of the straight port. When the SCV is closed, the resulting swirl ratio is reported to be 2.1. The helical intake port utilizes a variable-valve-timing-intelligent (VVT-i) cam-phasing system on the intake camshaft. These valves are driven by a DC motor so that the desired valve opening angle can be controlled according to the engine operating conditions. Fig. 109 shows the detailed SCV operating map. For light-load operation the SCV is closed, which forces the induction air to enter through the helical port, thus creating a swirling flow. Highly atomized fuel is injected into the swirling flow near the end of the compression stroke. The flow moves the rich mixture to the center of the chamber around the spark plug, while part of the fuel disperses into the air in the combustion chamber, forming a stratified airfuel mixture. For heavy-load operation the SCV is opened, and the intake air is inducted into the cylinder with a lower pressure loss. The fuel is injected during the intake stroke, resulting in a homogeneous mixture. The main features of this GDI system are summarized as follows: • • • • •



four cylinders; four-valve pentroof combustion chamber; bore × strokem86 × 86 ram; displacementh 1998 cm3; compression ratiom 10:1 ;
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Fig. 108. Toyota GDI engine system [21].



• spark plug located slightly away from the center of the combustion chamber; • piston and bowl--deep-bowl-in-asymmetrical-crown; • intake portmone helical port with VVT-i system and SCV; • injector located under the straight intake port; • fuel injectormhigh-pressure swirl; two-stage injection; solid-cone spray; • common-rail fuel system using a variable fuel rail pressure from 8 to 13 MPa; • four-mode operation: stratified, semi-stratified, lean, and stoichiometric; • part-load mode--late injection at the air-fuel ratio of up to 50; • high-load mode--early injection; • torque transition between stratified-charge and homogeneous-charge operations controlled by two-stage injection and an electronic throttle control system; • NOx reduction--electronically controlled EGR, NOx storage-reduction catalyst, and standard three-way catalyst; • NOx storage catalyst regeneration frequency: once ever 50 s during lean operation; • octane r e q u i r e m e n t s 9 1 RON; • p o w e r ~ 107 kW at 6000 rpm; • t o r q u e ~ 196 N m at 4400 rpm.



heavy-load operation. This process creates a weakly stratified mixture in order to achieve a smooth transition of torque from ultra-lean operation to either lean or stoichiometric operation. The Toyota D-4 GDI engine operates using four operating regimes having distinctively different mixture strategies and/or distributions. The first is stratified-charge operation using an air-fuel ratio range of 2550. The vehicle operates in this ultra-lean zone under steady light-load, for road-loads of up to 100 km/h. The second operating regime is a transitional, semi-stratified zone with



As illustrated in Fig. 62, a special two-stage injection process is used for the transition between light-load and



Fig. 109. Detailed SCV operating map of the Toyota GDI engine [21].
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the air-fuel ratio ranging from 20 to 30. Within this zone, fuel is injected twice within each engine cycle, once during the intake stroke and once during the compression stroke. The third operating regime utilizes injection during the intake stroke to operate the engine in the homogeneous combustion mode using a lean air-fuel ratio of 15-23. The fourth regime is denoted as the stoichiometric power zone, and is similar to the third, except that the air-fuel ratio range is from 12 to 15. The common-rail fuel pressure is adjusted by the control system from 8 to 13 MPa in order to optimize the injection rate for short fuel pulse widths. It is also reported that another low-pressure fuel injector is employed in an auxiliary throttle body in order to enhance cold startability. The Toyota D-4 GDI engine also incorporates an electronic-throttle-control system that was reported to reduce the harshness of torque transitions, thus improving the driveability. The VVT-i technology is used to maximize torque in the low to mid-speed ranges, and to maximize power at high speed. The VVT-i varies intake valve opening and closing by 20 °. At low engine loads the intake valves are opened earlier, increasing the overlap between the intake and exhaust valves. This results in internal EGR, which was reported to increase the total EGR ratio while requiring less EGR from the external system. As a result, the VVT-i system also contributes to NO,. emissions reduction. With the VVT-i system and an increase in the compression ratio to 10:1, about 10% more torque is obtained from the D-4 engine in the low to mid-rpm ranges than is obtainable with the conventional PFI engine. With the electrically controlled throttle valve, the manifold vacuum pressure at the throttle valve is halved from 67 kPa for a conventional PFI engine to 39 kPa at idle. At a steady 40 km/h speed, it is only 11 kPa, which is very close to a wide-open throttle manifold vacuum. The D-4 GDI engine, which is officially designated as the 3S-FSE, shares the basic dimensions of the conventional 3SFE, dual-overhead-camshaft, four valves per cylinder, inline, four-cylinder engine that was first installed in the Japanese Corona Premio compact sedan. Two small converters, each with 0.5 L volume, are situated immediately downstream from the exhaust manifold. These catalysts have the function of keeping the exhaust temperature high enough for efficient operation of the 1.3 L underfloor catalytic converter. A lean-NO, catalyst that is designed for NOx storage and cleaning is used with the D-4 engine. This catalyst contains rhodium for storage and release, and platinum for cleaning, both on an alumina bed, and stores NOx during periods of lean-burn operation. The stored NOx is converted at intervals of 50 s during lean operation by utilizing very brief periods of stoichiometric operation. These required cleaning periods are less than one second, and degrade fuel economy by an estimated 2%. It is claimed that the emission levels of oxides of nitrogen are reduced by as much as 95% on the Japanese test cycle. The fuel economy of the D-4 engine, when utilized with a four-speed automatic transmission, is
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Fig. l l0. The Nissan GDI combustion system [99]. reported to be about 30% better than that of the conventional PFI engine. For operation on the Japanese urban 10/15mode cycle, a fuel consumption of 17.4 kin/1 was achieved, as compared to 13 kin/1 for the conventional PFI engine. The vehicle acceleration was also reported to be improved by approximately 10%, reaching 100 km/h from a standstill in less than 10 s.



6.4. Nissan combustion system



The Nissan GDI engine, NEODi (Nissan Ecology Oriented performance and Direct Injection), is designed with a centrally mounted spark plug; and with the injector located underneath the intake port and between the two intake valves [23-27,66,99,100,138,191,192,210,262266,339,340,377]. The combustion chamber layout, engine and SCV control maps and system diagram are shown in Figs. 110-112. The engine can operate in both the stratifiedcharge mode and the homogeneous-charge mode, and a 30% reduction in cold-start UBHC emissions relative to the baseline PFI engine was reported. The engine could be operated with stable combustion using a mixture leaner than an airfuel ratio of 40, resulting in a 20% improvement in fuel economy when compared with a baseline PFI engine that operates with a stoichiometric mixture. The principal features of the Nissan prototype I4 GDI combustion system are summarized as follows: • four cylinders; • four-valve pentroof combustion chamber; • bore x stroke--82.5 x 86.0 mm;
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The major features of the Nissan 3L, V6 production GDI engine that is installed in the Nissan Leopard for the Japanese market are as follows"



• • • • • •
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(hi Fig. 111. The control map of the Nissan 1.8L Inline4 GDI engine and the detailed SCV operating map [191]. • • • • • •



• injector located between the intake valves and beneath the intake port, at an angle of 36 ° down from the horizontal plane; • common-rail fuel system and swirl injector operating at a design pressure of 10.0 MPa; • hollow-cone fuel spray with a cone angle of 70 ° and an SMD of 20 pom; • part-load m o d e ~ l a t e injection for stratified operation at an air-fuel ratio of up to 40:1; • high-load m o d e ~ e a r l y injection for homogeneous operation.



displacementm1838 cm 3" compression r a t i o m 10.5:1; centrally mounted spark plug; curved piston crown; conventional intake port design; reverse tumble obtained by masking the upper side of the intake valve;



• • • •



six cylinder V engine; displacementm2987 cm3; bore x s t r o k e - - 9 3 x 73.3 mm; compression r a t i o - - 11:1; shallow dish-in piston crown; injector mounted between the intake valves and beneath the intake port; fuel i n j e c t o r - - C A S T I N G NET injector with an inclined injector mounting; common-rail fuel system using a design fuel rail pressure from 7 to 9 MPa; intake port deactivation for generating variable in-cylinder swirl; two-stage camshafts; p o w e r - - 171.5 kW JIS at 6400 rpm; t o r q u e m 2 9 4 N m at 4000 rpm.



The piston crown incorporated a shallow dish that is designed to have minimum effect on the in-cylinder airflow field. This bowl design is intended to provide efficient combustion during homogeneous mode operation, as contrasted with piston crowns using deep bowls. However, Accel Work Unit
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some difficult is encountered in controlling the air-fuel mixture for an ultra-lean combustion. It is confirmed that the CASTING NET injector has the capability of uniformly distributing fuel within the shallow dish in the piston crown. The major features of the Nissan 1.8L, I4 production GDI engine are as follows: • • • • • • • • • • •



four cylinders; four-valve pentroof combustion chamber; displacement--1769 cm3; bore x stroke--80 x 88 mm; compression r a t i o ~ 10.5:1; shallow dish-in piston crown; injector mounted between the intake valves and beneath the intake port; fuel injector--CASTING NET injector; fuel injection pressure--0.3-7.0 MPa; intake port deactivation for generating variable in-cylinder swirl; engine used with CVT.
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6.5. Ford combustion system The prototype Ford GDI engine is designed to operate in the homogeneous, stoichiometric mode, and utlilizes a centrally located fuel injector and spark plug [40,48,69]. The schematic of the combustion chamber has been illustrated previously in Fig. 47. The intake ports of the four-valve, single-cylinder head were designed to yield the volumetric efficiency that would normally be expected with the smaller intake valve flow area. The main features of the Ford GDI combustion system are summarized as follows: • • • • • • •



• • •



•



• •



single cylinder engine; four-valve, DOHC, pentroof combustion chamber; bore x stroke--90.2 x 90.0 mm; displacement--575 cm3; exhaust/intake valve area ratiom0.77; compression ratiom 11.5:1; in-cylinder flow: no net swirl, but small tumble component; near-centrally mounted spark plug; vertical, near-centrally mounted injector; high-pressure swirl injector; fuel pressure--5.0 MPa; homogeneous, early injection mode only; octane requirement--91 RON.



Fuel consumption improvements of up to 5% at part load and 10% at idle with stoichiometric operation were reported for steady-state operation of the Ford GDI engine. Optimum lean operation at part load provided a fuel consumption improvement of up to 12% when compared to Ford baseline PFI engine, whereas emissions were found to be comparable. An observed increase in UBHC emissions was attributed to the increased compression ratio. NOx emissions were found Io be lower than those of the PFI engine, which was



ii



(b) Fig. 113. The Isuzu GDI combustion system [ 181 ]: (a) configuration of combustion chamber; and (b) effect of the injector location on engine emissions. attributed to the enhanced charge cooling and a higher residual gas content for the GDI engine. 6.6. Isuzu combustion system A single-cylinder pentroof four-valve SI engine was converted to operate as a direct-injection gasoline engine [ 181 ]. This prototype/research engine has the provision for either a centrally mounted or a side-mounted fuel injector. Fig. 113(a) shows the combustion chamber geometry and the injector locations. A comparison of the engine performance variation with injector location was made between the center mounting and the side mounting positions. Fig. 113(b) shows the effect of injector location on the engine performance and emissions at part load. The center-mounted location exhibits a level of exhaust emissions (UBHC and NOx) that is identical to that of the equivalent PFI engine when injection is completed by 60 ° ATDC on intake at an engine speed of 2000 rpm and an air-fuel ratio of 14.7. The side-mounting location exhibits an apparent increase in the UBHC emissions and fuel consumption as compared to the baseline PFI engine. This is considered to be the result of fuel impingement on the cylinder linear near the exhaust
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Fig. 114. The Mercedes-Benz GDI combustion system [193]. valve, with some of the fuel being absorbed in the oil film. For the center-mounting location the emissions and engine performance are quite similar to that of the PFI engine when the fuel is injected during the early portion of the intake stroke. Based upon this evaluation, the centrally mounted injector location was selected for the Isuzu V6 prototype GDI engine. Vehicle tests using this engine under coldstart condition were also conducted [182]. The principal features of the Isuzu GDI combustion system are summarized as follows: • • • • • • • • • • •



• • •



single cylinder and V6 engines; four-valve, DOHC, pentroof combustion chamber; bore × s t r o k e ~ 9 3 . 4 × 77.0 mm; displacementm528 cm 3 per cylinder; compression r a t i o ~ 1 0 . 7 : l ; near-centrally mounted spark plug; fiat piston crown; standard intake port: at a tumble ratio of 0.63 and a swirl ratio of 0.0; vertical, near-centrally mounted injector; high-pressure swirl injector to produce a spray with a cone angle of 40-60°; common-rail fuel system with a design rail pressure of 5 MPa; homogeneous, early injection mode only; intake valve o p e n i n g ~ 1 2 ° BTDC; intake valve closing--54 ° ABDC.



6. 7. Mercedes-Benz combustion system



The Mercedes-Benz GDI combustion system has a vertical, centrally mounted, fuel injector [ 193]. The schematic of the combustion chamber and the control map are illustrated in Fig. 114. Dynamometer tests of the Mercedes-Benz GDI combustion system for a range of injection pressures from 4 to 12MPa indicate that the fuel consumption, UBHC emissions and COV of IMEP are minimized at 8 MPa; however, the NOx emission level was found to be maximized there. The data reveal that the combustion duration is the shortest at a fuel injection pressure of 8 MPa and that



the corresponding 50% heat release point occurs before TDC on compression. In addition to the fuel economy improvement, engine-out NOx emissions are reduced by approximately 35% as compared to a conventional PFI engine; however, the engine-out UBHC emissions are significantly higher. For the load range of 0.2-0.5 MPa IMEP, the minimum ISFC is obtained at an engine speed of 2000 rpm. It was claimed that at lower or higher engine speeds, the fuel consumption increases as a result of degradation in the mixture homogeneity. The specifications of the Mercedes-Benz prototype GDI combustion system are summarized as follows: • single-cylinder, four-valve, pentroof engine; • major portion of combustion chamber is formed by a bowl in the piston; • bore × stroke : 89 × 86.6 mm; • stroke to bore ratio--0.973; • displacementm538.5 cm3; • compression ratiom 10.5:1; • intake valve inclination to deck~19.5°; • spark plug located between the intake valves and in the immediate vicinity of the injector tip; • axisymmetric-reentrant-bowl-in-piston centered on cylinder axis; • vertical, centrally mounted injector; • high-pressure common rail fuel system; • variable fuel pressure from 4 to 12 MPa; • cone spray with a geometric cone angle between 75 and 105°; • part-load m o d e ~ l a t e injection for stratified operation; • high-load m o d e ~ e a r l y injection for homogeneous operation. 6.8. Mazda combustion system



The combustion system layout of the Mazda prototype GDI engine [141] is shown in Fig. 115. The major features of the engine are: • four cylinder;
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• four-valve, DOHC pentroof combustion chamber with a smaller intake-side valve inclination angle; • displacement-- 1992 cm3; • bore x stroke--83 x 92 ram; • compression r a t i o - - 11:1; • independent intake port with shutter valve for swirl generation; • injector--intake side mounted, with an inclination angle of 36°; • fuel p r e s s u r e - - 7 MPa; • fuel injector static flow r a t e - - 1 7 cm3/s; • spray characteristics--hollow-cone spray with a cone angle of 60 ° and an SMD of 20 p~m. 6.9. Audi combustion system



The combustion chamber layout of the Audi 1.2L, threecylinder prototype GDI engine [267,268] is shown in Fig. 116. The main features of this GDI system are:



LJ



Fig. 116. The Audi GDI combustion system [268].



• centrally mounted fuel injector; • inclined spark plug in close proximity to the injector; • shallow bowl in piston crown; • in-cylinder air swirl utilized. This engine was designed for a hybrid-vehicle application.



• three cylinder, all-aluminum engine; • five valves (three intake valves and two exhaust valves), pentroof combustion chamber; • vertical straight intake port; • centrally mounted spark plug; • injector mounted between the intake valves and beneath the intake port; • fuel injection p r e s s u r e - - 10 MPa; • spherical compact piston bowl; • p o w e r - - 5 5 kW at 5500 rpm; • torque--115 N m at 3000 rpm. 6.10. Honda combustion system



A schematic of the Honda 1.0L prototype GDI engine [183] is shown in Fig. 117. The engine specifications are: three-cylinder engine; • 1.0 L total displacement; • four-valve pentroof combustion chamber; •



Fig. 117. The Honda GDI combustion system [183].
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single-fluid, high-pressure, swirl injector; • fuel injection pressurem7.0 MPa.



•



6.12. Fiat combustion system
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Fig. 118. The Subaru GDI combustion system [87]. A motor/generator is attached to the engine and serves as an additional source of power when accelerating. It is claimed that this configuration provides vehicle performance exceeding that provided by a 1.5 L conventional PFI engine.



6.11. Subaru combustion system



The Fiat prototype GDI engine was reported by Andriesse et al. [189,190]. The main features of the Fiat GDI combustion system are summarized as follows: • • • • • • •



inline four-cylinder engine; four-valve, DOHC pentroof combustion chamber; displacementm 1995 cm3; compression r a t i o w l 2 : l ; moderate tumble with port deactivation possible; centrally mounted fuel injector and spark plug; homogeneous mode only.



It was reported by Andriesse et al. [189] that the optimal start of injection (SO1) timing for volumetric efficiency may not be the same as that for the maximum torque due to the limited time for achieving charge homogenization. For the Fiat GDI combustion system, the maximum torque is obtained at an injection timing that is about 20-30 crank angle degrees earlier than that for the maximum volumetric efficiency. In comparing the homogeneous, stoichiometric combustion systems with centrally mounted and sidemounted injectors, it was pointed out by Andriesse et al. [ 190] that charge homogenization is optimum for the configuration having a centrally mounted injector, resulting in lower smoke emissions as well as a higher torque. Conversely, the configuration incorporating a side-mounted injector yields the best high-speed volumetric efficiency. Part-load results show a slight benefit in UBHC emissions for the centrally mounted injector configuration, even though the difference is small. It was concluded that the overall difference between these two injector positions is limited for a



A schematic of the combustion chamber layout for the Subaru research GDI engine [87] is illustrated in Fig. 118. A high-pressure swirl injector is located at the center of the chamber and the fuel is injected vertically into the cylinder. An inclined spark plug is located between the intake valves on the intake side of the engine. With this configuration, the fuel spray does not impinge onto the electrode of the spark plug. Four types of piston cavity as shown in the figure were tested both numerically and experimentally. The type 2 design was found to demonstrate the highest combustion efficiency. The main features are summarized as follows: • • • • • • • • •



single cylinder engine; four-valve, DOHC pentroof combustion chamber; displacementm554 cm3; bore × stroke : 97 × 75 mm; compression ratiom9.7:1; conventional straight tumble port at a tumble ratio of 0.7; curved piston crown; spark plug located between the intake valves; centrally mounted fuel injector;
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t__ Fig. 119. The Ricardo GDI combustion system [136,137].
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(b) Fig. 120. The AVL swirl-based GDI combustion system and the proposed GDI control map [144,219].



homogeneous, stoichiometric GDI operation. Therefore, it was recommended that the selection of the combustion system configuration should be made with significant weight attached to manufacturing issues. 0.13. R e n a u l t combustion system



The Renault production GDI engine for the European



market was reported by Scott [380] and Birch [381]. The main features of the Renault GDI combustion system are as follows" • • • •



inline four-cylinder engine" four-valve, DOHC pentroof combustion chamber; displacementm2000 cm 3" air motion-tumble;
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Ib) Fig. 121. The AVL direct mixture injection (DMI) concept [57]: (a) layout of the combustion chamber for direct mixture injection; and (b) mixture preparation strategies.



• vertical, near-centrally mounted injector; • near-centrally-mounted spark plug; • deep bowl in piston crown; • Siemens single-fluid, high-pressure, swirl injector; • common-rail fuel system using a design fuel rail pressure from 5 to 10 MPa; • EGR (up to 25%) is used whenever the engine load is between 0 and 50-60%; • homogeneous, stoichiometric operation only; • standard three-way catalyst; • power--103 kW at 5500 rpm; • maximum torquem200 Nm.



6.14. Ricardo combustion system Engineers at Ricardo [187] investigated the combustion and charge motion requirements of a GDI engine that is based on a strategy of early injection to achieve a homogeneous mixture. The project goal was to achieve improvements in the cold-start emissions and transient response of a GDI engine system that could utilize a three-way catalyst, and to document the performance parameters of a GDI engine for homogeneous, stoichiometric combustion. The resulting Ricardo GDI engine was found to produce UBHC levels that are nearly equivalent to those from the PFI baseline engine for part-load operation using a stoichiometric mixture. The NOx emission levels were also found to be identical, indicating a similar air-fuel ratio at the spark gap for these two engines. However, the Ricardo GDI engine exhibited an exceptional EGR tolerance when



compared with the baseline PFI engines. This was attributed to the increased turbulence intensity that results from the direct injection of fuel into the cylinder. The experimental results also confirmed that the GDI engine was clearly superior in engine transient response and cold-start UBHC emissions. The fuel economy for stoichiometric operation was found to be 6% better than for the comparable PFI engine. Jackson et al. [ 136,137,145,173] reported results obtained using a later version of the Ricardo GDI system that incorporates a top-entry port head in combination with a curved piston, as depicted in Fig. 119. This engine was designed to operate using both the early and late injection modes. In the stratified-charge operating mode, the minimum values of UBHC and COV of IMEP were obtained with a narrow cone fuel spray having a relatively low injection rate for such a top-entry configuration. It is important to note that the combustion characteristics were found to be more sensitive to the fuel injection rate than to the spray cone angle. For a given fuel rail pressure, the use of an injector with a reduced fuel injection rate generally yields a lower spray penetration rate. This, in turn, reduces the spray impingement on the piston crown and cylinder walls, which is a primary source of UBHC emissions. It was noted, however, that the injector flow capacity must accommodate with rated power operation, which requires an acceptable injection pulse width at maximum speed and load. From the engine speed-load map that is shown in Fig. 93, it may be seen that this GDI engine operates in the homogeneous-charge mode above 50% rate load. Above 70% load, the early injection mode, with either a stoichiometric or a slightly rich mixture, is used. Stratified-charge operation is thus restricted to the lower load and speed where fuel consumption is critical. The engine runs fully unthrottled from 70 to 20% of fullload, and with light throttling below 20% load to control UBHC emissions. The typical features of this research GDI engine are: • • • • • • • • • •



• • •



single cylinder engine; four-valve pentroof combustion chamber; bore x stroke--74 x 75.5 mm; displacement--325 cm3; compression r a t i o n l 2 . 7 : l ; centrally mounted spark plug; curved piston crown; hydra head with a top-entry port to generate reverse tumble; fuel injection pressure r a n g e - - 5 - 1 0 MPa; part-load mode: late injection for stratified operation; high-load mode: early injection for homogeneous operation; intake valve opening: 16 ° BTDC on intake; intake valve closing: 48 ° ABDC on intake.



6.15. A VL combustion system Engineers at AVL [57,82,97,142-144,219] developed a
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Fig. 122. The FEV flow-guided combustion system and the proposed GDI control map [269,270].



number of GDI combustion systems based upon swirl, tumble and a swirl/tumble combination. An example of their swirl-based GDI combustion system [144] and the proposed combustion control map [219] is shown in Fig. [20. GDI combustion systems generally exhibit a compromise between the requirement of a minimum mixture formation time and the maximum time interval between injection and combustion if stratification is to be maintained. A separation of these two opposing requirements is considered to provide the highest flexibility for a GDI system. Based upon this consideration, Fraidl et al. [57] proposed the direct-mixture-injection (DMI) concept. The objective of this injection strategy is to combine the advantages of air-assisted injection and pre-vaporization of the fuel, without the need for an external pressurized air supply. Fig. 121 (a) shows the schematic of the DMI system. The DMI valve incorporating a standard poppet-valve geometry with electrically controlled actuation provides for the injection of the mixture and the recharging of the pre-chamber. The DMI valve recovers the gas pressure required for



injection by withdrawing a small amount of the compressed charge from the cylinder in the preceding engine cycle. To avoid combustion in the pre-chamber, the DMI valve is closed at the time of the spark; however, the mixture can be injected into the main chamber at any time prior to ignition. After the DMI valve is closed, liquid fuel is injected into the pre-chamber and is vaporized in preparation for injection during the next engine cycle. The mixture preparation quality is substantially enhanced by the pre-vaporization of the fuel. The DMI system effectively decreases the engine crank angle interval that is required for fuel vaporization as compared to the conventional GDI injection. It is claimed that the processes of fuel metering and injection into the pre-chamber can be achieved by means of a constant displacement method using a low fuel pressure. The required fuel pressure exceeds the maximum pre-chamber pressure only slightly, as a high degree of fuel atomization is not required. Further claims include additional advantages regarding mixture stratification strategies, such as a reduced mixture penetration velocity that results from the comparably low pressure difference between the
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Fig. 123. The Orbital air-assisted GDI engine system [72]. pre-chamber and the combustion chamber, as well as from the low momentum associated with the fuel vapor as compared to fuel droplets. Several DMI-based mixture preparation strategies are illustrated in Fig. 121 (b). The DMI system was found to have some problem areas that will require further development. As the mixture is injected into the main chamber by the small pressure difference between the pre-chamber and the main chamber, all of the evaporated fuel may not be injected. This fuel metering error is commonly referred to as the fuel hang-up, and commonly occurs with injection from intermediate cavities. At high engine speeds or under cold-start conditions, the fuel inside the pre-chamber may not evaporate completely, and wall wetting is likely to occur. These conditions result in fuel metering errors. Moreover, during engine transients the pressure inside the pre-chamber, as sampled from the previous cycle may not be appropriate for metering the current cycle. This results in UBHC spikes during engine transient operation.



that the combustion characteristics are significantly influenced by the tumble ratio, which was optimized for a number of engine-operating conditions. It was determined that a simple two-stage, tumble system utilizing a simple control gate is adequate. A system providing a continuously variable tumble ratio is not required. The study showed that for a spray-guided combustion system, the heat release is quite high in the early stages of combustion, but is reduced significantly after half of the injected fuel mass is consumed. Similar combustion characteristics were also observed for the wall-guided system. The flow-guided system yields the higher combustion efficiency when compared with the spray-guided and wall-guided alternatives, and also exhibits the latest timing of the 50% mass
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6.16. F E V combustion system



The FEV charge-motion-controlled GDI concept was described in detail by Hupperich et al. [269] and Grigo et al. [270]. In this combustion system, a strong tumble flow is generated by means of a movable control gate. This tumble airflow field is, in turn, utilized to establish a stratified charge. Fig. 122 shows a schematic of this GDI concept and the corresponding engine control map. It was found
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(b) Fig. 125. Proposed packaging solutions of air-assisted GDI engines for both centrally and side-mounted injectors [73]. burn fraction. The major geometric features of the FEV GDI combustion system are summarized as follows: • four-valve pentroof combustion chamber;



• side-entry port; • side-mounted injector positioned beneath the intake port; • variable tumble flow; • shallow bowl in the piston crown.
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6.17. Orbital combustion system



The application of the air-assisted fuel system that has been developed for two-stroke engines to automotive fourstroke GDI engines has been reported by Houston et al. [72] and Krebs et al. [73]. It was reported that the inherent qualities of the air-assisted fuel system in combination with careful design of the combustion chamber could enable high charge stratification with late injection timings and very stable combustion over a wide range of operating conditions. The schematic of the Orbital GDI system using an air-assisted fuel injection system is illustrated in Fig. 123 [72]. Figs. 124 and 125 illustrate the examples of a proposed control map for the air-assisted GDI as well as the possible packaging solutions for centrally mounted and side-mounted fuel injectors [73]. The main features of the Orbital GDI combustion system are summarized as follows: • • • • • • •



four-cylinder, 1.8 1 DOHC engine; bore x strokem80.6 x 88 mm; displacement--1796 cm3; compression ratio--10.4:l; low tumble and zero swirl for the in-cylinder flow field; combined spark plug and injector, near-centrally mounted; air-assisted fuel system with a fuel pressure of 0.72 MPa and air pressure of 0.65 MPa.



7. Conclusion



The key areas of the theoretical potential and the current research and development status of the spark-ignition, fourstroke, direct-gasoline-injection engine have been discussed in detail in each of the sections of this treatise. It is quite evident from the technical literature worldwide that significant incremental gains in engine performance and emission parameters are indeed indicated and, to some degree, have been achieved. Specific technical issues related to BSFC, UBHC, NOz, particulate matter and fuel sprays in GDI combustion systems have been addressed and discussed, which has clearly accentuated the numerous practical considerations that will have to be addressed if the GDI engine is to realize its full potential and become a major future automotive powerplant. These key considerations are: • Can a sufficient enhancement in operating BSFC be achieved in a stratified-charge GDI to offset the increased system complexity as compared to a PFI engine? • Can the applicable US, European and Japanese emission standards that are applicable in the 2000-2012 time frame be achieved and maintained for the required durability intervals? • Can a production-feasible compromise be obtained between the required system complexity and overall system reliability, considering that the required GDI hardware may incorporate multi-stage injection, variable



swirl-and-tumble control hardware and variable fuel pressure? • Can injector fouling due to deposit formation be minimized for the wide range of fuel quality and composition in the field such that reasonable service intervals can be achieved? • Can control-system strategies and algorithms be developed and implemented such that sufficiently smooth transitions from stratified-charge, late-injection operation to mid-range to homogeneous-charge, early-injection operation may be obtained, thus yielding driveability levels that are comparable to current sequential PFI systems? In determining which GDI system configuration delivers the most advantages, much work remains to be done. The field experiences of the production Mitsubishi, Toyota, Nissan and Renault GDI systems are being accumulated, and will be analyzed and discussed by engineers in the GDI field. The delivered emission indices and brake specific fuel consumption are being critically evaluated for each mode of the operating map, and are being compared to those obtained with other GDI configurations and strategies. In addition, the relative merits of spray-wall and spray-flow control strategies using both tumble and swirl are being determined. This will permit a more knowledgeable evaluation of the relative merits of each system. Even when the merits of each of these production and prototype GDI engines are fairly well established, much research and development will still be required for system optimization in order to develop production configurations. For very nearly the same reasons that port fuel injection gradually replaced the carburetor and the throttle-body injector, and that sequential PFI gradually displaced simultaneous-fire PFI, a GDI combustion configuration that is an enhancement of one of the systems discussed in this treatise will emerge as the GDI system of choice, and will gradually displace the sequential PFI applications.
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